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ABSTRACT

INVESTIGATION OF LIQUID COOLING ON M9506A HIGH DENSITY KEYSIGHT AXIE

CHASSIS

Forced convection air-cooled heat sinks are the dominant cooling method used in the
electronics industry, accounting for 86% of high-density cooling in data centers. However, the
continual performance increases of electronics equipment are pushing these air-cooled methods to
their limit. Fundamental limitations such as acoustics, cooling power consumption, and heat
transfer coefficient are being reached while processor power consumption is steadily rising. In this
study, a 4U, 5-slot, high density computing box is studied to determine the maximum heat
dissipation in its form factor while operating at an ambient air temperature of 50°C. Two liquid
cooling technologies were analyzed in this effort and compared against current state-of-the-art air-
cooled systems. A new configuration proposed using return jet impingement with dielectric fluid
FC72 directly on the integrated circuit die shows up to a 44% reduction in thermal resistance as
compared to current microchannel liquid cooled systems, 0.08 K W', vs 0.144 K W-!, respectively.
In addition, at high ambient temperatures (~45°C), the radiator of the liquid cooled system
accounts for two thirds of the thermal resistance from ambient to junction temperature, indicating
that a larger heat exchanger outside the current form factor could increase performance further.
The efficiency of the chips was modeled with efficiency predictions based on their junction
temperature. On a system level, the model showed that by keeping the chassis at 25°C ambient,
the overall power consumption was significantly lower by S00W. Furthermore, the failure rate was

accounted for when the chip junction temperature was beyond 75°C. FC72 jet impingement on the

i



die showed the best performance to meet the system cooling requirements and kept the chips below
75°C for the highest ambient temperatures but consumed the most pumping power of all of the
fluids and configurations investigated. The configuration with microchannels bypassing TIM 2
showed near the same performance as jet impingement with water on the lid and reduced the
junction temperature difference by 5°C when compared to baseline. When the fluid was switched
from water to a water glycol 50/50 mixture, an additional thermal resistance of 0.010 K W' was
recorded at the heat sink level and a higher mass flow rate was required for the GC50/50 heat

exchanger to achieve its minimum thermal resistance.
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CHAPTER 1. Introduction

1.1. Motivation for Research

As the world continues to grow digitally, the strain on electronic equipment continues to
increase. For instance, each Google search consumes enough power to run a 60W light bulb for 17
seconds [1], and there are 3.5 billion google searches every day [2]. Moore’s law has enabled this
growth in the internet by doubling the number of transistors every two years on the IC (integrated
circuit); but has stalled for power dissipation, clock frequency, and heat flux (Figure 1-1) [3,4].
Since 1985, there was a power law relationship between the TDP (thermal design power) and clock
speed, relating to the years, until about 2004 when the 100W, and 3.0 GHz limit, were reached.
Beyond this point, thermal dissipation powers and the clock speeds have stalled. Comparing a
2004 Pentium processor to a 2020 EPYC processor, the transistor size has shrunk from 90 nm to
7 nm, and the clock speed has lowered from 3.8 GHz to 3.3 GHz. The total number of transistors
has remarkably increased from 125M to 41.6B, and the available surface area on the die has

increased (112 mm? vs 1008 mm?). The Pentium 4 processor thermal dissipation power clocked in
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Figure 1-1 a) Microprocessor power dissipation vs year b) Clock speed vs year [4,5]



at 89W but the new 2020 EPYC is 220W. This increase in heat load has partially been
accommodated by increasing the die size but also has pushed air heat sinks to grow vertically,
inhibiting densely packed printed circuit boards. Since 2004, to continue doubling transistors, the
number of cores on a microprocessor has been increasing. Typical single-core, two-thread
processors of 2004 such as the Pentium 4 extreme edition [5] can be compared to a modern AMD
7H12 64 core, 128-hyperthreaded processor of today. These smaller, higher density transistors are
more efficient thus allowing Moore’s law to continue [3]. Transistors have increased 333x but
clock speed is actually lower as they utilize more parallel processing and spread the work out over
64 cores. TDP has less than tripled because it is so hard cool a 3000W chip that small. Heat fluxes
have had to decrease to accommodate higher heat loads from 79.4 W cm™ down to 21.8 W cm™.
Chip manufactures have been able to maintain the transistor trend without blowing through the
roof on TDP because of advancements in fabrication methods allowing us to make smaller
transistors. But as we now are at 7nm with plans for Snm and 3nm, pretty soon, the atomic scale
will be reached and reducing
transistor size won’t be an option
anymore. As a result, other

techniques, such as liquid
: . ot @og
cooling, must be employed in et

o
] P

e

order to combat the growing

thermal load.
2006 2009 2012 2014 2017 2020

Figure 1-2 shows the past

& Server CPU & Server GPU

15 years of server CPUs (central Figure 1-2, Thermal design power time in server CPUs and

processing units) and GPUs GPUs [3]



(graphic processing units) vs TDP. This trend has significantly slowed down compared to the
1980s to early 2000s that was shown in Figure 1-1 a). As these chips reach higher TDPs of 200W
for CPUs, companies are switching towards liquid cooling solutions to handle higher density racks.
The biggest challenge from the increasing TDP has been increased IC failures (approximately 50%
of failures) [6,7]. The requirement to dissipate large heat fluxes and maintain low operating die or
junction temperatures is critical for the longevity of the product and makes having a reliable
cooling system extremely important [8]. These failures become particularly costly in various
computationally intensive applications, which now includes manufacturing, Al, 10T, and test and
measurement. In continuously operating manufacturing environments, component failures can
result in significant losses in revenue. For this reason, thermal management is one of the top
priorities when engineers are designing new products.

Significant research has focused on cooling techniques for high performance ICs such as
microchannel cooling. Microchannel cooling solutions typically use higher thermal conductivity
materials (e.g. silicon, aluminum, and copper) and have high heat transfer areas and coefficients.
Another high heat flux cooling method that potentially enables a high heat transfer coefficients is
return jet impingement but prior approaches are limited because they use high thermal conductivity
materials. Return jet impingement conversely benefits from the material having a low thermal
conductivity. One of the most common low thermal conductivity materials are plastics. Plastics
are cheap and lightweight compared to silicon and copper. Additive manufacturing processes like
DLP (Digital Light Projector) and SLA (Stereolithography Apparatus) are common methods for
manufacturing return jet impingement systems cheaply out of different types of plastics.
Temperature limits for Intel chips are typically either 75°C or 85°C [9] but are increasing towards

100°C [10]. Beyond these temperatures, the failure rate exponentially increases. Operating



electronics at higher temperatures can degrade their life as well. Return jet impingement also does
not require area enhancement like microchannels. This allows for the potential to change the

packaging configuration and explore other cooling methods.
1.2. Research Objectives

One prominent electronics chassis of the past 20 years has been the Keysight PXIe. The
PXIe chassis was first invented in the 1990s as a modular form factor chassis, but as computing
power has increased, the thermal energy removal capability has been limited by the airpath of the
PXIe. Figure 1-3a shows a picture of a 2020 18-slot Keysight PXIe chassis and its flow path in

black. The flow path is not ideal because the air is ducted through large, empty volumes which

v'8 Fan tray
s

Figure 1-3 a) Keysight PXIe chassis (M9018B) b) Keysight AXIe chassis (M9506A)



reduce computational density and there are many turns. The inlet air is sucked through the bottom
of the chassis and up to cool the cards, then turns 90 degrees to move to the rear of the chassis
where it is pulled out the back. Newer installations have used the next generation AXIe chassis
shown in Figure 1-3b [11]. The AXIe chassis has a much better flow path and has less duct volume,
utilizing more space for heat sinks, however, the fundamental limitations of air cooling are still
being reached. When inadequate cooling is provided to 1 slot, relative to the particular board, in
either chassis, the metal heat sinks are forced to grow their area vertically, expanding into multiple
slots. This misaligns with the goal of densely packed printed circuit boards and thus requires other
solutions.

It is clear that if computational power is to continue increasing, better cooling methods
need to be established. The main objective of this effort is to investigate alternate cooling methods
that will maximize the connector limit of a Keysight AXIe chassis. Currently, the Keysight AXle
chassis can supply 300 W/slot of cooling but has a maximum connector limit of 625 W/slot. The
connector limit is based off the circuit the power is coming from. This is typically the standard
120V 30A outlet resulting in a maximum power draw of 3.6 kW. The chassis will be designed at
3.125 kW with a 475W clearance for other electronics on the circuit. The cooling methods
investigated for this research will be microchannel cooling and return jet impingement cooling.
These two liquid cooling methods will be modeled, and the results will be compared to determine
which solution provides the most cooling capacity, energy efficiency, and the least convection
thermal resistance. Based off the required flow characteristics, a pump will be sized and selected
to investigate integration feasibility on the M9506A AXIe chassis. To summarize, this work will:

» Design a 3.125 kW liquid cooling system for the M9506A Keysight AXIE chassis



» Determine the best cooling configuration by looking at the benefits of removing a
layer of TIM (Thermal interface material)

Outline the benefits of keeping the chips cooler

Optimize the energy efficiency of the system

Determine the equivalent acoustic limit the system would produce using air cooling

Y VWV VYV V¥V

Size a pump that will fit into the system

1.3. Thesis Organization

This paper includes five additional chapters that detail the design of a high-performance
electronic cooling system. Chapter two reviews literature on cooling methods for electronic
systems on the micro and macro scales. Chapter three thoroughly describes the system architecture
and assumptions for modeling both cooling systems. Chapter four presents a detailed discussion
on the system results and performance of each component. The two cooling systems are compared
based on their cooling capacity and feasibility of installation. Chapter five discusses the
conclusions and recommendations. Finally, Appendix A provides simulation data confirming the
junction to case thermal resistance and Appendix B provides sample calculations for the thermal
resistance calculation of the electronic package, leakage current, heat exchanger modeling and the

pump that will be required.



CHAPTER 2. Literature Review

Miniaturization of high performance electronics is driving the market need for cost
effective cooling solutions that are able to dissipate large heat fluxes [12]. To increase the
computational performance of ICs, the number of transistors on such devices have more than
doubled every two years and clock speeds have increased. This has resulted in an increasing TDP
which needs to be rejected as heat. Significant research has been aimed at advanced and innovative
methods for addressing this through microchannel cooling, jet impingement, hybrid microchannel
jet impingement, and spray cooling among other techniques. This study will investigate channel
dimensions used in literature and channel dimensions used in commercial applications to
determine a realistic geometry for a scalable design for both microchannel and return jet
impingement cooling. This chapter presents a review on cooling technologies focused for ICs.
First, a description of ICs construction will be provided with detailed physics of the TIM followed
by typical air-cooling methods from the literature and their performance. Then, liquid cooling
studies for cooling similar packages will be reviewed. Finally, literature on the physics and
relevant correlations of jet impingement heat transfer will be discussed. At the end of the chapter

the research needs will be discussed based off the gaps in literature.
2.1. Integrated Circuit Description

In this section, an overview of the electronics package will be discussed. Primarily, the
importance of the TIM (thermal interface material), the efficiency of the IC as it changes at various
temperatures and the medium time to failure of ICs. The TIM is used to enhance the overall thermal
conduction by reducing contact resistance. Figure 2-1 shows a typical electronics package for an

air-cooled IC. The primary thermal path of heat rejection occurs through the finned heat sink and
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Figure 2-1 Typical heat sink thermal pathway

some of the heat is rejected out of the bottom through the PCB (secondary thermal pathway).
Neglecting contact resistances, the thermal resistance in the primary thermal pathway is
conduction through the die, TIM 1, the IHS (integrated heat spreader), TIM 2, the finned heat sink
and finally the heat is rejected to the air via convection. TIM 1 is typically a higher thermal
conductivity TIM that the IC manufacture provides, and TIM 2 is a lower thermal conductivity
TIM but typically has less thermal resistance due to its increased surface area. Depending on the
TIM, air voids can arise between the TIM and the die causing localized areas of high thermal
resistance (hotspots). Without a TIM, these air voids can cause up to 99% of the interfacial layer
to be blocked [13]. In addition to using TIM, a certain amount of pressure is required to be applied
to reduce the contact resistance further from the TIM. Any substance or material that fills the gap
between the two contacting surfaces that has a thermal conductivity higher than that of air will
decrease the contact resistance and should be used. TIM 1 and the lid are generally required to
improve the reliability of the device by the IC manufacture to ensure there are not air voids between

the die and the TIM.



As IC sizes scale to smaller dimensions, they become more efficient, using less power per
switch; this is shown by the TDP not doubling when the total number of transistors do. The actual
efficiency profile of the IC changes with junction temperature which is governed by its leakage
current. The leakage current is an inefficiency of the IC and scales exponentially with junction
temperature (7j). As the transistor sizes decrease, the leakage current rises [14]. At 100 nm, it was
20% but expected to be 30-40% with smaller sizes. Without confronting this problem in the early
2000s, it could have accounted for 70% of the cache power at 70 nm. In Kim et al. [15] the cache
on a microprocessor was investigated. In the study, it was determined that the cache consumed a
majority of the power and it produced very high leakage rates on standby. Methods were used to
reduce the leakage by 63%. This was done by identifying hotspots and putting global masks on
them, predicting transitions by transitioning the cache line to the normal mode and tracking access
moves by letting it periodically be in sleep mode. Wei [16] investigated a Ultra SPARC64 V max
processor at the 90 nm manufacturing level. When the processor was operating at a power of 65W,
25W (38%) was lost due to leakage. When it was operating at maximum power of 120W, there
was 65W (54%) leakage. In Krishnan et al. [17], when the chip temperature was lowered from
100°C to 70°C, the leakage power was reduced by 50%. At the lower manufacturing levels 45-nm
to 28-nm, it was predicted that the leakage would amount for 40-50% of the total dissipation power
[18].

Very high portions of power consumption can be accounted for by leakage at high
temperatures. Figure 2-2 shows an example of leakage power of an IC at 100 nm with 0.7 V supply
voltage [6]. The leakage power is based off multiple factors such as the input voltage and transistor
size. If this voltage is too high or too low for a particular sized microprocessor, this leakage current

will increase [19]. When the chip temperatures reach higher temperatures, further uncontrollable



temperature increases, or thermal runaway, can occur [19]. Thermal runaway is caused by the

leakage current.
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Figure 2-2 Leakage power consumption vs chip temperature [7]

The 2004 Pentium 4 processor which had a thermal dissipation power of 89W and the new
2020 EPYC processor at 220W have a much different thermal resistance profile (from figure 2-1).
For example, the die resistance would be 1/9™ for the modern processor compared to the generation
of 2004 (1008 mm? vs 112 mm?), assuming the same thickness and thermal conductivity.
Similarly, the area of TIM 1 will be roughly 9x larger, decreasing the resistance of that to 1/9™,
assuming the same properties. The larger area also decreases the spreading thermal resistance of

the integrated heat spreader and the heat sink. These characteristics make the total heatsink thermal
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resistance of the 2020 EYPC processor much lower than that of a 2004 generation, irrelevant of
increased TIM thermal conductivity. This lower thermal resistance can accommodate higher
power for the same temperature difference however, heat sinks still have had to grow vertically to
accommodate today’s heat loads, increasing Afn, inhibiting densely packed PCBs (printed circuit
boards). To accommodate the rises in heat loads of recent years, the packaging design has been
optimized by increasing areas, reducing length scales, and changing materials to increase thermal
conductivities. Extensive research has been accomplished focusing on increasing thermal
conductivity of TIM’s and will be reviewed as followed.

Chung [20] reviewed thermal fluids, pastes, solder and PCM’s for use as TIMs. PCM’s
offered a high potential but further research was needed to investigate the contact resistance
associated with them. Potential risks of PCM’s include thermal instabilities and supercooling
(cooling below the solidification point). Properties of good PCM’s for TIMs are a melting
temperature (Tm) slightly above room temperature, large heat of fusion, low viscosity, small or
negative supercooling, good thermal cycling stability, and high thermal conductivity. Similarly,
for thermal pastes, low viscosity and high thermal conductivity are desirable. Solder generally has
a low melting temperature (Tm) and allows it to easily flow to create a thin sheet of good contact.
In addition, solder tends to react with copper and form intermetallic compounds that further
reduces thermal contact resistance. Of the three, solders showed highest thermal conductance.
Solder’s main disadvantage is that the manufacturing is more complex and requires heat to bond.
Also, once attached, solder is difficult to rebond if it needs to be removed and re attached. This
can be accomplished by reflow heating in an oven. Solders are also more rigid which could be
problematic if unallowable thermal stresses arise as a result of a mismatched thermal expansion

coefficient with silicon.
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Figure 2-3 highlights the importance of TIM and contact pressure. A TIM without
sufficient contact pressure is not an ideal TIM and looks like the TIM in Figure 2-2a. Figure 2-2b,
and Figure 2-2c, show two surfaces without TIM, and with an ideal TIM, respectively. Real world
TIMs are somewhere in between the non-ideal and ideal TIMs, as they are not perfect, but more
pressure can shift this towards more ideal TIMs. The amount that the TIM can fill in the gaps
depends on the material and on the pressure applied. Gwinn et al. [13] reviewed start-of-the art
TIMs and split up conduction, and contact resistances to determine the means of heat transport.
This was investigated by studying the optimal TIM for two high thermally conductive solids. There
are two strategies for minimizing the contact resistance, the first being the use of TIM. Ensuring a
high thermal conductivity TIM that can adapt to the imperfect surface features of the mating

Comtact Fressure: J.P. Gwinn, R.L. Webb / Microelectronics Journal 34 (2003) 215-222
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Figure 2-3 Thermal interface material graphics a) Actual TIM in electronic packages b) No
TIM in between two surfaces ¢) Ideal TIM in between two surfaces [26]

surfaces is crucial. The second is increasing the area in contact. This can be done by two methods.
The first method for increasing contact area is applying sufficient contact pressure to flatten
microroughness peaks on the material surface. The second for increasing contact area, without
TIM, is smoothing the surface and minimizing roughness. Increasing pressure and smoothing the

surface cannot be easily accomplished due limited allowable pressure on the PCB (printed circuit
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board), and cost constraints. If these techniques are not employed, air voids can form as previously
discussed.

Gwinn et al. [13] gave an example of the allowable pressure to be used on ICs. A copper
plate and a copper lid are to be linked thermally as a CPU package and a heat sink. The CPU to be
used is an Intel P4 processor. On the lid, there are a combination of surface roughness and surface
non-flatness. The maximum pressure that can be applied for the 423-pin package is 25 Ibf. This
clip force results in 16.8 psi on the 961 mm? integrated heat spreader [21]. The reference heat sink
clip commercial used only applies 5-16 psi [22]. Figure 2-4 shows thermal resistance of two

different types of TIMs for varying thickness [23]. As the thickness increases so does the thermal

resistance in a linear manner. This Rty = ot R, relationship is defined where L is the TIM
TIMAs
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Figure 2-4 Thermal resistance relationship between TIM and contacting surfaces [31]

thickness and R is the contact resistance of surface 1 and 2. The slope here is a constant and
inversely proportional to the thermal conductivity and area [24]. Certain materials can have better

contact resistance but worse performance because their thickness is too great and thermal
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conductivity isn’t very high. Thus, for any material, the minimum thickness achievable from that
material should be used.

Sim et al. [25] studied the effects of filling silicone rubber with thermally conductive, but
electrically insulating, Al,O3 or ZnO fillers. Thermal gravimetry analysis (TGA) showed that
filling silicone rubber with these materials increased thermal stability and thermal conductivity
while decreasing the coefficient of thermal expansion (CTE). Using a filler loading of 10% by
volume, thermal conductivity could be almost doubled from 0.145 W m™ K to 0.26 W m™! K!.
This isn’t very high as graphite pads can have thermal conductivities of 30 W m™' K™! but shows
potential for modifying the coefficient of thermal expansions for metal TIMs. This is important
because one primary physical attribute of TIM 1 is that the thermal expansion coefficient needs to
closely match that of silicon to account for temperature changes without causing damage to the
package.

Wei [16] studied high performance liquid metal TIMs to be used as TIM 1 in electronic
packaging. These liquid metals need a thermal expansion coefficient near that of silicon to account
for shrinkage/expansion at different operating temperatures. In his study, TIM 1 and TIM 2’s
dimensions were 18 x 18 x 0.2 mm and 40 x 40 x 0.06 mm respectively, with 48 W m™! K-! and
5.5 W m! K'! thermal conductivities respectively. Thermal resistances of 0.013 K W' and 0.0068
K W can be calculated without including contact resistance. Liquid metal TIMs such as In-10Ag
(90% Indium and 10% silver) have been shown to have thermal conductivities up to 70 W m™' K-
1'126]. In Koide et al. [26], In-10Ag with thickness of 0.2 mm achieved a thermal resistance of
0.0383 K W-!. The contact resistance accounted for 77% for this liquid metal. The properties of

In-10Ag required operating temperatures of 160-260°C to operate in the liquid phase; as this is

above the temperature of the CPU, the liquid metal can stay in the solid phase during operation.
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TIM 1 generally has higher thermal conductivity than TIM 2. TIM 1 needs a thermal
expansion coefficient like that of silicon. Liquid metals pose the highest performance opportunity
due to having low bulk thermal resistance and low thermal interface resistance. The risk of liquid
metal leakage has been solved, but ultimately it comes down to cost for implementation. In high
performance cases, CPU lids can be soldered directly to the cold plate to bypass TIM 2 [16]. Intel’s
eight generation processors that came out in 2017, codename Coffee Lake, solved these barriers
and soldered the integrated heat spreader to the die to avoid thermal problems [27]. This can also
allow higher ambient temperatures for the same performance, increase cooling efficiency, and
accommodate increased TDP (thermal design power). A critical development in TIM technology
for ICs.

Hanson et al. [28] extensively reviewed the recent advancements in thermal interface
materials. The best materials for thermal interface resistances are liquid metals corresponding to
around 2-5 mm? K W-!. Graphene-based TIMs 100 pm thick were 10-20 mm? K W-!. Graphite
pads commonly used commercially are 52 mm? K W' although most thermal pads contact
resistance is in the range 100-300 mm? K W-!. This can always be reduced by adding contact
pressure. In Kempers et al. [29] the effective thermal conductivity of the graphite pad studied was
2 W m! K at 15-29 psi. The properties of graphite pads can also be changed as well, such as to
optimize it for a particular surface roughness and hardness. In Zhao et al. [30] a solder ratio of 1
was used on a graphite pad with Ag-Sn solder. The thermal conductivity in the vertical direction
was 10 W m™! K'! and horizontal 1000 W m™ K''. The thermal resistance for a 150 pum sheet was
0.035 cm? K W' at 30 psi. Graphite thermal conductivity reports up to 3000 W m™' K™! but this is
along the graphite sheet plane and not in the direction of heat transfer [31]. This is because there

are strong covalent bonds within the layers but weak van der Vaal’s bonds connecting the layers
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[32]. Faltstrom [32] extensively studied graphite pads and sheets for thermal interface materials.
It was determined that the maximum thermal conductivity was 8 W m™! K™ at 3 MPa. As only 15
psi of clipping force is available, the thermal resistance relationship by Kempers et al will be used.
The following summarizes the ideal TIM characteristics [13]:

High thermal conductivity

Easily deformed by small contact pressure to fill potential voids

Minimal thickness

Does not leak

Performance will not degrade with lifetime

Non-toxic

Manufacturing friendly (minimal complexity and user-friendly application)
Cost

PN R

2.1.1. Medium Time to Failure

There is a limited number of correlations relating electronic failure rates to junction
temperatures, but a few have been developed and will be named here. Black [33] developed a well-
known correlation relating the MTF (median time to failure) for individual transistors of

semiconductors in hours, which has the exponential form:

MTF = . _exp| L2 2-1)
AJ K,T

where A is a constant that contains a factor involving the cross-sectional area, J is the current
density (per cm?), Ea is the activation energy (eV) which is approximately 0.68 eV for typical
silicon, K3 is the Boltzmann constant (eV/K) and 7 is the absolute temperature (Kelvin) [33]. The

U.S. Department of Defense also developed a correlation for the failure rate as is expressed below

[34]:

/ip = A6 ﬂBPﬂ-Eﬂ-Qﬂ-F’T + Agos (2-2)
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where Agp depends on the part type, mypg depends on the manufacturing process, mr is the
temperature factor, m¢cp is the die complexity factor which is a function of feature size and chip
area, Agp is the package base failure rate, g is environment factor, 7 is the quality factor, mpy is
the package type and Agqg is electrical overstress failure rate. This correlation was mentioned in
Murshed and Castro [35] where they depict the failure rate exponentially rising beyond 75°C. The
m.q for this correlation was developed for a range of chip areas and feature sizes. Figure 2-5 plots
the failure rate for different chip areas at 800 nm feature size where the orange line represents die
size 0.70 < A< 1.0 cm?, grey is 1.0 < 4 < 2.0 cm?, gold is 2.0 < As < 3.0 cm?, and red is the failure

rate at 75°C. This correlation is highly dependent upon the chip surface area and feature size. The
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Figure 2-5 Median time to failure vs junction temperature

line in green shows if one were to extrapolate the die size of 2.0 < 4s < 3.0 cm? down to 100 nm
feature size as currently feature sizes have shrunk to 7 nm. By doing this the failure rate would be
2.5/10% hrs at a 40°C junction temperature. This is clearly not the case as the IC would be failing

when junction and ambient temperatures are equal although higher transistor densities could be
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undergoing more stress and thermal management issues. The error of the correlation could be due
to that when the correlation was developed it wasn’t made to go down to the feature sizes that are
currently possible today and doesn’t account for transistor efficiency innovations. It is widely
believed that the failure rate exponentially increases beyond 1 when the temperature passes beyond
75°C. Cengel’s Heat Transfer textbook [36] notes that a rule of thumb is that the failure rate can
be halved for each 10°C reduction of junction temperature. For this reason, when modeling the
failure rates for the integrated circuits, the blue line will be used which is the same failure rate data

that was published in Murshed and Castro [35].

2.2. Review of Technology Research

A vast majority of air and single-phase liquid cooling systems used in power electronics
can be categorized into two overall cycles illustrated in Figure 2-6a, and Figure 2-6b, respectively.

Performance of these systems in literature will be reviewed in subsequent sub sections and a table
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Figure 2-6 Flow diagram a) air cooled electronics b) liquid cooled electronics
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will be provided at the end of each to summarize. In Figure 2-6a, fans are used to blow air through
the fins of the heat sink creating a velocity gradient along the wall. In order to increase this velocity
gradient, and fix maldistribution, an air duct can be used to force airflow over the heat sink and
increase flow resistance where the heat sink is not. This velocity gradient is directly proportional
to the Nusselt number, and effectively, the heat transfer coefficient. Having a high wall velocity is
key but it has fundamental limits due to the maximum pressure that fans can provide. Due to the
mechanical nature of fans, the maximum pressure ratio for this type of machine ranges from 1.01-
1.10 [37]. In Figure 2-6b, liquid is pumped into the cold plate where the fluid absorbs the chips
heat. This heat then is transferred along with the cooling fluid into the heat exchanger where it is
rejected to the ambient from the fans and then the cycle repeats.

2.2.1. Air cooling

Air cooling is the most common form of cooling ICs. In commercial settings, air cooling
accounts for 86% of data centers highest density rack (n=431) [38] and is categorized into heat

sink with or without a heat pipe. Depending on the application, a duct in between the fans and the

| Base

Figure 2-7 Standard metal heat sink.
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heat sink can be added to increase air flow and velocity gradients at the heat sink. The most basic
form of air cooling is a heat sink shown in Figure 2-7. Here, a metal heatsink with fins is used to
dissipate heat. Heat is conducted from the source through the base and spreads laterally and
vertically up the fins. Air flows in-between the fins and picks up the heat which is removed and
transferred out of the building via a facility HVAC system. The number of fins is optimized based
on the heat transfer area and the flow rate of air over the fins. As the number of fins per inch is
increased, the flow resistance of the air increases which causes an increased pressure drop. At a
certain limit of pressure drop, the power required to drive the air through the fins will outweigh
the benefits from the increase in heat transfer area. Numerical modeling is used with fan curves to
determine an optimal number of fins/inch for a heat sink geometry. Research in air cooling
technology is primarily focused on unprecedented structures that are difficult or impossible to
create in regular manufacturing methods. Recent innovations in additive manufacturing have
opened potential for scalability of these products.

Copeland [39] performed an analytical study to determine the optimum geometry for a 1U
(rack slot height) server with forced convection over parallel plate fin heat sinks. It was shown that
low fin pitch and high thickness resulted in the lowest thermal resistance, but a high pressure drop
that was unreasonable for fans to provide. Next, they set the thermal resistance constant, calculated
the air velocity, and determined that a medium fin pitch and reduced fin thickness minimized
pressure drop. A modification of this geometry was studied in CFD by Freegah et al. [40] where
these plate fin heatsinks had a fillet profile. Addition of these fillets resulted in superior
performance compared to conventional by enhancing surface area and heat transfer coefficient.

The best fillet profile was corrugated half-round pins and symmetric half round pins resulting in
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25.1% and 29% reduction in thermal resistance respectively, with a 34.5% increase in heat transfer
coefficient.

Plate fin heat sinks are commonly manufactured by bonding, folding, modified die-casting,
forging, skiving and machining [41]. Folding, modified die casting and skiving can reach fin
thicknesses as low as 200-300 microns. These manufacturing methods limit the possible
manufacturable geometries especially depending on the scalability of the desired heat sink.
Modular additive manufacturing could innovate new solutions further reducing costs of making
custom metal heat sinks.

Al-damook and Alkasmoul [42] studied the thermal resistances of five different compact
(plate-pin) air cooled heat sink configurations and compared them to conventional regular plate
fins. These pin fin heat sinks had circular, square, elliptic, drop form and NACA 0050 turbulators
in between conventional rectangular extruded fins. These heat sinks showed lower thermal
resistance compared to conventional. Utilizing NACA airfoils as turbulators showed the best
performance for thermal resistance and pressure drop. The splitter plate pin-fin heat sink showed
the best thermal resistance at the cost of the highest pressure drop. This is an alternative method
to expand the cooling envelope of air heat sinks; however, higher cost and increased manufacturing
complexity is associated.

The second air-cooling method is one with an embedded heat pipe. Heat pipes are a highly
efficient transportation mechanism for spreading heat from the package to the heat sink because it
reduces spreading resistance compared to conduction of high thermal conductivity materials such
as aluminum and copper. The heat pipe has a two-phase vapor-liquid mixture inside that flows
back and forth from the condenser to the evaporator as shown in Figure 2-8 [43]. A wick is located

inside to transport the fluid via capillary action and does not require a pump. Heat pipes allow
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localized heat sources to be spread with extremely high effective thermal conductivities >100,000
W m™ K [44]. Another benefit to heat pipes is that the fluid is isolated in a closed system,

minimizing spill risk and eliminating moving components which increases reliability.
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Figure 2-8 Cross-section of heat pipe wick structure

Chang et al. [45] studied the performance improvement of two U shaped embedded heat
pipes for electronics cooling. First, the heat pipes were investigated for their best point of
efficiency which was 25W. At this point, the fluid flow in the heat pipe achieved the lowest thermal
resistance. Beyond this point, the heat pipe thermal resistance increased as the temperature and
pressure rose, causing increased vapor at the condenser inlet which decreases performance. The
maximum heat allowed by these heat pipes was S5W. Beyond this point, the heat pipe burned out
as the outside temperature reached 100°C. When the two heat pipes were embedded in the heat
sink, the conduction resistance decreased from 0.15 K W'to 0.10 K W-!. In this investigation, the
heat pipes transported 33-37% of the total TDP, where the rest was transported by conduction
through the aluminum heat sink. The total thermal resistance of the heat sink was at its minimum

of 0.27 K W' at 140W load in the 1U form factor.
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Xie et al. [46] performed experimental investigations on a newly designed heat pipe-heat
sink with a modified condenser and wick structure. Results determined that the heat sink could
effectively transfer 420W at a thermal resistance of only 0.118 K W-!. The flow rate and pressure
drop were 71 m*h'!, and 30 Pa, respectively. At 200W, the heat sink thermal resistance was 0.13
K W-! and at 160W was approximately 0.16 K W',

Wang et al. [47] studied the energy saving potential by adding embedded heat pipes to
metal heat sinks. They determined that a 50% reduction in energy can be made by using a flat plate
heat pipe heat sink compared to a plate fin heat sink with no heat pipes and 65% can be saved by
5 embedded heat pipes. This energy savings was due to the thermal resistance of the heat pipe heat
sink being less than conventional heat sink thus, allowing higher inlet temperatures or reduced fan
power to achieve the same required cooling affect. In another study by Boukhanouf et al. [43], the
spreading resistance was reduced from 0.0278 K W' to 0.0007 K W! by using a flat plate heat
pipe vs copper plate fined heat sink. Flat plate heat pipes present a significant decrease in spreading
resistance however, there is an increased cost by adding these, of which is greater than embedded
heat pipes.

In any case, the air-cooling envelope is hitting fundamental limits. The minimum thermal
resistance for a 1U heat sink is approximately 0.16 K W', and the height dimensions in this study
are smaller than that. Another challenge is that the air temperature profile may be non-uniform,
depending on the thermal load and distribution in the rack. This temperature non-uniformity can
be significant as the air absorbs heat from high powered chips. An example can be seen in Figure
2-9 where 20 sCFM is used on each chip to cool an array of 140W chips, the air heats up by 12°C
before reaching the next chip, thus reducing cooling performance. This increase can be significant

as 50°C inlet air can quickly heat up to 62-74°C. In order to avoid large temperature differences
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between front and rear chips, a large
heat spreader is normally attached to
both chips which reduces the
temperature difference in the flow
direction at the chip level. This problem
is not as evident or severe with liquid
cooling because fluids such as water
have three orders of magnitude higher
density and four times the heat capacity
compared to air. This higher thermal
mass fluid can absorb more heat for the
same temperature difference (i.e. 1
LPM for the same conditions will only

rise 2°C).

Figure 2-9 Example chip array temperature
distributions

Further cooling capabilities with air can be reached by increasing fan speed, heat transfer

coefficient, surface area, junction temperature (T;), or reducing spreading resistance and thermal

resistance of the TIMs [42]. All of these are already at their limits though. The fan speed cannot

be increased because there are already acoustic limits being reached and increased fan speed will

exacerbate this. Furthermore, increase of fan speed also comes at the cost of reduced reliability of

the fan and increased power consumption [42]. Increasing surface area is limited due to the space

constraints of the application and reducing spreading resistance is already being incorporated by

means of heat pipes. The cooling performance for convection heat transfer is based off Newton’s

Law of Cooling:
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Ounps = htc- A AT (2-3)
where htc is the heat transfer coefficient, 4; is the surface area and AT is the temperature difference
between the average fluid temperature and the surface temperature. The inlet fluid temperature
rises however for higher powered chips because it is the average inlet temperature minus the
surface temperature, making the same heat transfer and surface area perform worse by resulting in
high junction temperatures. There are two ways to increase the heat rejected, O, without changing
the inlet fluid temperature: increase surface area or increase heat transfer coefficient.
Microchannels employ both of these techniques. Increasing the heat transfer coefficient generally
requires increased velocity gradients, smaller hydraulic diameters or increasing turbulence. This
is dependent on the fluid delivery device and the manufacturing capabilities. Similarly, the ability
to increase surface area is limited. In a confined space, the only option is to increase the fins per
inch but benefits are dependent on the fluid delivery devise. With air, this means higher flow rate
fans. However, if the product is to operate in an office environment, it needs to meet office
environment acoustic regulations.

2.2.2. Microchannel Cooling

Microchannel cooling is the most common form of liquid cooling for integrated circuits
because it can generate high heat fluxes. In one study, by Mudawar and Bowers [48], a heat flux
of 27,600 W cm™ was reported, however, the pressure drop of 153.4 bar (2225 psi) was also
extremely high and would require unreasonable pumping power. These results demonstrate that,
similar to air cooling, a balance between heat transfer coefficient and pressure drop is critical in
microchannel cooling applications. Countless research examinations and case studies have been
performed to describe the performance of microchannel cooling on high heat flux devices. Key

results on the optimal dimensions to minimize the microchannel thermal resistance will be
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reviewed along with the die and package dimensions to aim the die sizes of this study. Lastly,
liquid cooling system level designs with microchannels will be reviewed.

A microchannel cooling device was first investigated in a seminal 1981 paper by
Tuckerman and Pease [49]. In their experiment, a heat flux of 790 W cm™ was rejected at a thermal
resistance 0.09 K W-!. At the time, this presented a 40-fold improvement in heat flux dissipation
of an integrated circuit. This was accomplished with 50 um wide channels, 50 um thick walls, and
300 um deep channels. It was concluded that the heat transfer coefficient scales inversely to
channel width and that minimizing channel width will minimize thermal resistance.

Zhang et al. [50] performed experimental tests on a single-phase microchannel heat sink
for two die sizes: 12 mm x 12 mm and 10 mm x 10 mm. The cold plate base finned dimensions
were 15 mm x 12.2 mm, closely covering the die package area of each separate die studied. The
channel width and depth were 210 um and 2 mm, respectively. The TIM used was an Aavid Sil-
free 1020 thermal grease with thermal conductivity of 0.79 W m™! K'!. These resulted in thermal
resistances ranging from 0.32-0.44 K W-! for the large die and 0.44-0.59 K W' for smaller die.
This 25-30% difference in thermal resistance is attributed to the increase spreader resistance of the
smaller package as larger dice are significantly easier to cool. In both cases, these thermal
resistances are relatively high due to the small package sizes and poor thermal interface material
which have since significantly increased making it easier to cool higher TDPs. Modern FPGA die
packages can be 25 mm x 25 mm, greater than 4x improvement in surface area from the previous
study.

Hung et al. [51] numerically studied the effect of increasing outlet channel width and height
of a porous microchannel heat sink. They determined that by increasing the outlet channel width,

the thermal resistance and pressure drop decreased, however, the pressure drop was still greater
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than non-porous microchannel heat sinks. They concluded that it was unclear if the performance
increased by adding a porous material because the overall performance also depends on whether
the fluid delivery device can overcome the additional pressure drop.

Ramakrishnan et al. [52], performed experimental simulations with a microchannel cold
plate directly mounted onto a mock chip in the form of a two-die package. Here, the cold plate was
attached in a new proposed configuration by removing TIM 2 and using one TIM between the dice
(two die) and the cold plate. The die packages being cooled were a 90W FPGA (field-programable
gate array) and a 210W Intel SKX (Skylake) with total footprint 26.49 cm?. The study determined
that by removing a layer of thermal resistance in the conduction path, higher allowable coolant
temperatures were available for the same junction temperature. In a data center, this allows the
possibility for only an economizer to be used with ambient temperatures and significantly reduces
the chiller power consumption by raising the ambient temperature in data centers or raising coolant

temperature. Dissimilar to the vapor compression cooling cycle, an economizer replaces the

Heat exchanger

Data center room

Figure 2-10 Schematic of an economizer loop

compressor and expansion valve with a pump and refrigerant with fluids like water or glycol. The
cycle for this can be seen in Figure 2-10 where heat is rejected to the ambient and cooling can be
brought back from the outside when ambient temperatures are low enough. The lowest thermal
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resistance of 0.0367 K W-! was obtained at a flow rate and pressure drop of 1 Ipm and 5.51 kPa,
respectively. The TIM in these experiments was a thermal grease, HT-C3200, with thermal
conductivity of 6.0 W m™'-K™!. Comparisons were made to a compressible graphite sheet TIM with
thermal conductivity 7.8 W m™'-K"!. A further improvement in performance was made by the new
novel graphite TIM.

In further investigation by Ramakrishnan et al. [53], a single die package was cooled in the
same configuration by removing TIM 2, and using one TIM in between the die and the cold plate.
The effective heat transfer area of this chip was 6.45 cm? and a heat flux of 31 W cm™? was
dissipated at a maximum power of 200W. The minimum thermal resistance of the cold plate was
achieved at 0.03 K W! at a flow rate and pressure drop of 0.75 Ipm and 4.21 kPa, respectively.
The pressure drop lowered to 2.76 kPa when the operating temperature increased to 45°C,
increasing the COP (coefficient of performance) as calculated by dividing the heat removed by the
work to remove that heat. The pumping power decreased due to the decreased dynamic viscosity
at elevated temperatures. The TIM used was a silicone-free super thermal grease from Shin Etsu
[54]. The thermal conductivity was 6 W m™! K'! and thermal resistance measured to be 0.0519 K
W', An OTS (off the shelf) cold plate was used with fin thickness of 100.6 pum, channel width of
154.3 pm, and fin height of 2.02 mm.

Wei et al. [55] performed experimental and numerical simulations to determine the effect
of stacked microchannel heat sinks for microelectronics applications. They determined that
parallel flow had the lowest thermal resistance while counter flow had the best temperature
uniformity. The worst thermal resistance of 0.09 K W-! was in the counter flow configuration while
the parallel flow configuration achieved 0.05 K W-'. These low thermal resistances were

accomplished by small channel dimensions of approximately 50 um manufactured via DRIE (deep
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reactive ion etching) in silicon. This solution is not currently a scalable cost-effective design even
though it produced the lowest thermal resistance of the microchannels studied.

Chainer et al. [56] investigated a microchannel configuration with embedded
microchannels in the 20 mm x 20 mm silicon die with a two-phase dielectric. The newly proposed
configuration with embedded cooling on the die consisted of 20 channels that expanded radially,
with a pin fin array 80 pm diameter with 200 um pitch. The two-phase dielectric attained a thermal
resistance of 0.038 K W' at roughly 300 kPa of pressure drop.

Fusiara et al. [57] performed analysis for Xilinx and designed a cooling system for a
densely packed array of 12 printed circuit board assemblies (PCBA), containing an FPGA and
various other heat loads resulting in a height density of 777.2 W U"!. The liquid cooling system
housed a 12-slot Gemini LRU with 200W boards, of which 121W was consumed by the FPGA.

Shown in Figure 2-11, this system is very similar to the system being designed and resembles the
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Figure 2-11 12-Slot Gemini LRU
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form factor of the PXIe chassis. The cold plates investigated were rectangular pin fins, meandering
channels and straight fins. Meandering mini-channels had the lowest thermal resistance for the
same pressure drop. Die temperature was maintained at 60°C with 33°C inlet resulting in a thermal
resistance of 0.27 K W-!. This high thermal resistance comes from the mini-channel thickness
being set to 2 mm due to manufacturing and cost limitations. This relatively high channel thickness
was selected due to scalability and manufacturing capabilities. The estimated cost of these cold
plates at 288 units was roughly 300 euros each. If a higher allowable cost was tolerable, smaller
channel dimensions could be used to further decrease the thermal resistance of this microchannel
cold plate.

Lucchese et al. [58] performed analysis on a 1.5U Facebook Open Compute Windmill V2
server with direct liquid cooling to determine the potential for waste heat recovery. While
maintaining the junction temperature within safe operating limits, they investigated the lowest
flow rates to maximize outlet temperature. At a flow rate of 1.9 g s!, the water outlet temperature
rose from 30°C to 60°C. The waste heat availability from the OTS microchannels was increased
from two sources: a) the reduction of thermal resistance between junction and fluid, and b)
decreased mass flow rate due to more efficient cooling. David et al. [59] investigated a chiller-less
data center of warm water cooled IBM System X volume servers with a height density of 345 W
U-!, where liquid microchannel cooling was implemented. The lowest ambient to fluid temperature
recorded here was 18.5 °C. Kadhim et al. [60] analyzed a rack of thirty 1U Sun Fire V20z with
direct-to-chip liquid cooling and two coolant pumping configurations. They found that by locating
the pump in a central location resulted in the lowest mal distributions.

One of the above microchannel designs had a minimum thermal resistance of 0.03 K W!

however, as this approaches zero, the minimum attainable thermal resistance will be that of the
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conduction resistance through the package. In order to reach maximum cooling, embedded
microchannels have been investigated as well. Jung et al. [61] performed experiential simulations
on an embedded silicon microchannel cold plate with 25 parallel channels with fin thickness of 50
um, channel width of 150 um and fin height of 75 pm. The results showed a thermal resistance of
0.68 K W' at 0.1 Ipm due to the small area selected. Anjali et al [62] investigated embedded
microchannels in 3D stacking with fin thickness of 100 pum, channel width of 100 um and fin
height of 200 um. The results showed a thermal resistance of 0.36 K W at 13.79 kPa of pressure
drop.

The above microchannel literature review shows that the key parameters from
microchannel heat exchangers include the lowest attainable channel thicknesses while maintaining

large fin heights, of which both are dependent on the manufacturing method used. These articles

Table 2-1 Microchannel literature review summary

Name Working | AP q" Rinep | Dn Fin Chw | Fhiegnt | L
Fluid (kPa) | (W [ (KW | (um) | (um) | (um) | (um) | (mm)
cm™ | 1)
%)

Tuckerman Water 213.7 | 790 | 0.09 85.8 |50 50 302 N/A
and Pease [49]
Zhang et al. Water 10.0 |85 0.05 380 200 210 2000 15
[50]
Ramakrishnan | Water 5.5 31 0.037 | N/A 150 200 <3500 | 72
et al. [52]
Ramakrishnan | Water 4.2 31 0.030 | 298.1 | 100.6 | 154.3 | 2020 | 31.5
et al. [53]
Fusiara et al. Water 50.0 | N/A | N/A 3652 | 2000 | 2000 | 10500 | N/A
[57]
Wei et al. [55] | Water N/A |71 0.05 106.1 | 94 56 500 10
Jung et al. [61] | Water 248 250 |0.68 100 50 150 75 5
Lucchese et al. | Water N/A | 3.76 | N/A 490 N/A | N/A | N/A 30
[58]
Chauhan et al | Water 13.8 | 4.74 | 0.36 133 100 100 200 12.5
[62]
Chainer et al R1234 300 75 0.038 | N/A | N/A | N/A 150 N/A
[56] ze
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have been summarized in Table 2-1. Some of the literature reviewed is aimed towards future
manufacturing capabilities and is not scalable for the modern consumer. In Chapter 3, OTF (off
the shelf) microchannel heat exchanger dimensions will be reviewed and compared with
dimensions studied in this literature review. Also, in this review, die sizes were studied and have
increased since the early 2000s (based on the reference years), making larger TDPs easier to cool.
Common package sizes for FPGAs have been determined to be around 25 x 25 mm. Furthermore,
innovations in TIM technology have decreased the magnitude of thermal resistance that the TIM
accounts for resulting in further inherent decreases in the overall thermal resistance. The one study
of a custom designed cold plate for a Gemini LRU showed the barriers of cost and microchannel
dimensions when the economy of scale is not present. The literature reviewed here will be used as
a benchmark for the designed cold plate in this study.

2.2.3. Jetimpingement

Jet impingement cooling is a promising technology due to its high heat and mass transfer
rates which are achieved by forcing fluid through nozzles at high speed onto a surface as shown
by the velocity contours in Figure 2-12
[63]. When the jets impinge on the

surface, the fluid boundary layer is

decreased, and extremely high heat

transfer coefficients are achieved. The

(a) Computed velocity contours.
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biggest challenge which has limited jet

impingement adoption has been the heat

transfer losses which occur from jet

interference. In this section, the physics of ~ Figure 2-12 Velocity contours of impinging jet on
surface [63]
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impinging jets will be discussed followed by jet-jet interference studies and return jet impingement
models to solve this issue.

Geometrical characteristics that effect the heat transfer of the impinging jet are D; (jet
diameter), H/Dje: (nondimensionalized jet height), and S/D; (nondimensionalized jet spacing). The
effect of these parameters will be discussed in detail in subsequent sections along with the micro
scale physics of the jet. Figure 2-13 shows the velocity contours for the four main regions of jet
impingement: initial free jet, decaying jet, the stagnation point and the wall jet [64]. If the nozzle
is within a Dj of 2, the free jet region may not exist because the stagnation region of high pressure
is too close to the initial free jet. If the jet is too far from the impingement surface however, a
decaying region forms. This decaying region forms at a length 4-8 jet diameters from the nozzle.
The following region, defined as the location where the dynamic pressure is 95% of the original
value, is called the stagnation region. Figure 2-13 and 2-14 show how the velocity profile changes
as it approaches this decaying region. Initially, the velocity distribution is long and narrow, and

the jet velocity is at a maximum. As the jet transitions, a high lateral velocity gradient is developed
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Figure 2-13 Flow regions of impinging jet [64]
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Figure 2-14 Flow field of free submerged jet along flow path of jet [64]

through viscous diffusion of momentum. As the jet traverses axially, a Gaussian velocity profile
develops and the maximum velocity decreases, but the overall mass flow increases as it picks up
surrounding fluid. When the fluid hits the stagnation region, the momentum shifts laterally, and
the no slip condition makes the shear stress on the surface very high and greatly effects the heat
transport. The stagnation region extends approximately 1.2 Dj from the surface for round jets [65].
Numerically, this can be characterized by uv < 0, where this represents the mean velocity
downward and laterally being less than zero, with bounds within 13% of nozzle height H. In
Maurel and Solliec studies, this did not vary with Re or H/D [66].

After leaving the stagnation region, the fluid traverses laterally as a wall jet. The wall jet
is a minimum thickness 0.75-3 D; from the centerline of the jet axis. The boundary layer thickness
is no more than 1% of the jet diameter [65]. Since the thermal boundary layer is directly
proportional to the fluid boundary layer the heat transfer is very high for small jet diameters. The
wall jet has two shear layers. One is caused by the velocity gradient at the no slip condition between
the wall and the fluid, and the other is the velocity gradient between the stagnant fluid defined by

5% of the wall jet’s maximum speed. Similarly, to the decaying region, as the wall jet traverses
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laterally, the mass flow rate increases due to the velocity gradient triggered by the stagnant fluid.
The axial location of maximum velocity moves vertically from the impingement surface as it
traverses laterally because the wall jet transfers stagnation pressure to dynamic pressure. Due to
this shift, the maximum velocity can increase as it moves laterally but eventually will decelerate.

Different styles other than circular jets are possible. Nuntadusit et al. [67] studied heat
transfer performance of elongated and circular jets for 6x4 array with no returns. A diameter of
13.2 mm, constant area of 136.8 mm? and Re=13,400 were studied. Non staggered elongated jets
with an aspect ratio of 4 performed the best. At a Reynolds number of 13400, the Nusselt number
was 6% and 12.5% higher than circular diameters for non-staggered and staggered respectively jet
arrangements. The author mentioned that this is likely due to the decrease in crossflow
interference. Nuntadusit et al. [68] later studied the heat transfer performance of jets with a swirl
pattern for 3x3 array with no returns. The diameter studied was 16.5 mm at Re=20,000. They
determined that for /D= 2, 4, 6, 8, the heat transfer was 19.6%, 7.3%, 12.8% and 10.2% higher
respectively, for multiple swirl impinging jets than conventional. This was accounted for by the
additional fluid mixing around the impingement area.

Inefficiencies can be caused by the jet when the velocity is too high. One example by Kim
et al. [69] studied extreme cases of jet velocities at Reynolds numbers up to 500,000. Supersonic
jet speeds with air up to Mach 1.8 were characterized. Recirculation bubbles can form at these jet
velocities which degrades heat transfer performance. Figure 2-15 shows an example of these
recirculation bubbles forming in the stagnation region. This inefficiency needs to be considered
when designing systems with high Reynolds/Mach numbers.

After a jet strikes the surface and transitions to lateral movement, the heat transfer

coefficient decreases dramatically, so an array of jets is often used to cool a heat source. However,

35



nozzle

recirculation
in stagnation
bubble

shocks

Figure 2-15 Supersonic jet flow pattern

the exhausting fluid tends to interfere with other jets striking the surface and decreases the heat
transfer coefficient. The first jet impingement array with interspersed fluid extraction was
fabricated in 1994 by Huber and Viskanta [70]. They attempted to quantify the amount of jet-jet
interaction for air Reynolds numbers between 3500 to 24000 and built a 3x3 array of jets starting
with the geometry shown in Figure 2-16a-b. Nondimensional height and spacings of H/D = 1, 6,
and S/D =4, 6, 8, respectively, were tested and it was concluded that while H/D =1 and SD =4
obtained the highest Nusselt number, it also required the highest mass flow rate per unit area. The
mass flow rate was four times greater than H/D = 1 and S/D = 8. Furthermore, they found that in
architecture a, with the same Reynolds number, the surrounding jets” Nusselt number was 14-21%
less at the stagnation point compared to a single jet with no interference. This proved that there is
significant jet-jet interaction that degrades heat transfer performance with arrays of jets with no
return ports. While this was a breakthrough in 1994, the manufacturing capabilities to build an
array of jets with returns were not yet obtained. Hence, studies of arrays of jets without returns
continued for years.

Fechter et al. [71] also studied the effects of cross-flow interference for jet vanes through

numerical and experimental simulations. He found that the numerical simulation (Ansys CFX
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Figure 2-16 a) Jet impingement without returns b) Jet impingement with returns [70]

12.1) significantly over predicted the Nusselt number at stagnation zone for turbulent flows
(Re=10,000-40,000). Also, that jet-jet interference was greater at lower H/D values due to the
channel cross-sectional area being lower. Robinson et al. [72] attempted to reduce the cross flow

effects by utilizing a staggered 10 x 11 array with no returns. This was printed out of metal and
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had a hybrid microchannel design to avoid crossflow effects. Jet diameters were 30 pm and COPs
were as high as 100+ at flow rates below 0.45 lpm for a ¢” = 1000 W cm? with AT = 35°C.

The next return jet impingement array was not developed until 2006 by Brunschwiler et al.
[73]. The return jet impingement architecture with a branching manifold structure is shown in
Figure 2-17a-d. Features were etched in silicon with Dj = 30-126 pm and 45,000 jets. Silicon
however is conductive material and caused the return jets to act as heat exchangers which degrade
performance via preheating the inlet fluid before it becomes a jet. Nevertheless, a measured
junction to fluid thermal resistance of 0.17 cm? K W' was obtained at a flow rate and pressure
drop of 2.5 Ipm and 35.2 kPa, respectively. Results showed uniform heat transfer was achieved on

the macro level due to injection and extraction ports being repeating cells even though the Nusselt
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Figure 2-17 Return jet impingement manifolding a) Capillary cell architecture with bf = 3 b)
Cross section through layered chip ¢) 3D view of one inlet and one outlet tree d) Top view of
capillary cell architecture [73]
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number rapidly degrades laterally from the stagnation region. Thus, uniform heat transfer can be
attained by utilizing a heat spreader.

Onstad et al. [74] developed the next type of array with extraction ports. Rather than four
extraction ports showed in the above configurations, six extraction ports surrounded the jet inlet
nozzle. On the three geometries tested, it was determined that the smaller extraction area to
injection jet area obtained higher Nusselt number on average by 9%. The authors noted this was
likely due to the extraction ports having velocities two times greater when area was halved. These
results conflicted with the results from Rhee et al. [75] where the opposite trend was shown.

Rattner [76] performed computational simulations on a jet array with fluid extraction ports.
The geometry modeled was a repeating unit cell of jets with fluid extraction ports shown in Figure
2-18 where fluid jets onto the surface and returns up the adjacent extraction port. Since there are
no crossflow effects, just one-unit cell needs to be modeled to determine the performance of the
whole array. Over 1000 randomized scenarios of Re: 20-500, Pr: 1-100, §/D=1.8-7.1 and H/D: =
0.1-4.0 were simulated to develop a correlation relating these parameters. The author then used jet
impingement with edge removal, and microchannel heat transfer correlations to compare four
cooling geometries on a 5 x 5 mm cooling surface. Microchannel’s of 200 um and 100 um

sidewalls were compared with jet diameters of 200 pm '"jec,t,i;:

Extraction
Port

against interspersed fluid extraction holes 200 pm and
edge removal thicknesses of 100 and 200 um. The results
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Figure 2-18 Repeating return
jet arrays with edge removal 100, and 200 um, resulting ~ Impingement unit cell
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in 65°C, and 69°C, respectively. Microchannel cooling resulted in the highest temperature of
100°C likely due to the small flow rate and fin surface area causing the heat transfer to plateau for
laminar flow.

Hobby et al. [77] performed experimental simulations and tested the accuracy of a number
of heat transfer correlations found in literature for the return jet impingement geometry. A low
cost 8x8 array with extraction ports was developed and made from a 3D printed photopolymer.
Key geometry characteristics used were Dj=300 pm, H/D=2.5 and S/D=8. Reynolds numbers
tested were 300-1500 with water as the working fluid. At a Reynolds number of 1500, a thermal
resistance of 0.08 K W' was obtained. Hubber and Viskanta [70], and Rattner’s[76] correlations
were close (within 10%) but began to diverge and over predict around Re = 1000 and predicted
values were 25% higher. The correlation developed by Hoberg et al. [78] was not very accurate
for this geometry, potentially due to maldistributions from their manifold system used. In further
work by Hobby et al. [79], computational and experimental simulations were performed for Pr =
7, Rej =300-1500, SD = 8, and HD = 2.5. The simulation results followed good agreement up to
Re = 1000, but then over-predicted the Nusselt number for higher Reynolds numbers. This
overprediction from simulation results could be because of neglecting viscous dissipation effects
and/or the laminar to turbulent transition region for a jet at Re=1000-3000 [80].

Wei et al. [81] performed experimental and numerical simulations on a high spatial
resolution and programable test chip. A single jet cooler with a 2000 um jet diameter and six
extraction ports of 2000 pum diameter was studied. Good agreement was found between
experimental and numerical data showing the center and edge jet thermal resistance to be 0.55,
and 1.65 K W', vs 0.41, and 1.70, respectively. A 4x4 jet array with a diameter of 500 pm and a

5x5 return configuration (also 500 um) was also studied. The 4x4 array had better heat transfer
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performance due to smaller jet diameters, but both showed high efficiency for cooling hot spots
with cheap 3D printed plastic. Wei et al. [82] then studied pressure drop through the device to
determine the required pumping power. It was determined that the inlet/outlet accounted for 21%
and 57% of the total pressure drop and that improving manifolding is more important than
optimizing jet level.

Han et al. [83] studied a silicon based return jet-slot impingement array under experimental
and computational simulations as shown in Figure 2-19. The die and lid size of the chip under
investigation were 6.25 cm? and 25.0 cm?, respectively. The maximum heat flux was 24 W cm™ at
a temperature difference of 15°C. The dimensions of the cooler are 150 um inlet channel width,
100 um outlet channel width, 250 pm slot height, 400 um fin thickness drainage trench width of
120 um and 550 um length [84]. The TIM properties were left out. The results of the study were

an overall thermal resistance of 0.0667 K W' at 1 Ipm.
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Figure 2-19 Return jet-slot impingement array
To further increase heat transfer from the heat source, surface enhancements are possible
as well for return jet impingement cooling. El-Sheikh and Garimella [85] showed that a 3.2-3.8x

increase in effectiveness can be made by incorporating pin fins into the surface for a single air jet.

Ndao et al. [86] studied heat transfer enhancements of circular, square, hydrofoil and elliptical pin
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fins with single phase R134a as the impinging fluid for a single jet. They found that circular and
square pin fins performed the best and that the larger diameter pin fins had higher heat transfer
coefficients due to smaller flow area and thus higher velocity gradients. Along with these higher
velocity gradients comes increased pressure drop. Based on the same pressure drop, the exact
effects were not determined as the manifolding needs to be considered as well.

A summary of jet impingement literature is shown in Table 2-2. These jet impingement
studies cover advancements in jet impingement over the years but limited general correlations for
jet impingement with interspersed fluid extraction ports remain. Hydraulic diameters ranged from
40 um up to 13,200 um with jet arrays ranging from single jet studies to arrays greater than 40,000.
Studies found smaller jet diameters correlate to higher heat transfer coefficients and that the
optimal jet spacing varied by the jet height. Studies suggest the optimal nondimensional jet spacing

(SD) is in the range (4-8) and lower nondimensional jet heights (HD) will provide the best

Table 2-2 Jet impingement literature review summary

Name Working | Array | Returns | Reynolds | AP | q" Rin Dn

Fluid size number (psi) | (W (K (mm)
cm?) | W)

Huber and Air 3x3 | Yes/No | 3,500- N/A | N/A |0.876 | 6.35

Viskanta [70] 24,000

Nuntadusit et | Air 6x4 | No 13,400 N/A |N/A | N/A |13.20

al. [67]

Fechteretal. | Air 5x1 No 10,000- N/A | N/A | N/A | N/A

[71] 40,000

Robinson et Water 10 x No 860-4,300 | 23 1000 | 0.258 | 0.030

al. [72] 11

Brunschwiler | Water 150x | Yes 5-900 5.1 370 | 0.043 | 0.030-

et al. [73] 150 0.126

Onstad etal. | Air 6x6 | Yes 500- N/A | 1.33 | 0.018 | 8.46,

[74] 10,000 2.82

Rattner [76] Pr=1- 10 x Yes 20-500 1.0 |5 0.42 10.200
200 10

Hobby et al. Water 8x8 | Yes 300-1,500 | 3.77 |41 0.066 | 0.300

[79]

Wei et al. Water 4x4 | Yes 340-1,000 | 5.80 | 78.1 |0.25 |0.500

[81]
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performance in the range (1-3) but at the cost of increasing pressure drop. The fluid studied most
was either water or air. Research highlights include Rattner [76] performing 1000 randomized
computational simulations over a large range of fluids, and geometries, developing a non-geometry
specific correlation. Bandhauer et al. [77] performed experimental studies and tested correlations
in literature with a novel 3D printed return jet impingement device overcoming the jet-jet

interference faced many years prior.
2.3. Research Needs for Integrated Circuit Cooling

The primary goal for an integrated circuit cooling solution is to limit the temperature of the
junction. Beyond temperatures of 75°C, the medium time to failure for the IC exponentially
increases for previous generations of processors. The literature reviewed air, microchannel and jet
impingement for electronics cooling. Air cooling has had to expand into multiple slots to cool
increasing heat loads, inhibiting densely packed PCBs. With the continuation of rising TDP,
expanding into another slot will not be an option. Thus, there is a need for alternative solutions.
The gaps for the liquid cooling studies can be summarized (Figure 2-20):

» Up to 90% of the total thermal resistance is accounted for by the junction to case and TIM

2 thermal resistance in liquid cooling studies. Investigation of different electronics

packaging configurations has been limited but those that remove TIM 2 show an

improvement in reducing the total thermal resistance. One study is by Ramakrishnan et al.

[53] where Rriv,1 = 0.052 K W' and the Reoid plate 0.03 K W', However, there have been

no studies that investigate jet impingement cooling with all TIM layers removed and

comparing this approach with microchannel.
» Several studies have considered waste heat potential at higher junction temperature but do

not account for the added power consumption through increased leakage current rates.
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Figure 2-20 Literature review gaps summary

There is a need to quantify the increased power consumption at high junction temperatures
when evaluating different cooling strategies at elevated temperatures, including in a high
temperature ambient.

» Return jet impingement studies have been primarily limited to developing correlations for
jet impingement heat transfer without jet-jet interference. There is a need to evaluate the
performance of return jet impingement at a system level for electronics cooling
applications.

» The system level tradeoff between non-dimensional jet spacing (SD) for return jet
impingement has not been investigated, but it is known that lower SD result in higher mass

flux required to achieve a thermal resistance. Increasing the SD will result in a lower overall

mass flow rate which could reduce the system pressure drop, and this warrants further

investigation.
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» The system level liquid cooling studies available in literature do not incorporate an onboard
heat exchanger. The effect of the heat exchanger in a fixed package volume for the system
remains unknown.

» None of the studies investigate electronics cooling at high ambient temperatures (50°C)
and often focus on the device scale or the rack scale environment in data centers. There is
a need to determine the limiting factors at high ambient temperatures for closed loop liquid
cooling systems.

The use of the TIM is to enhance thermal conduction between two surfaces. However, the
redundancy of the second TIM has inhibited performance improvements of liquid cooling
methods. Liquid cooling with microchannel and jet impingement offers low convection thermal
resistance when compared to air. Many system level studies have used microchannel coolers as jet
impingement has had limited success due to thermal short circuiting and jet-jet interference, but
advancements in 3-D printing have enabled improved performance. There have been no studies
which have developed a liquid cooling system comparing the two methods with the potential
configurations that they can offer, especially at high ambient temperatures often experienced in
the test and measurement market. For instance, in industry, microchannel cooling may only be
attached to the lid of an IC via a TIM and cold plate. Jet impingement offers potential for attaching
directly to the lid, bypassing TIM 2 and the cold plate, or attaching to the die bypassing all other
thermal resistances.

Furthermore, the research will aid to fill gaps in improving pumping power efficiency,
defined by the amount of overall system pressure drop required multiplied by the overall system
flow rate required. Limited system level designs are available in literature as most focus on

individual components themselves to give engineers the tools to design a system but one is by
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Figure 2-21 Direct liquid cooling system pressure drop breakdown [83]

Alkharabsheh et al. [87]. A DLC (direct liquid cooling) system was designed and implemented in
a data center rack and Figure 2-21 shows the pressure drop break down of the system. The server
module only accounted 44% of the pressure drop for the total system and only 13.6% of the total
system pressure drop was used for the cold plate and the rest of the pumping power was wasted
on fluid routing by means of tubing and fittings. This is astonishing that 84.4% of the power
consumed by the pump is wasted getting the fluid to and from the cold plate. If possible, it is
desirable for the engineer to design the cold plate to be at an optimal ratio of flow rate and pressure
drop to decrease the total required pumping power.Equation Chapter (Next) Section 1

The needs for integrated circuit cooling can be summarized as follows:

» Determine which thermal packaging profile can attain the lowest total thermal

resistance.
» Address limiting factors on high ambient temperature operation for liquid cooling

(50°C).

46



» Compare microchannel and return jet impingement cooling at the system level.

» Determine the leakage current effects on system power consumption at low and high
ambient temperatures.

» Expand on the system level pressure drop for various cooling methods and the

optimization potential for return jet impingement.
2.4. Focus of Current Investigation

The current study aims to utilize new developments in microchannel and return jet
impingement cooling technologies to design a scalable liquid cooling system while minimizing
junction temperature. The goal of this study will be to increase the rack density via more compact
liquid cooling solutions, investigate the failure rate at high ambient temperatures, and predict the
acoustic output of the air-cooling equivalent for the proposed system designed at 50°C ambient.
Many studies have neglected the effect of IC efficiency with respect to junction temperature and
this work will aim to fill this void, while aiming to reduce overall system power consumption.
Furthermore, the designed systems will be investigated for pumping power efficiency defined by
the product of pressure drop and mass flow rate, with respect to the total system power
consumption. Finally, the systems will be evaluated based off the minimum overall thermal
resistance attainable. To summarize, the investigation will:

» Utilize new developed correlations to compare microchannel and jet impingement
cooling on a 4U scale.

» Determine whether microchannel or jet impingement cooling requires less pumping
power.

» Investigate different cooling configurations by bypassing TIM 2 and/or TIM 1.

» Investigate energy saving potential by maintaining lower chip temperatures.
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» Determine acoustic limit of the system with air cooling compared to liquid cooling.
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CHAPTER 3. System Architecture and Assumptions

The system designed in this thesis is a liquid-cooled 3.125 kW AXIe chassis comparing
two cooling methods: microchannel cooling and return jet impingement. Both cooling techniques
have three primary components: the pump, radiator, and chip level cold plate/cooling device. The
third generation Keysight AXIe chassis was designed for future generation cooling architecture
and has an allotted spot for a pump or other components on the backplane as well as high connector
and power supply limits of 3.125 kW and 3.3 kW, respectively. These features make the AXIe
chassis a platform for high-performance cooling and ideal for maximizing its power limits.

In the following sections of this chapter, the AXIe system will be described. The system
diagram and the flow path considerations will be discussed. Then, modeling assumptions will be
presented. Relevant heat transfer and fluid correlations will be discussed to determine system
performance of each component. The change in power consumption over a range of temperature
rises will be discussed and then, finally, acoustic considerations for the system will be evaluated.

3.1. AXle Chassis

The Keysight M9506A AXIe chassis is a 5-slot/4U high performance computing box that
can cool up to 300W/slot of current generation blades, but has an electrical connector limit of 625
Wr/slot [88]. Figure 3-1 shows a picture of the AXIe chassis where the cooling is accomplished by
6 fans on each side pushing and pulling the air from right to left. These two fan trays currently
operate at an acoustic limit of 72 dBa, twice as loud as the previous generation with 1 fan tray. If
the cooling is to increase to the maximum connector limit, acoustic limits must be breached, or
liquid cooling needs to be deployed. Keysight currently uses high performance heat sinks with
embedded heat pipes that reduce thermal resistances such as spreading, conduction, and

convection but leave few options for improvement. The primary means of increasing performance
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Fan tray
2

Figure 3-1 Keysight M9506a front view

are increasing the velocity gradients on the heatsink, employing more advanced TIMs, and
increasing surface area. Increased surface area results in increased volume, typically occupying
more than one slot which reduces component density. Velocity cannot be increased either because

acoustic limits have been reached. Higher flow can be achieved at the same acoustic limit with

larger fans, however, the current form factor is inadequate.

The thermal loads of the various components assumed in this modeling effort are shown in
Table 3-1 where L and A represent the components needing to be liquid or air cooled. The
component specifications were developed by scaling the specifications on a representative current
generation blade and the chip dimensions were selected based off previous studies die dimensions.

The main processing chips were categorized into Big Chip 1, 2, and 3, respectively. Chips that can

Table 3-1 AXIe blade chip characteristics

"f Fan tray
1

Category TDP | TDPprp | Nchips | Areana | Areadie | q" Rjc T; Rreq
W) (W) (em?) |(em?) |(W [(K |Max | (K
em?) | W | (°C) | W
1
)
Big Chip 1 (L) | 160 128 2 28.16 | 5.06 25.28 | 0.1 85 0.27
Big Chip 2 (L) | 60 48 1 20.48 |3.69 13.01 | 0.1 90 0.83
Big Chip 3 (A) |20 16 1 25.60 | 4.62 348 |0.1 75 1.56
Regulators (L) | 150 120 1 25.60 | N/A N/A 0.2 120 | 0.58
Memory (A) 31.25 1|25 1 16.00 | N/A N/A 0.2 85 1.4
Misc (A) 625 |5 2 8.00 N/A N/A 0.2 85 7
Total 625 500
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go into the Big Chip 1 category are FPGA, ASIC, CPU, and GPU. The die area for this type of
chip was selected at 22.5 mm x 22.5 mm based off the literature review die dimensions. The other
die areas (Big Chip 2 & 3) were scaled off the lid areas provided by Keysight. Big Chip 2 and 3
are lower level chips that don’t do the main processing work load. The two high powered Big Chip
I’s (FPGA’s) account for 51.2% of the total blade power and are placed next to each other on the
board. The regulators account for 24% of the power. The thermal resistance from die to lid has
been given a value of 0.10 K W-! for the ICs and 0.20 K W-! for the non ICs given from typical
thermal resistance values at Keysight. The die heat fluxes could not be calculated for the regulators
because they do not have dies. The highest die heat flux is on Big Chip 1 at 25.3 W cm2which is
low compared to those common in literature (e,g,, g”=1000 W cm™ [72] and ¢” = 150-200 W cm"
2 [89]) which generally focus on a heat source without two layers of TIM to isolate heat sink
performance. Comparing this to the 220W modern processor of today, the AMD 7H12 has a die
heat flux of 21.8 W cm™, 3.5 W cm™ lower than that of Big Chip 1. Heat is dissipated via two
pathways: the primary thermal pathway (top) and the secondary thermal pathway (bottom of PCB).
The primarily thermal pathway heat load is shown by TDPprp which has been given a value of
80% the TDP. This assumption has been validated by Gao’s [90] experimental results which show
that the heat dissipation out of the back of the PCB is between 18 and 25% but decreases as the
liquid cooling solution flow rate is increased. The required thermal resistance in Table 3-1 has
been calculated with the TDPprp from an ambient temperature of 50°C. Big Chip 1 will be the
most difficult to cool and require the least thermal resistance. The regulators will be the second
most difficult to cool followed by Big Chip 2 and 3. The very high required thermal resistance by
the memory and miscellaneous components (1.4 and 7 K W) will mean that they will be air cooled

because of the ease to meet these values. Big Chip 3 having the lowest maximum junction
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temperature and high thermal resistance will mean this chip will be air cooled as well. Big Chip 2
will require further investigation. As previously mentioned, 50°C inlet air can quickly heat up to
62-74°C depending on the location on the board. As the reference temperature increases, Big Chip
2 becomes more difficult to cool than the regulators and requires a similar thermal resistance
Leakage current is an inefficiency of the processor which can consume significant portions
of the overall power. Pedram et al. [6] developed a correlation for leakage current based on
temperature for an 100 nm feature size Intel processor with 0.7 V supply voltage. The values for

this correlation were plugged in and the leakage current was related only to temperature for the

ICs being modeled:
1
Leakage current = > (3-1)
1-(3.2251e-05 - T;” +1.9515¢-03 - T, —3.5026¢-02)
250
200 | L
= [ 135.7
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Figure 3-2 Power profile derived from leakage current for Big Chip 1

where 7j is the junction temperature in Celsius and leakage current is dimensionless. This leakage

current was then multiplied by the minimum chip power at 85°C to obtain the actual power for a
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particular temperature. For Big Chip 1 this was 102.4W. By using equation (3-1) across a variety
of temperatures, Figure 3-2 was generated. Equation (3-1) is used in the present study to determine
the TDP of Big Chip 1 through 3 and the memory when they are operating at various temperatures.
For instance, when Big Chip 1 is operating at 85°C, the TDP will be 160W at a leakage of 36%,
but when the chip is operating at 50°C, the TDP will be only 120W at a leakage of 14%. An
important note is that the leakage current is exponentially related to temperature so that as the
power increases, thermal runaway can occur in which the cooling mode will not be capable of
dissipating the heat and the temperature continues to increase.
3.1.1. Full system model

A schematic of the flow loop is provided in Figure 3-3. The loop starts at the pump where the

pressure is increased, and fluid is sent into upstream manifold 1 & 2. The first manifold is the

chassis level manifold that distributes fluid to N number of slots, and the second manifold is the

N

Air (4)
(1) (2) (3) ;
Radiator Pump
(Board level (Chassis/slot
manifold) level manifold)
—— ‘ sy :
I - ¢ 4—' ®
Downstream |_ Downstream Upstream |, | | Upstream
Manifold 1 | }__ Manifold 2 Manifold 2 | ,_| | Manifold 1 |
 _ ‘_l‘
| Optional
Return manifolds |/ N b4 2low N+ ?ulmtber
numbper of1 slots
N number of ports o paTls P

Figure 3-3 Schematic of liquid cooled AXIe system
board level manifold that distributes the fluid to N number of chips. The board level manifold is

the location for optional flow restrictions where a pressure element can be placed. After passing
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into each cooling device, the fluid re-combines into the downstream manifolds and then into the
radiator where the heat is rejected to ambient. The fan and radiator fit into fan trays 1 and 2,
respectively. Although the dimensions of this slot are 2.1 in x 6.85 in x 11.5 in, the radiator height
was reduced to 6.77 in to allow clearance. The flow path is such that the inner chassis load is
cooled first and as a result, the air is slightly heated before cooling the radiator. This
hybrid/modular design allows the chassis to be adaptable to any board because it can accommodate
both liquid and air-cooling boards.

A CAD model was generated of the M9506A AXIe chassis with the proposed cooling system

shown in Figure 3-4a-b with relevant dimensions in Table 3-2. There are two primary manifold

Upstream
_ Manifold 1

Heat ¥ | Bigchipl Big chip 3 Fan tray
exchanger N TTT T ' "

Downstream Regulators

Manifold 2

Big chip 2

M Regulators
Cold Upstream —

Manifold 2
Upstream

Manifold 2 |

Downstream
Manifold 2 Big chip 3
Big chip 2

Figure 3-4 Rendered liquid cooled AXIe chassis a) Front view system b) Top view board
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distribution systems needed for the AXIe form factor: (1) dispersing fluid to each of the five slots
from the radiator, and (2) dispersing fluid to each of the four primary heat sources. These two
manifolds can be shown in red where the first manifold is shown vertically, and the second is
horizontal in front of the chips. One key concern with traditional air-cooled systems has been the
orientation and dimensions of the chips. Figure 3-4b shows the 12.7 in x 11.1 in board layout. The
transparent squares above the heat sources represent the size of the cold plate with respect to the
chip. The two highest powered chips (accounting for 52% of the cooling load) are placed next to
each other. As mentioned previously, cooling this energy dense pair with air is difficult because
the air heats up significantly as it moves along the flow path. Liquid cooling avoids this challenge
by distributing fresh liquid at each chip. The maximum allowable height for the heat sink is 18.7
mm = 0.05 mm. The return jet impingement heat sinks can utilize more space because they are 3D
printed, however, the microchannel cold plates will be chosen from off the shelf components,
which will limit their height and channel dimensions.

The components on the board from left to right are as follows: Big Chip 1, Big Chip 2, Big
Chip 1, Big Chip 3, and the regulators, respectively. The relatively low junction temperature
(75°C) for Big Chip 3 means that the chip should be air cooled because in the preliminary
modeling, the temperature difference between the steady state liquid (75°C) and the junction
temperature would be inadequate to provide cooling. By assuming an inlet air temperature of 55°C,
Big Chip 3 requires a total thermal resistance of 1 K W' which, with the area provided, can be
achieved with a heat transfer coefficient of 12.3 W m K.

The cold inlet supply manifold can be seen in blue and hot discharge in red, where a custom
3/8” quick connect is used to mate the cards to the chassis. The tubing has been selected based off

the available space and pressure drop through each component. The main tubing consists of 1”
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aluminum tubing connecting the manifold systems to the radiator and pump. The primary manifold
is a one square inch box which provides the most volume and lowest pressure drop. The board
level tubing/manifold is 3/8” ID and disperses fluid to the four heat sources. Connecting the board
level manifold to each cooling device is a small portion of quarter inch tubing. The heat exchanger

is located in fan tray 2 on the left and the pump is in zone 3 (not shown).

Table 3-2 AXIe manifold and tubing characteristics

Category Dh (in) L (in)
Main tube 1.00 7.82
Board level tube 0.364 0.88
Chip tube 1 0.25 0.88
Chip tube 2 0.25 0.88
Chip tube 4 0.25 2.55
Mani 1 1.00 5.64
Mani 2 0.364 15.125

3.1.2. Cooling configurations

The different cooling configurations are shown in Figure 3-5a-d. In configuration 3-5a,
water and water glycol pass through microchannels on a cold plate attached to the lid with a
graphite pad TIM. The thermal correlation for the TIM developed in Kempers et al. [29] had an
effective thermal conductivity of 2 W m™ K at 15-29 psi and will be used. In the second
configuration 3-5b, water, water glycol, and a dielectric will be used with return jet impingement
on the lid of the package. In configuration 3-5¢, a microchannel cold plate will be used bypassing
the thermal resistances of TIM 2 and the lid with the same fluids as configuration 3-5c. Finally, in
configuration 3-5d, return jet impingement is used directly on the die with a dielectric. The
dielectrics that will be investigated are Honeywell Fluorinert FC72, FC77, FC770, FC40, FC43,
FC70, FC80, FC104, and jet fuel A-1. The first three and second to the last one are some of the

most common dielectrics [35].
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Figure 3-5 Cooling configurations a) Microchannel cold plate with TIM 2 b) Return jet
impingement on the lid bypassing TIM 2 ¢) Microchannel cold plate bypassing TIM 2 d) Return
jet impingement on the die bypassing TIM 1

The primary benefit of cooling directly on the die is that convection is the only heat transfer

mode:

=R (3-2)

cooling conv
The return jet impingement on the lid adds contact and conductive thermal resistances as is shown

below:

=R + RTIMl,ideal +Rys + R (3'3)

cooling contactl/2 conv

where Reontact1/2 are the contact resistances between the die and TIM 1 and TIM 1 and the lid,

. . . . . . L
Rtivideal 18 the ideal conduction thermal resistance of the thermal interface material (%) and
TIMATIM

Rins is the thermal resistance of the integrated heat spreader (lid). Lasty, by using microchannels,
the thermal resistances are:

cooling = Rcomactl/Z + RTIMl,ideal + RIHS + Rcontact3/4 + RTIMZ,ideal + Rcold plate + Rconv (3-4)
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where Reontact3/4 18 the contact resistance between the lid and TIM 2 and TIM 2 and the cold plate,
Rtimz 1s the second TIMs thermal resistance, and Reold plate 1S the thermal resistance of the cold plate.

The contact resistance and the ideal conduction resistance can be bundled into one term:

L
RTIM = Y (3-5)
keff A

where Ltiv is the thickness of the TIM, ket is the effective thermal conductivity of the TIM at a
particular pressure, and Ativ is the surface area of the TIM.

The thermal resistances that can be reduced or changed from the above equations are Rcony,
Rtiv, and Reontact- Rtiv and Reontact can be reduced by increasing pressure, but the upper limit of

pressure is relatively low at 29 psi and is already being reached. Rconv, however, can be changed

Table 3-3 Representative package thermal resistance values

Region keftective (W m™! K1 Thermal Resistance (K W)
Rrim 1 7.8 0.076
IHS 394.9 0.026
Rriv2 2 0.022
0-6 | T T T T T T T T T T T T T T T T T T T T T T T T T i
05 |
< 04 [ TIM
< Die to lid ;
g 03 F
e - .
0.1 [ - —
0 L L L L
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Figure 3-6 Required thermal resistance to achieve a temperature difference for a power input
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by varying the mass flow rate and varying geometry. The other thermal resistances are fixed and
cannot be changed to lower the chip temperature. The thermal resistances of TIM 1, the IHS and
TIM 2 are shown in Table 3-3 for this modeling effort. This first layer of TIM presents the largest
thermal resistance due to its small surface area. The microchannel cooling configuration with cold
plates (3-5a and 3-5¢) have a higher area compared to return jet impingement for reducing Reonv,
but the thermal resistance of the added TIMs and cold plate cannot be reduced. Figure 3-6 shows
the representative breakdown of the typical heat sink thermal resistance from TIM 1, the lid, and
TIM 2. This thermal resistance corresponds to the temperature difference between junction and
the base of the cold plate. The thermal resistance for these typically adds a minimum of 0.12 K W~
! Fora 160W chip with 0 heat sink thermal resistance, the temperature difference between junction

and the base of the cold plate will be at least 19°C.
3.2. Overview of Modeling Approach

The functioning principles for the modeling approach in this effort are shown in Figure 3-
7 where a number of fluids and packing configurations will be input to the thermodynamic model.
The goal of the thermodynamic model is to minimize the fluid and junction temperature. The heat
exchangers for the primary fluids investigated will be optimized for their internal and external fin
geometries at 50°C ambient temperature while varying the liquid mass flow rate. With the
optimized heat exchangers, the heat sinks will be optimized for each packing configuration and
fluid. The maximum allowable isentropic pumping power for the system will be limited at 0.25
hp. The jet impingement optimization will perform a sensitivity analysis on the geometry described
in Hobby et al. [79] and investigate several non-dimensional spacing and heights as well as jet
diameters for these optimal non-dimensional numbers. For water jet impingement on the lid, the

convection thermal resistance will be set at 0.008 K W-! for Big Chip 1, while minimizing the
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Figure 3-7 Numerical model functioning principles

system pumping power. Several dielectrics (FC72, FC77, FC770, FC40, FC43, FC70, FC104 and
Jet Fuel A-1) will be investigated for configuration 3-5d, jet impingement on the die, at a total
thermal resistance of 0.10 K W-! with the geometry described in Hobby et al. [79]. The best
dielectric fluid will be selected, and the geometry for this fluid will be optimized at 0.080 K W',
The microchannel optimization will input the dimensions of four OTS (off the shelf)
microchannels that are less than $100 US and determine their performance based off the available
flow rates for the system. The optimized heat exchanger and heatsink geometries for each
respective fluid and configuration will be input to the performance model where different ambient
temperatures are investigated and junction temperature, system power, and failure rates are
minimized. Each configuration will be evaluated based off which can provide the necessary

cooling to keep the junction temperatures below their maximum value. Finally, the performance
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of each configuration will be investigated based off the failure rate, leakage current, and acoustic

outputs.
3.3. Thermodynamic Model

Assumptions for the thermodynamic model will be stated in this section. The first is that
20% of the heat dissipates through the secondary thermal pathway via air fans and 80% is
dissipated by the cooling solution based on proprietary information provided by Keysight. This
assumption has been validated by Gao’s [90] experimental results which show that the heat
dissipation out of the back of the PCB is between 18 and 25%. The heat dissipated out the back of
the PCB will be picked up by the air before passing through the radiator. Calculations are
performed while the system is running at maximum power with all 5 slots full of identical
representative blades, and the steady state fluid operating temperature will be calculated at the
radiator outlet. In addition, the entire system is assumed to be running at a maximum power of
3.125 kW. The power map is as follows: 64% chip power, 24% regulators, 10% memory and 2%
miscellaneous. The pump total-total efficiency, which is the product of all the loses multiplied by
each other, is assumed to be 50%. Furthermore, the isentropic inefficiency of the pump is assumed
not to be absorbed by the fluid and cooled by the power supply fan. Fan efficiencies are assumed
to be 20%. Thermal resistance from the junction (die) to lid has been given a value of 0.10 K W!
for the Big Chips which is consistent with published values and was confirmed with computational
simulation in Ansys as shown in Appendix A.4. Finally, a pressure drop element will be used for
the cold plates to accommodate if certain chips do not require as much flow rate. This element
would be in the form of restriction by either valve, bend, expansion/contraction, or extra tubing.

The form of the governing equations will be elaborated based on the assumptions of the

thermodynamic model to solve the system as shown in Figure 3-3. These equations (3-6) - (3-10)
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were solved by using an energy balance over the heat exchanger. The first equation represents the

heat transferred to the air side of the heat exchanger:
Qrad = maircp,a (Tao,Z - Tao,l) (3_6)
where Ta02 and Tao,1 represent outlet and inlet temperatures of the air to the heat exchanger and c¢pa

is the specific heat of the air. Tho,1 is solved for:
Qchip,liq ' 20% + Qchip,air = maircp,a (Tao,l - T;li) (3-7)
where QOchip,liq 1S the total heat load that is liquid cooled, QOchip,air is the total heat load that is air

cooled, and T is the inlet air to the chassis. Equation (3-8) represents the heat duty of the heat

exchanger:
Qrad = grad C'min (Tlvl,rad,i - Tzvio,l) (3_8)
where &;.,4 1s the effectiveness of the heat exchanger, Cin 1s the minimum heat capacity rate, Th rad,i

is the hot fluid temperature, and T2 is the cold fluid inlet temperature. Equation (3-9) represents

the heat transferred to the coolant stream for the chips:
Qrad = mliq cp,l (hh,rad,i - hh,rad,o) (3-9)

where A raq,i and A rad,o Tepresents the inlet and outlet enthalpies of the working fluid. Alternatively,
Equation (3-10) will be used with the enthalpy approximation for constant specific heats on

dielectrics tested with minimal enthalpy data:
Qrad = mliq cp,l (T;mad,i - nl,rad,o) (3- 1 0)

where Thrad,i and Thrad,o represent inlet and outlet temperatures of the single-phase fluid and cp, is
its specific heat.

The coefficient of performance of the liquid cooling system is calculated as follows:

cop=— Yoo (3-11)
W+ W,

pump fan
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where Qcool 15 the total chip power that has been cooled by the system, Wpump is the pumping power
and Wt 1s the power that the fans use. The power consumed by the fan and pump were modeled
with equation (3-12):

W}an :Af;ir : Ikair /nt—t,fan (3-12)

where APy is the total pressure drop of the fans, V,;, is the volumetric flow rate and Nt—t fan 1 the
total-to-total efficiency of the device.
3.4. Component Modeling

In this section the thermodynamic modeling of the heat transfer and pressure drop for each
component will be discussed. The optimized heat sink, primary dielectric fluids and heat exchanger
parameters will be presented. Finally, the fundamental equations for selecting a pump will be laid
out.

3.4.1. Manifold

Figure 3-8 shows a schematic of the inlet and outlet manifolds which can be broken into
four sections: inlet manifold 1, inlet manifold 2, outlet manifold 1, and outlet manifold 2. The
purpose of manifold 1 is to distribute the flow to the five slots of the AXIe chassis. Once the flow
is distributed, the second manifold disperses the fluid to each chip to be cooled. The outlet

manifolds mirror the inlet manifolds functionally.

(Board level (Chassis/slot
- manifold) - level manifold)
L 7 _ 3
Downstream |— Downstream Upstream * Upstream

|
Manifold 1 }__ Manifold 2 Manifold 2 | ,_| | Manifold 1
|

\ | , Optional
\.| Return manifolds |/ ” b . | N+ ?ulmtber
1 + number of slots
N number of ports of parts restriction

Figure 3-8 Schematic of manifold 1 and 2
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The manifold pressure drop correlations are from Idelchik’s Handbook of Hydraulic

Resistances: second edition [91] and are calculated as:

AP = Ly o (3-13)

manifold é/manifold 2 header,in

where {\hanifolq 18 the resistance coefficient and vheader,in 1S the fluid velocity at the header inlet. The
form of the resistance coefficient is calculated based on the kmanifold value. The k-factor for the

manifold can be calculated:

kmanifold — 1 _ Aﬁnal,manifold (3_ 1 4)

Ainlet,manifold
where Afinal manifold 18 the area at the end of the manifold and Ajpjet manifold 1 the area at the inlet

of the manifold. For ease of manufacturing, these two areas are set equal, resulting in K=0. For

kmanifold between 0-0.3, the resistance coefficient takes the form:
¢ o =2.63-0544 (3-15)

where A is a constant. This constant can be calculated:

0.5

2
_ — A. .
A — f 06+£ side,branch,inlet J + é/app (3-16)

side,branch,outlet

where f is a constant, Agide branch inlet iS the area of the side branch inlet, Agige branch outlet 1S the
area of the side branch outlet, and {,,, is the resistance coefficient of the non manifold sections.

The first constant can be calculated:

A
=n 2> 3-17
S nfm (3-17)

where this represents the ratio of cross-sectional areas out and in the header respectively,
multiplied by the number of side branches. Next, the resistance coefficient through all the areas

besides the header (apparatus, piping, bends, baffles, etc.) is calculated:
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2 - AP, ‘
_ app,section (3 _ 1 8)

app -
,D(f ' vheader,in)

where APapp section 1 the pressure drop through all of those areas. The next important thing to
calculate is the maldistribution in manifold based on correlations from Perry’s Chemical

Handbook 6-32 [92] as follow:

AP() B | APrnani fold
AP

o

Percent Maldistribution =100 - Ll —\/ ] (3-19)

where AP, is the pressure drop from upstream factors and APy ,nif01q 18 the pressure drop through
the manifold. These calculations will be performed four times for the four manifolds used in the
AXle design.

3.4.2. Microchannel cold plate

In microchannel cooling, a cold plate is used which has two parts: the base, and the
microchannels, as shown in Figure 3-9. The cold plate acts to increase the heat transfer coefficient
as well as the surface area. This section will first cover the conduction thermal resistance model

of the cold plate, then the heat transfer and pressure drop through the microchannels.

Figure 3-9 OTS cold plate with 150 um skived channels.
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The thermal resistance of the cold plate via conduction is accounted for by the conduction

and spreading resistance:

R — l//max (3_20)

Sp kcp rl\/;

where ¥,,.x 1s the dimensionless constriction resistance, kcp is the material thermal conductivity
(394.9 W m™' K! for copper), and 1 is the equivalent radius of the square heat spreader. The

dimensionless constriction resistance is calculated based on the following equation:

7 1
VYV =——+—(- -
mx = + ’_7;( ), (3-21)

where ¢is a dimensionless parameter which is the ratio of heat source to heat spreader’s equivalent
radii (r1/r2), 7 is the dimensionless plate thickness which is the ratio of plate thickness to heat
spreader’s equivalent radii (¢hp/12) and ¢, 1s a dimensionless parameter calculated by the equation

below:

tanh(A4, - 2')+/1—'{

-— Bi (3-22)

1+—"tanh(4, - 7)
Bi

A

where A, is an eigenvalue and Bi is the biot number calculated by the following two equations:

1
A =r+—F— (3-23)
ENTT
Bi= % (3-24)

cp
where htc is the heat transfer coefficient. The biot number is the ratio of convection to conduction
resistance and determines which one is the dominant mode of heat transfer. If Bi <<1, then
convection resistance is dominant and vice versa. This number is primarily used in heat transfer to

assume the lumped capacitance method if Bi <0.1 in transient applications [93], and if it’s not less
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than 0.1, it may not be assumed. However, in this application, the correlation is valid for all values
of Biot numbers, as it was developed for steady state heat spreading.
The heat transfer coefficient and pressure drop for the microchannels is calculated with

correlations related to the Nusselt number:

hie — Nu -k,

(3-25)

h
where htc is the heat transfer coefficient, Nu is the Nusselt number, and Dy is the hydraulic
diameter of the channel. The Nusselt number is the ratio of convection to conduction heat transfer.
If the Nusselt number is 1 then the convection heat transfer is not better than the conduction heat
transfer. If Nu > 1, then convective effects become more influential. The hydraulic diameter used
in the Nusselt number equation for 3 sided microchannels is:

_44 _4-0n - Hy)
P, 2-H,+W,

wet

D,

h

(3-26)

where Wen is the channel width and Hen is the channel height. The Nusselt number correlation for
3-wall heated fully developed laminar flow in microchannels [94] is defined by the equation

below:
Nu, =8.235(1-1.883a +3.767a” —5.814a’ +5.361a* —2.0a’) (3-27)

Equation (3-27) is only dependent on alpha, the aspect ratio (W, /H.,) which must be less than
1. The Nusselt number is calculated differently for the developing region at the inlet of the channel

as is shown in the following equation:

-0.506
z z
Nuy(z) = Nu, +8.68/ 1000——— | exp|(-9.427a"' -23.472). ———| (3-28

2(2) = N ( ReDhPr] p[( ) ReDhPr} (3-28)

where z is the position into the channel, the Reynolds number (Re) is the ratio of inertial forces to

viscous forces and the Prandtl number (Pr) is the ratio of momentum diffusivity to thermal
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diffusivity. The first of these two dimensionless parameters, the Reynolds number, is used for
determining whether the fluid is laminar or turbulent and is commonly involved in heat transfer

correlations. The Reynolds number is defined below:

Re=2" D,
7,

(3-29)

where p is the fluids density, v is the mean velocity in the channel, Dy is the hydraulic diameter
and p is the dynamic visocisity. The second dimensionless number, the Prandtl number is

calculated as follows:

pe,
kf

Pr= (3-30)

where ¢, is the specific heat and kr is the fluids thermal conductivity. If the Prandtl number is
significantly greater than 1, then the fluid will have high pressure losses for that same heat transport
compared to fluids with lower Prandtl numbers. The pressure drop for the microchannel heat
exchanger is calculated the same as the microchannels for the radiator and will be described in the
radiator section.

For microchannel heat sinks, the flow is

20— 77—

o

|
|
|
|
R R

commonly laminar due to the small hydraulic

|
i
i
i
Qe e

diameter of the microchannels and because it is — -

=3

|
|
|
I
R R

L LI (O (I L O | | I 1}

2 NWAEUNDNNXO

laminar, the Nusselt number is a fixed number

Nu,(z)
L=
QR

once the flow is fully developed. Figure 3-10

plots the Nusselt number distributions for

different aspect ratio microchannels as a ol v
0 0.02 0.94 0.06 0.08

function of nondimensional axial location Figure 3-10 Nusselt number distribution for

3-sided microchannel

where z* = and z is the axial location in

z
ReDyPr
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the developing region from the previously mentioned correlation. For a fixed microchannel length
(z), as the flow is increased, the developing region will increase as well and cause the Nusselt
number and effectively heat transfer to increase. Furthermore, it can be seen that higher
microchannel aspect ratio will result in higher Nusselt numbers.

A number of real-world microchannel heat sinks were obtained, and the dimensions were
measured as shown in Table 3-4. These microchannel dimensions were then tested numerically to
determine which has the lowest convection thermal resistance with water by varying the mass flow
rate from 0-0.10 kg s'. The convection thermal resistance was calculated from the LMTD of the
base temperature of the cold plate and the fluid temperatures in and out. Cold plate 1 had superior
performance compared to the others due to its low channel width, high height, high aspect ratio,
and high heat transfer coefficient and will be selected as the best cold plate for the Chapter 4
analysis. Cold plate 2 and 4 performed second best followed by cold plate 3. It is clear that cold
plate 1 performs significantly better as the microchannel width was decreased to 150 um and the
fin thickness was held thicker than the microchannel width at 254 um. The thermal performance
and pressure drop of cold plate 1-4 vs mass flow rate is shown in Figure 3-11. As the mass flow
rate increases, minimal effect in increased performance can be seen for cold plate 1 due to the
small hydraulic diameter and laminar flow (Re= 5-530). This performance increase in convection
heat transfer is from 0.0103 K W' to 0.00959 K W-! while the pressure drop increases by a factor
of 6. Cold plate 2 and 4 align similarly for convection resistance vs flow rate but cold plate 4
maintains significantly lower pressure drop due to the larger channel widths used. The flow rate

for cold plate 2 and 4 reach the
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Table 3-4 Microchannel geometries performance at 0.020 kg s™' for Big Chip 1

Cold Channel Channel Fin Thickness | Fin Height | Rconv(K
Plate length (mm) Width (mm) (mm) (mm) W
1 25.41 0.150 0.254 4.953 0.00959
2 36.63 0.524 0.385 1.721 0.0160
3 38.10 0.523 0.474 3.099 0.0127
4 40.64 0.673 0.334 4.547 0.0126
16 0.05
— Geometry 1 AP
E 12 0.04 F'é _ Geometry 2 AP
G 3AP
3 003 X g sometry
— 3 s £ Geometry 4 AP
a 002 g © — —Geometry 1 Rth
= 22 | Geomety2nen
Y 4 0.01 ..'C.. eometry
< (a'd Geometry 3 Rth
0 0.00 — —Geometry 4 Rth
0.025 0.05 0.075 0.1
m dot (kg s1)

Figure 3-11 Mass flow rate vs pressure drop and thermal resistance for OTS microchannels

transitional region with Re =360-5667, and Re = 149-2369, respectively. This allowed the thermal
resistance to further reduce as the developing region increased. Cold plate 3 performed worst with
the second highest pressure drop and the worst convection thermal resistance due to its thick
channels and fins. Thus, it can be seen that cold plate 1 is the best microchannel cold plate and that
the optimal flow rate for forced single phase convection heat transfer with small channel widths is
the minimum, as no noticeable effect in increased performance can be seen for increased mass
flow rates. This is assuming the minimal mass flow rate can successfully absorb the heat load

without significant temperature rise. In this modeling effort, the LMTD method was used to

account for this.
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3.4.1. Return jet impingement architecture
This section will outline the return jet impingement heat sink modeling. The modeling

assumed a repeating unit cell within an array as shown in Figure 3-12a-b. In Figure 3-12a, the

Injection Extraction
port port i{i%ﬁg})
%D
Stagnation
FEgien Target
a) i f44 + plate b)

A‘,‘A‘T@,@T‘?m&lx
i 1l ‘

] |
" Heated base

Figure 3-12 Return jet impingement architecture a) repeating cell b) labeled dimensions

white arrows represents the flow path of the jet impingement fluid as it enters through the injection
port and returns through the adjacent extraction port. The key dimensions in this unit cell are shown
in Figure 3-12b. In a similar method as discussed previously, Nusselt number correlations will be
used to calculate the heat transfer coefficient of the impinging jets.

htc- D.
Nu = .
kf

(3-31)

where htc is the heat transfer coefficient, D;j is the jet diameter, and kris the fluid’s thermal

conductivity. The Nusselt number correlation by Rattner [76] was selected and is shown below:
20 b J
Nu =Pr®*.10 {Z a;Re;”(SD)" (HD)" } (3-32)
j=1

where SD is the nondimensional spacing between jets, HD is the nondimensional height between
the jet and the impingement surface, and aj, bj, ¢j, d;j are all constants shown in Table 3-5. The
Rattner correlations were generated by performing over 1,000 randomized simulations of

geometry and fluid properties ranging from: SD = 1.8-7.1, HD = 0.1-4.0, Pr = 1-200, and Re; = 20-
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500. Hobby et al. [77] performed experimental simulations and tested the accuracy of a number of
heat transfer correlations found in literature for this geometry as discussed in the jet impingement
section in Chapter 2. Hubber and Viskanta [70], and Rattner’s [76] correlations were close but

began to diverge and over predict around Re = 1000. The correlation developed by Hoberg et al.

Table 3-5 Rattner k factor and Nusselt number coefficients

k-factor coefficients Nusselt number coefficients
a b c d a b c d
-0.0091 0 0 -2.7 -0.4262 0 0 1.5
-0.0141 0 0.3 -1.8 -1.243 0 -1 1
-0.4498 -0.7 0 -1.8 0.7859 -0.2 0 1
0.1548 0 0 -1.8 1.807 0 0 1
0.0115 0 0.6 -0.9 -2.028 0 -2 0.5
1.556 -0.7 0.3 -0.9 -2.178 -0.2 -1 0.5
0.1025 0 0.3 -0.9 5.203 0 -1 0.5
-21.99 -1.4 0 -0.9 -5.989 -0.4 0 0.5
5.374 -0.7 0 -0.9 2.252 -0.2 0 0.5
-0.5824 | 0 0 -0.9 -3.406 0 0 0.5
3.243 0 0.9 0 2.09 0 -3 0.5
10.02 -0.7 0.6 0 -0.2111 -0.2 -2 0
-16.22 0 0.6 0 -2.827 0 -2 0
25.38 -1.4 0.3 0 -14.44 -0.4 -1 0
-37.73 -0.7 0.3 0 11.79 -0.2 -1 0
27.13 0 0.3 0 -1.623 0 -1 0
412.1 -2.1 0 0 -37.66 -0.6 0 0
-103.8 -1.4 0 0 61.32 -0.4 0 0
35.65 -0.7 0 0 -31.21 -0.2 0 0
-15.09 0 0 0 6.782 0 0 0

[78] was not very accurate for this geometry, potentially due to maldistributions from their
manifold system used. In further work by Hobby et al. [79], computational and experimental
simulations were performed for Pr = 7, Rej = 300-1500, SD = 8, and HD = 2.5. The simulation
results followed good agreement up to Re = 1000, but then over-predicted the Nusselt number for
higher Reynolds numbers. This overprediction from simulation results could be because of

neglecting viscous dissipation effects and/or the laminar to turbulent transition region for a jet at
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Re=1000-3000 [80]. The model will use Rattner’s correlation for Re = 20-500. By solving
Equation (3-32), the heat transfer coefficient is found with Equation (3-31) and the convective
thermal resistance is calculated as follows:

1
R .= 3-33
conv th' AS ( )

where A4s is the surface area of the lid.

The pressure drop is calculated with Equation (3-34). In Hobby et al. [79,95] the heat sink
level manifold pressure drop accounted for 67% of the total pressure drop from the impingement
part. If not designed well this can be up to 78% [96]. Rather than attempting to accurately model
a complex heat sink level manifold distribution system, the percentage of pressure drop will be
accounted for by 70% of the total part pressure drop. The return jet impingement heat sink pressure
drop is calculated as follows:

jet,i 7 jet,i

>/ Manifold _ jet (3-34)

where K is the jet friction factor, p is the fluid density, vjei is the jet velocity for each respective
heat sink, and Manifold Jet is 30%. Without the Manifold jet term, this equation would only
represent the jet pressure drop. The Manifold Jet term compensates for the pressure drop due to
the fluid moving from tube to jet and is comparable with other manifolds studied in literature

[79,95,96]. The K-factor is calculated similarly to the Nusselt number as shown below [76]:

K=10" {i a,Re" (SD)" (HD)dJ} (3-35)

I=
where the coefficients (aj, bj, ¢j, dj) to be used shown in Table 3-5 under “K-factor correlation”.
A sensitivity analysis of the geometry described in Hobby et al. [79] will be performed for

all the primary fluids investigated in Chapter 4. The baseline geometry however will be used to
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select the primary dielectric fluids. This geometry is Dj = 300 um, SD = 8, HD = 1. Dielectrics
cannot damage electrical components due to their nonconductive nature and thus, will be used in
cooling configuration 3-5d. The dielectric fluids investigated were FC72, FC77, FC770, FC40,

FC43, FC70, FC104 and Jet Fuel A-1. The fluid properties and results are in Table 3-6.

Table 3-6 Dielectric test data and fluid properties for Big Chip 1 configuration 3-5d

Fluid FC72 | FC77 | FC770 | FC40 | FC43 | FC70 | FC104 | Jet Fuela-1
Reonv (K W) 0.10 | 0.10 | 0.10 | 0.10 | 0.10 | 0.10 | 0.10 0.10
m (kg s) 0.031 | 0.043 | 0.048 | 0.070 | 0.047 | 0.047 | 0.046 0.012
APheatsink (kPa) | 68.8 | 124.2 | 153.8 | 689+ | 689+ | 689+ | 143.8 201.3

p (kg m3) 1610 | 1716 | 1727 | 1801 | 1782 | 1888 | 1695 793

u (103 kgmlsT) | 0.463 | 0.806 | 0.992 | 2.15 | 2.02 | 7.16 | 0.881 0.912
ke (W m! K1) 0.055 | 0.061 | 0.060 | 0.064 | 0.063 | 0.070 | 0.061 0.11
o (j kg!' K 1092 | 936 1078 | 1092 | 1107 | 1092 | 936 2025
Prandtl 9.3 12.4 188 | 369 | 35.6 | 112 13.5 16.6

The table was generated by setting the thermal resistance at 0.10 K W-! and solving for the flow
rate and pressure drop on Big Chip 1. The pressure drop through the return jet impingement part
for FC72 is the lowest at 68.8 kPa and therefore performed the best. FC72 had the lowest viscosity
which aided in its success for having the lowest pressure drop. The worst fluids were not solved
for at 0.10 K W™! because of their unreasonably high flow rate and pressure drop, requiring over
10x the pumping power of FC72. This was defined by head requirements beyond 689 kPa. Based
on pressure drop, jet fuel places fifth out of the fluids considered here however, it makes up for
this by requiring significantly lower overall mass flow rate. Jet Fuel A-1 and FC72 will be the
primary dielectric fluids and a sensitivity analysis will be performed in the following chapter.

3.4.2. Radiator

This section will outline the heat exchanger modeling procedure. First, the energy
equations will be presented, followed by the governing equations for the heat duty. Next, the
internal heat transfer and its associated pressure drop through the radiator tubes will be discussed.
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The external heat transfer will be described with its correlations and pressure drop, and finally, the
air side mass flow rate available from the fans will be presented. The location of the heat exchanger

in the chassis is shown in Figure 3-13 in the transparent orange box on the left.

Figure 3-13 Keysight M9506A AXIe chassis with heat exchanger

The required heat duty of the radiator is determined from two energy balance equations at
the heatsink (3-36), (3-39) and (3-40). The first equation represents the heat transferred by the

working fluid for the liquid cooled chips:
Qchip,i :UAr:hip,i 'LM]Dchip,i /80% (3-36)

where QOchip,i 1S the respective chip power, UAcnip,i is the universal heat transfer coefficient for that
heat sink, the 0.8 represents that only 80% of the heat is cooled by the method, and LMTD is the
log mean temperature difference. The universal heat transfer coefficient for each chip is defined

as:

UAchip,i = Rcooling,i (3-37)

where Rcooling,i 1 the total thermal resistance between the fluid and die as previously mentioned in

section 3.1.2. The log mean temperature difference for each chip is defined as:
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(I, -1,,) - - T,,)

LMTD = (3-38)
hl 7—; - Tl;,i
-1,

S

where T is the surface temperature in contact with the fluid, 7k, is the fluid inlet temperature and
Th,o is the fluid outlet temperature. The next equation represents the total heat transferred from the

fluid as the total heat the radiator needs to cool:

Nasip Naip

Zl Qchip,i = Zl: mchip,i : (hh,o _hh,i)/ 80% (3-39)
where Mpip i is the mass flow rate for each respective chip, /ni is the inlet fluid enthalpy and /n,o
is the outlet enthalpy for each respective chip. Similarly, as mentioned in section 3.3, the enthalpy
approximation for constant specific heats will be used in the place of substances with limited

enthalpy data. This equation is defined as:

NChlp NChlp
Z Qchip,i = Z mchip,i “Cp1 (T, _7;1,1)/ 80% (3-40)
i=1 i=1

where cp, is the specific heat of the fluid and 7i i is the inlet fluid temperature and T, is the outlet

temperature for each respective heat sink. The overall heat load was calculated:

Nch)p

Qchips,coolcd = Z Nchip,chhip,i /80% (3-41)
i=1

where Nenip,i 1s the number repeating heat sources of a particular heat source.
Figure 3-14 [97] shows a cross flow heat exchanger with louvered fins on the air side and
microchannels on the inside. This heat exchanger was modeled with the e-NTU method. Equations

(3-42) — (3-45) are the governing equations of a crossflow heat exchanger for one fluid unmixed.

Qngd ’Cmin ‘(Ti _];,i) (3-42)
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NTU =~-In 1+[Clen(1—gmd-Cr) (3-43)
Uy =NIU- G, (3-44)
where Cin and C; are:
C,,;, =min (rinc, . rinc,) (3-45)
C_
C =—= 3-46
C (3-40)

where 1, and m; are the air and liquid mass flowrates and cp, and ¢, are the air and liquid

specific heats respectively.

> Fin length internal
Air flow Wiasa ,‘ e

Fin depth external

Louver per inch external

Louver pitch external

Louver length external

| Fin per inch external
Air flow

Fin thickness
external

Fin length external

Tube pitch external

2 - Fin pitch external

Figure 3-14 Air side radiator geometry: corrugated louver fins in triangular arrangement [100]

There are three thermal resistances for this heat exchanger: the convective heat transfer
between the liquid and microchannel, the conduction heat transfer through the wall, and the
convection heat transfer between air and the louver fins. Thus, the total resistance is calculated by

the sum of these three resistances and the UAraq 1S calculated as shown below:
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1
Rnner + Kvall + Router

Ud,y (3-47)

where Rinner and Rouer are the internal and external convective resistances and Rwan is the
conduction resistance. Equation (3-48) is used to calculate the convection thermal resistance for

both internal and external structures:

-1

3 71+ Y 3-48
htc.Aﬂoor 77ﬁn 'htc'Aﬁn ( ) )

where Atc is the respective heat transfer coefficient, Anoor 1s the floor area exposed, Afn is the fin
area exposed and 7y, is the fin efficiency. The fin efficiency of the microchannels inside the

radiator is calculated as follows:

tanh(mL)
Now = (3-49)
mL,
where L. is the characteristic length of the fin and m is defined as
2 - htc
= 3'50
"k (3-50)

rad *
where htc is the heat transfer coefficient, kraq is the aluminum radiators thermal conductivity (159
W m™! K'! for aluminum), and ¢4 is the fin thickness. The wall thermal resistance is calculated as
shown below:

L

Ry="——
! krad 14wa11

(3-51)

where L is the wall thickness, krad is the thermal conductivity of the radiator (159 W m™! K!), and
Awan 1s the area of wall exposed inside the radiator. Equations (3-52) — (3-54) depict the Nusselt
correlation used with Equation (3-25) to calculate the heat transfer coefficient. These correlations

were developed by Shah and Bhatti [98]:
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0.1
-2 -5

o2200Re 0.079 Re- Pr( fdarcy / 8)0‘5
———+| Nu, + 5/6
365- Nu,, . (1+Pr"%)

Nu=1<Nu, "+ (3-52)

Nut,,, =8.235(1-2.0421a +3.0853a” —2.4765¢° +1.5078a* —0.1861a° )~ (3-53)

Nu, =63 (3-54)

where alpha is the aspect ratio and fdarcy is the Darcy friction factor. The friction factor is calculated
with equations (3-55) — (3-57) depending on the Reynolds number as shown in Equation (3-29).
The transition from laminar to turbulent for this correlation is Re = 2000 — 4000. Thus, if Re <
2000 then the friction factor is as follows:

fo = :—6(1 ~1.35530+1.9467a* ~1.7012a* +0.9564a* - 0.2537a° ) (3-55)
(5]

but, if 2000 < Re < 4000, then interpolation will be used to calculate the friction factor for the

transitional flow:

In(Re) —In(2000)
In(4000) —In(2000)

ieansiston = exp{ {In(f,,,,(4000) - In(£,,,,(2000)} + 1H(f1am(2000))] (3-56)

and, if Re > 4000, then the friction factor is calculated as follows:

Frurt =01'{3ﬂ(1.0875—0.1125a) (3-57)

0.25
€

The Darcy friction factor calculated from the above equations is also used to calculate the
microchannel heat sink pressure drop. The friction factor is used to calculate the internal pressure

drop as shown below:

AP=05fy..-p-V -% (3-58)

h
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where v is the velocity of the fluid in the channel, and Lix is the length of the heat exchanger. The
pressure drop due to the expansion or contraction from the radiator inlet to the microchannels is

calculated as follows:
2
AR, Expan/conract = O'S'Kexpansion/connaction PV (3 -5 9)
where Kexpansion/contraction 1S the k-factor for either area expansion or contraction. This k-factor is

modeled as a sudden expansion and sudden contraction based off available k-factor correlations in

[99] published by Crane. The K factors are as follows

(1-7°)
Kexpansion = IB4 (3-60)
(1-#)
= 3-61
contraction IB4 ( )

where [ is the ratio of diameter 1 and diameter 2. The diameter for the inlet channels is calculated
by summing the total flow area and calculating its circular diameter.

The air side of the heat exchanger will now be discussed. Figure 3-14 shows the air side of
the louver fins. The correlation for heat transfer and pressure drop through the louver fins used is
Chang et al [100] an amendment of the original correlation by Chang and Wang [97]. The form of

the Nusselt correlation used to calculate the external heat transfer coefficient is shown below:
Mi=j, . -RePr” (3-62)

where jexternal 1S the external Colburn J friction factor which is calculated from the product of three

terms:

Jotema = /oS5 (3-63)
where f1, 2 and f3 are the friction factor correlation parameters. The correlation for these depends
on the Reynolds number. For 0 <Re < 130:
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F
f, =1439Re™ 1. Lln(l + L—*’D (3-64)

P

—1.435

fo= ln[(%J +o.9J (%J | (In(0.5Re)) ™" (3-65)

p p

r ~0.308 7 ~0.308 o167 T 2
=2 4| exp D 3-66
f3 [Li J (Li ] P ( :
For 130 <Re <230:
ffaming 20-5(1+W)'ﬁ30 +(1_W)'f230 (3-67)
w=3.6—0.02Re (3-68)
And for 230< Re < 5000
—0.527
046049—% E . .
f,=497Re ¢ .1 In| 0.9+ - (3-69)
FP
T
-2.966 —0.7931->
D, F T,
=| —In(0.3Re L 3-70
. (Lp ( )j 3 o

20.0446 14\ %
y {ij In 1.2{% 0 (3-71)
D, Fp

where F, is the fin pitch, Fiex is the external fin thickness, Fq is the fin depth, 8 is the louver angle
in degrees, Ly is the louver pitch, L is the louver length, 7}, is the tube pitch, Dy, is the major tube
diameter, and 7, is the tube pitch minus the tube diameter. The air side pressure drop will now be

calculated. The air side pressure drop can be calculated from:

F
APy =05 fey -7V’ 3‘1 (3-72)

h
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where the Darcy friction factor is four times the Colburn J friction factor. The external geometries

that will be modified during the optimization are: the F'ext (fin thickness), Fiext (fin length), FPlex

(fins per inch external), 8, and LPIex (louvers per inch). The initial dimensions to the model, and

the dependent variables relation to the independent variables are shown in Table 3-7. By modifying

the five dependent variables, all of the dimensions will be optimized. Theta will be given a base

value of 28 degrees for the preliminary calculations while optimizing the other dimensions. After

this is completed, Theta will then be varied to determine if changing it can offer improved

performance. Similarly, the louvers per inch will also be set at 22 and will be modified after Fiext,

Fiext and FPIex have been optimized. Finally, the wall thickness will set at 2 mm and will not be

changed.

Table 3-7 Louver fin dependent variables relation to independent variables

Variable Value

Wallw (Wall thickness) 2.00 [mm]

Fiext (fin thickness) 0.10 [mm]

Flext (fin length), 12.70 [mm]

F Pl (fins per inch external) 19

LPIex: (louvers per inch) 22

6 (Louver angle) 28 [degrees]

Dn (Tube diameter) Flint

L, (Louver pitch) 0.0254 [m] / LPIcx:
F; (Fin pitch) 0.0254 [m] / FPlex
F4 (Fin depth) 0.05334 [m] (2.1 [in])
Li (Louver length) 08 Fi

T, (Tube pitch) Fline+ Walln

Th (Tube pitch minus major tube diameter) Tp - D

The volumetric flow rates from the fans can be determined by solving the operating point:

AR 10

=AF, airhx T Alzhassis
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Figure 3-15 M9506A Keysight AXIe chassis fan curves

where APy, 100 18 the fan curve of fan tray 1 at 100% duty cycle, and AP.p,gi5 15 the air side
pressure drop from the chassis. The fan curves for the six fans in fan tray 1 are shown in Figure 3-

15, courtesy of Keysight. The fans at 100% duty cycle in Pascals:

AP, 0 =20.436x° —147.34x° +359.1x"* —315.06x° +23.578x” —25.805x +220.39 (3-74)

fan,100
where x represents the volumetric flow rate of the fans in m® min'!. The actual flow rate at the heat

exchanger can be determined:

V =X- pa,Std (3'75)

fan,act
p a,hx,avg
where p, s¢q i the air at standard pressure and temperature of 25°C, and p, hy avg is the average air

density in the heat exchanger at its average air temperature and pressure. The pressure drop across

the M9506A AXle chassis was also measured in the lab
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AP,

chassis

=0.7775x> —0.318x (3-76)

where x is the volumetric flow rate.

3.4.3. Pump
The flow delivery device for this system will be sized based off the required head and

volumetric flow rate. The head calculation for the machine:

i, = Mo (3-77)
head
Pr

where AP, mp is the total system pressure drop at the maximum operating point in Ibf ft2 and p¢
is the density of the fluid in Ibf ft>. This quantity reflects how high the fluid may be pumped

vertically in ft based off the given pressure and density. The volumetric flow rate for the system:

. m .
Vi = f (3-78)
f

in gallons per minute, where 1., is the total system mass flow rate in 1bf s™\. The pump will be
sized with a maximum power draw of 0.5 hp to confirm the head and flow rate can be obtained
with an OTS pump.

3.5. Acoustic Considerations

Acoustic tolerances are typically not discussed, but in real world applications remain a big
problem for air-cooling. Table 3-8 [101] shows representative sound levels from different noise

sources. Sound is characterized by a pressure calculation:

2
prms -
L, =10log—Pm_(4p) (3-79)

2-107° Pa
( )

where pmms 1s the root mean square of the SPL (sound pressure level) over the broadband spectrum

in Pascals and 20 pPa is the reference pressure. Typical residential and commercial limits are 68
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dBa and 72 dBa, respectively. The acoustic output for the 2" generation Keysight M9505a AXIe
chassis operating at a maximum heat load of 200 W/slot is 65 dBa. The third generation M9506a
chassis, however, has higher cooling capacities up to 300 W/slot and can reach the commercial
acoustic limit of 72 dBa due to the increase in airflow requirements from 540 to 1080 sCFM. This
seemingly small difference in decibels corresponds to a doubling in fan acoustic emissions.
However, when the 3™ generation AXIe chassis is cooling 200 W/slot, the sound pressure level is
61 dBa because with the extra fan tray, each fan provides a lower pressure and flow rate compared
to one fan tray. A modest gain in cooling performance can be made by doubling the flow rate, but
this has fundamental limits as the commercial acoustics limit has been met. Selecting fans with
sound pressure levels while operating at maximum capacity will be critical toward meeting the

acoustic targets.

Table 3-8 Noise levels referenced to real world sounds

Noise Type SPL (Pa) Noise Level (dBa)
Hearing threshold 0.00002 0
Recording studio 0.0002 20
Bedroom at night 0.0002 20
Normal sleep 0.001 30-35
Living room 0.002 40
Speech interference, 4 ft 0.04 65
Residential limit 0.05 68
Commercial limit 0.08 72
Air compressor, 50 ft 0.15 75-85
OSHA 8-h limit 1 90
Pneumatic hammer (at Operator) 3 100
Airplane (Boeing 707) 8 112
Concorde SST 40 123
Threshold of pain 180 140

As shown in literature, the sound pressure level from fans follows a linear relationship to
flow rate [102—104]. This is depicted in Figure 3-16 [103] where the volumetric flow rate is plotted

against the sound pressure level. To model the fans selected for this research, a linear relationship
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was developed by using the minimum and maximum sound power levels and the corresponding
volumetric flow rates as shown below:

SPL=m-x+b (3-80)
where m is the slope from point to point, x is the volumetric flow rate and b is the lower SPL limit
which is a constant dependent upon the machine and its configuration. The SPL limit constant of
the Keysight M9506A AXIE chassis was measured in the laboratory to be 40.2 dBa and the slope
was calculated to be 17/260 where x is in CFM. This number will be used to scale the increase in
acoustic output via the chassis in order to reach the cooling performance necessary to cool the

proposed system.
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Figure 3-16 Flow rate vs sound pressure level [103]

In this work, the equivalent air-cooled SPL of the proposed system will be predicted based
off the acoustic literature presented and from previous acoustic data measured in the laboratory on
the AXIe chassis. After this is calculated, it will be speculated whether it is realistic to design one
of these systems with air cooling and what effect it would have on acoustics in the room. This

number will be compared with OSHA (Occupational Safety and Health Administration) standards
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for acoustic levels in the workplace as well as with the acoustic outputs currently in place.
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CHAPTER 4. Analysis and Discussion

In this section, the modeling results for the liquid cooled M9506A 5-slot AXIe chassis will be
presented. First, the heat exchanger optimization for FC72 will be discussed, followed by the heat
exchanger design and optimization for the different fluids studied, then the heat sink results, and
overall heat sink performance will be presented. Next, the overall system performance will be
examined to determine which configuration had the best performance. Finally, the failure rate and
acoustics will be discussed to determine if a cooling method can increase the life of an electronics
unit while operating at higher ambient temperatures.

4.1. Heat Exchanger Design

The heat exchanger for water, water glycol, FC72 and jet fuel were numerically optimized
for the lowest steady state fluid operating temperature with the existing chassis fans. The ambient
temperature was 50°C and the total heat load was set at 3.125 kW, where the heat exchanger
rejected 2.122 kW (i.e., the liquid cooled chips absorbed heat load). The fan curves were used with
the calculated pressure drop in the chassis and across the air side of the radiator to calculate the air
flow rate through the chassis at 100% speed for full load. The minimum mass flow rate for the
liquid side was set based off the minimum heat capacity rate provided by the fans. The allowable
size of the heat exchanger was limited to fit in fan tray 2 with dimensions 2.1 in x 6.77 in x 11.5
in. The internal and external geometry optimization for FC72 in this fixed volume will now be
discussed, followed by the primary fluids optimized heat exchangers geometry and performance.

The internal geometry optimization for minimizing the exit fluid temperature of the heat
exchanger with FC72 as the working fluid is shown in Figure 4-1 through Figure 4-3. In Figure 4-
1, the air side louver fin geometry has been set at: total number of rows = 19, Theta = 28 degrees,

LPI =22, Fiext = 0.10 mm, and FPlex = 19; where the internal fin length is plotted against the
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Figure 4-1 Heat exchanger optimization for radiator outlet temperature: internal fin length vs
internal fin thickness. Internal geometry: m,;; = 0.99 kg s'!. External geometry: total rows =
19, 6 =28 degrees, LPI =22, Fiext = 0.10 mm, Filex = 12.70-10.80 mm and FPlex: = 19.

internal fin thickness while the fluid mass flow rate is held constant at 0.99 kg s™!, and the air side
heat transfer is solved using the air flow rate that is supplied by the fans. The total number of rows
is calculated as

total _rows = internal.rows + external.rows (4-1)

where internal.rows is the total number of parallel tube rows vertically, and external.rows is the
total number of parallel external fin rows. The air side fin length is calculated based off the internal
fin length to hold the heat exchanger height constant at 171.9 mm with 10 parallel external rows
and 9 parallel internal fin rows (i.e., Flext = 12.70 mm when Fiint = 1.00 mm and Fiex¢ = 11.2 mm
when Fijne = 2.68 mm). The total number of tubes in the internal row is held constant at 44. It is
shown that the minimal temperature will be achieved by minimizing the internal fin length to 1.0

mm and maximizing the fin thickness towards 1.0 mm. A shorter, thicker fin is more efficient by
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reducing conduction resistance and the heat transfer rate increases as the internal row size
decreases. Also, the area on the air side is increased through the reduction of the internal fin length.
However, at high fin thickness extremes, the pressure drop rapidly increases for a small reduction
in fluid temperature (e.g., Fin,int = 0.2 mm when APy = 20.1 kPa and 72 = 76.63°C, Fi,int = 0.5 mm
when APin=46.9 kPa and 7> = 76.43°C, Fi,int = 0.9 mm when APin=361.8 kPa and 7> = 76.00°C).
Changing the Finine from 0.5 mm to 0.9 mm resulted in a pressure drop increase by a factor of
eight, while the fluid temperature only reduced by 0.43°C. Due to the available pumping power
(365W, 0.5 hp), which is roughly 225 kPa at 1.25 kg s! for the FC72 system, the internal fin
thickness cannot be increases above 0.7 mm at FPIine = 21. A further increase can be seen below
1.0 mm fin height; however, this has been set as the minimum height for manufacturability
purposes.

In Figure 4-2, the internal fin thickness is plotted against the internal fins per inch. Again,
the mass flow rate is held constant at 0.99 kg s™!. The fluid temperature is minimized by
maximizing the fins per inch to 25 and the fin thickness to 1.0 mm. There is a diminishing rate of
return for outlet temperature as the pressure drop rapidly increases at extremes of these quantities.
As the available pressure drop is limited, it is more beneficial to increase F'Plin: than Fiint as can
be shown (i.e., Fin,int = 0.5 mm and FPlins = 20 when APiy = 41.8 kPa and 7> = 76.49°C, Finint =
0.5 mm and FPlin: = 22 when APin = 52.7 kPa and 7> = 76.37°C, Finint = 0.6 mm and FPlin: = 20
when APiy = 58.6 kPa and 7> = 76.40°C). When the same cooling performance is achieved from
increased FPlint and Finint, the pressure drop increased by 10.9 kPa, and 16.8 kPa, respectively.
Thus, it is more beneficial to increase FPlint. The internal tube width has been set at a minimum of
0.5 mm for manufacturability purposes. This occurs at a F/Plin; of 25 and an internal fin thickness

of 0.5 mm. Therefore, the optimal geometry is at FPlin = 25 and Fuine = 0.5 mm,
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Figure 4-2 Heat exchanger optimization for radiator outlet temperature: internal fin thickness
vs internal fin per inch. Internal geometry: 7;,,=0.99 kg s’l. External geometry: fotal rows=

19, 8 =28 degrees, LPI =22, Fiext = 0.10 mm, Filext = 12.70 mm and FPlexi = 19.

resulting in a tube width of 0.55 mm.

In Figure 4-3, the mass flow rate is varied for fins per inch 15-25, and the heat exchanger
internal pressure drop is plotted. As the fins per inch is increased, the fluid temperature is reduced.
For fins per inch internal increase from 21 to 25, the hydraulic diameter decreases resulting in
increased heat transfer rates (4301 W m™ K! vs 5038 W m? K'!). The internal heat transfer area
also increases (0.0126 m? vs 0.0149 m?), resulting in a lower internal thermal resistance (0.0108
K W' vs 0.00875 K W-). The mass flow rate has a smaller effect on the outlet temperature. For
FPlinternal = 21, as the mass flow rate is increased from 0.96 kg s™! to 1.4 kg s!, the temperature
does not change from 76.43°C, while the internal pressure drop increases from 45 kPa to 88 kPa.
Thus, the optimal dimensions for the FC72 heat exchanger are 25 internal fins per inch, and

roughly 0.96 kg s7!.
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Figure 4-3 Heat exchanger optimization for radiator outlet temperature: internal fin length vs
internal fin per inch. Internal geometry: 1h;,= 0.96-1.42 kg s'l. External geometry: total rows
=19, 0 =28 degrees, LPI =22, Fiext = 0.10 mm, Fiext = 12.70 mm and FPlex = 19.

The internal geometry optimization of the heat exchanger showed that as the internal fin
length was minimized, fins per inch and fin thickness were maximized, resulted in the lowest
steady state fluid operating temperatures. The internal fin height was set at a minimum value of
1.0 mm for manufacturability purposes, and suggests lower fin heights could further improve
performance. The channel width for the internal tubes was set at a minimum of 0.50 mm for
manufacturability purposes. This occurred at a fin per inch, and fin thickness, of 25, and 0.50 mm,
respectively. Increasing the liquid mass flow rate for beyond 0.96 kg s! did not low operating
temperatures for fixed geometries, as the thermal resistance was relatively fixed. Thus, the optimal
dimensions for the FC72 heat exchanger are 25 internal fins per inch, 1.0 mm fin height, 0.5 mm
fin thickness and roughly 0.96 kg s™.

The external geometry optimization for minimizing the exit fluid temperature of the heat
exchanger with FC72 as the working fluid is shown in Figure 4-4 through Figure 4-6. In Figure 4-

4, the external fins per inch is plotted against the fin length while the mass flow rate of the fans is
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Figure 4-4 Heat exchanger optimization for radiator outlet temperature: external fins per inch
vs external fin length. Internal geometry: fotal rows = 25-11, my;, = 0.96 kg 5!, FPLin = 25,
Fline= 1.0 mm, Finint = 0.5 mm. External geometry: FPlexi = 15-25, Flext = 8.16 — 17.2 mm, LPI
=22, 0 =28 degrees.

determined by balancing the pressure drop through the radiator and the chassis and the fan delivery
pressure. The governing equations and fan curves used to do this are described at the end of section
3.4.2. The liquid side properties for the figures are: ;4 = 0.96 kg 5!, FPlintemal = 25, Fnint = 0.5
mm, and Fiine= 1.0 mm. The external fin length is varied by changing the total number of rows in
the vertical direction from 25 to 11, where the number of external rows is always 1 more than the
number of internal rows. The optimal design that results in the lowest temperature is located in the
center of the grid because this yields the lowest heat exchanger outlet temperature. Here, FPlex =
19 and Flexe = 12.7 mm result in an air side mass flow rate of 265 sCFM. At high fins per inch, the
mass flow rate decreases and does not provide enough air to reject the heat. For example, at F/Plex;
= 24 the flow rate is 212 sCFM. At low fins per inch, the air mass flow rate further increases, but
the area continues to decrease which results in a higher air side thermal resistance. At high fin
lengths (24 mm), the fin efficiency drops from 90% to 72%. This reduction in fin efficiency

93



increases the airside thermal resistance resulting in higher fluid operating temperatures (79.0°C).
At low fin lengths (9 mm), the total air side surface area decreases as the total number of rows is
increased to 25; with 12 internal rows for liquid and less area for the air to flow through, the air
mass flow rate decreases and increases the fluid operating temperature. Thus, FPlexi = 19 and Fiext
= 12.7 mm has the lowest fluid operating temperature of 76.22°C.

The fin thickness vs external fin length is plotted in Figure 4-5. Again, the mass flow rate
of the air is determined based off the air side pressure drop and the fan curve. It is clearly shown
that as the external fin thickness is increased from 0.1 mm to 0.3 mm, the outlet temperature
increases from 76.22°C to 78.67°C. At high fin thicknesses, the airside mass flow rate decreases
from increased pressure drop (e.g., Finext = 0.10 mm, Vfan'act =274 sSCFM APgi: = 68.0 Pa, Fihext =
0.30 mm, Vfan,act =233 sCFM APg;: = 93.9 Pa). At fin thicknesses below 0.1 mm, the airside mass

flow rate further increases but the outlet temperature rises because of decreased fin efficiency
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Figure 4-5 Heat exchanger optimization for radiator outlet temperature: external fins thickness
vs external fin length. Internal geometry: fotal rows = 11-25, 1y, = 0.96 kg s!, FPIL = 25,

Fline = 1.0 mm, Finint = 0.5 mm. External geometry: FPlex. = 19, LPI=22,0 = 28 degrees.
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(90% vs 80%). An external fin thickness of 0.15 mm results in the lowest operating temperature
of 76.09°C and is thus selected as the optimum value.

The louvers per inch vs. louver angle theta is plotted in Figure 4-6. Low louvers per inch
result in higher air side heat transfer coefficients but at the expense of increased pressure drop,
decreasing the airside mass flow rate. For example, at louvers per inch of4, 11, and 21, the pressure
drops are 109 Pa, 74 Pa, and 69 Pa, respectively. Four louvers per inch attains the highest heat
transfer coefficient of 125 W m™ K'!, but the increase in air side pressure drop reduces the mass
flow rate and reduces its performance. 11 louvers per inch results in the lowest temperature of
75.31°C at a heat transfer coefficient of 102 W m K'!. The louver angle 8 does not affect the
operating temperature significantly, changing from 75.38°C at 24 degrees, to 75.28°C at 30

degrees. Higher louver angles result in lower steady state operating temperatures.
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Figure 4-6 Heat exchanger optimization for radiator outlet temperature: external louvers per
inch vs theta (louver angle). Internal geometry: total rows = 19, 1y, = 0.96 kg sh, Flin=1.0
mm, Finine = 0.5 mm. External geometry: FPlext = 19, Flext = 12.7 mm.

In summary, as the external fins per inch increases, the airside mass flow rate decreases
because of increased pressure drop. At low fins per inch, the thermal resistance increases from the
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area reduction, increasing the steady state fluid operating temperature. At high fin lengths, the
airside mass flow rate increases but the thermal resistance increases from decreased fin efficiency.
At low fin lengths, the mass flow rate decreases because of increased pressure drop. At low fin
thicknesses, the fin efficiency decreases but at high fin thicknesses, the mass flow rate decreases
because of increased pressure drop. Low louvers per inch result in high heat transfer coefficients
but increase pressure drop, lowering the airside mass flow rate. High louvers per inch result in low
heat transfer coefficients but increase mass flow rate. The louver angle does not significantly
change performance, but higher angles result in lower steady state fluid operating temperatures.
Thus, the optimal design is 19 external fins per inch with 0.15 mm thickness, 11 louvers per inch,
6 =30 degrees, a total number of rows of 19, and a fin length of 12.70 mm.

The geometric characteristics of the four heat exchangers were optimized and resulted in
very similar optimal structures and performance. These are shown in Table 4-1. All of the heat
exchangers performed best at the minimum internal fin length of 1.00 mm and a fin thickness of

0.5 mm except for water which performed slightly better at 0.1 mm fin thickness. Water performed

Table 4-1 Optimized heat exchanger dimensions for primary fluids

Fluid Water FC72 Jet Fuel GC 50/50
Effectiveness 84% 79% 81% 84%
Ti2 (°C) 75.35 75.28 75.30 75.12
Fint, length (mm) 1.00 1.00 1.00 1.00
Fint,th (mm) 0.1 0.5 0.5 0.5
FPlIint (Fin/in) 17 25 25 25
Fextlength (mm) 12.70 12.70 12.70 12.70
Fext, th (mm) 0.15 0.15 0.15 0.15
FPlIext (Fin/in) 19 19 19 19
LPI 11 11 11 11
0 (degrees) 30 30 30 30
Total Rows 19 19 19 19
Reint 6317 6399 3573 2272
Nulint 37.92 69.96 45.54 29.12
ki (W m™! K1) 0.61 0.055 0.11 0.39
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best at Fint,n = 0.10 mm because all of the other fluids used the enthalpy approximation (Ah=
cp-AT). Enthalpy can be calculated with two properties, commonly temperature and pressure. As
the pressure increases, additional energy needs to be rejected as heat. This was evident as the liquid
side pressure drop increased, so did the total heat rejected, resulting in roughly 20-40W more heat
for the radiator to cool (2143W vs 2158W). The GC50/50 (Water glycol 50/50 mixture) heat
exchanger had the lowest Reynolds number and therefore the lowest Nusselt number. The Nusselt
number in laminar flow region (Re < 2000) was constant at 4.337. Once the flow became
transitional, the Nusselt number rapidly increased from 4.337 to 29.12 at Re = 2272. This further
increases to 54.05 as the flow becomes turbulent at Re = 4190. This change in Nusselt number
from 4.337 to 29.12 resulted in the internal thermal resistance decreasing from 0.01748 K W' to
0.002683 K W! per unit cell (Tt2 = 76.48°C vs Ttz = 75.12°C). The liquid side thermal resistance
represented 21% at Nusselt number = 4.337 but decreased to 4% of the overall heat exchanger
thermal resistance at Nusselt number = 29.12. This phenomenon was not evident for the other
fluids as GC50/50 has a much high viscosity (i.e., 2.3x that of FC72), resulting in lower Reynolds
numbers for the same mass flow rate. The external geometries of the heat exchangers were the
same where the maximum heat transfer occurred at an external fin thickness of 0.15 mm, fin length
of 12.70 mm, 19 fins per inch, 11 louvers per inch, and a louver angle of 30 degrees. The internal
geometry did not significantly matter as the internal fin height should be set to the minimum value.
If the internal flow reaches transitional/turbulent, the thermal resistance becomes negligible
relative to the total heat exchanger thermal resistance (<5%). After the liquid side is at these values,
the air side becomes the most important to optimize and then optimizing the liquid side again.
The performance of the primary fluid heat exchangers is shown in Table 4-2. The heat

exchangers achieved near the same performance resulting in a fluid outlet temperature of 75.3°C.
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Table 4-2 Radiator performance metrics

Fluid Water FC72 Jet Fuel GC 50/50
Effectiveness 84% 79% 81% 84%
Vair (SCFM) 263.9 264.2 264.2 264.0
APairnx (Pa) 73.9 74.7 73.68 73.8
UA (WK) 263.9 2373 244.1 261.1
ity (kg s) 0.90 0.99 0.68 0.84
My (kg s7) 0.034 0.12 0.064 0.038
APragjiq (kPa) 18.3 76.1 7713 72.2
Pr 2.3 10.1 11.1 11.6
Pin (kPa) 119.5 298.1 151.0 142.8
Tt1 (°C) 75.91 77.18 76.72 75.84
Tts (°C) 75.35 75.28 75.30 75.12
Tsat (°C) 100.6 88.5 176.0 107.0

The heat exchanger built for water achieved the highest effectiveness, and UA. It also had the
lowest pressure drop of 18.3 kPa, and hence, lowest pumping power. The heat exchanger for FC72,
jet fuel and GC50/50 required significantly higher pressure drop in the range of 72-77 kPa. The
minimum liquid side mass flow rate was calculated based on the heat capacitance from the liquid
and air flow streams. The actual minimum values should be where the Reynolds number is
sufficiently transitional/turbulent, resulting the liquid side thermal resistance accounting for less
than 5% of the heat exchangers total thermal resistance. The steady state operating temperature for
all of the fluids was very similar, varying less than 0.20°C. Since the air side heat transfer
dominated the thermal resistance, increasing liquid side heat transfer had little effect. This was
evident as for the optimal water heat exchanger design, the internal and external thermal
resistances were 2.5%, and 97%, respectively, of the total thermal resistance. It should also be
noted that the FC72 heat exchanger needed to be pressurized to raise its saturation temperature
which is 56.3°C at ambient pressure, in order to prevent cavitation in the pump. The other fluids

were not at risk of boiling and did not need to be pressurized.
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For all of the design cases, there is a ~25.5°C temperature difference between ambient and
the working fluid. This temperature distribution is shown in Figure 4-7 for the best cooling
configuration with the fans at a maximum ambient temperature of 48°C. About 5-7°C of this comes
from the air being pre-heated before it reaches the heat exchanger because 20% of the liquid cooled
heat dissipates through the back of the PCB and the miscellaneous air-cooled components
dissipating through the top and bottom of the PCB. This 25.5°C temperature difference is important
when operating at the maximum ambient temperature of 50°C because the steady state fluid
temperature will be a minimum of 75.5°C. Since the maximum junction temperature for Big Chip
2 is 75°C, this chip will need to be air cooled as mentioned in Chapter 3. This also leaves a small

temperature budget of 9.5°C between the maximum junction temperature and fluid operating
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Figure 4-7 M9506A temperature distribution
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temperature for Big Chip 1. This means for the 160W Big Chip 1, a total thermal resistance
between junction and fluid of 0.074 K W-! is required to attain the 9.5°C temperature difference.
Achieving 0.074 K W' is impossible in all configurations besides jet impingement on the die since
the junction to lid thermal resistance is already 0.10 K W' and TIM 2 adds roughly 0.03 K W'
This high initial temperature difference for the liquid will make it difficult to keep the electronics
cool and will rely on the heat sinks to have minimum overall thermal resistance to keep the ambient

to junction temperature difference within safe limits.
4.2. Heatsink Performance

In this section, the cooling performance of the five best testing configuration models on
the M9506A will be compared. First, the total performance of the optimized cooling solutions on
each chip will be discussed. In the sub sections, the total resistance will be broken down into their
subcomponents to see what is preventing better cooling.

Figure 4-8 shows the total thermal resistance for the water microchannel cold plate with
TIM 2, the water microchannel cold plate bypassing TIM 2, water jet impingement on the lid,

0.26 0.26

0.25
0.24

—_ 0.21
s
E_‘, 0.14 013 0-16 0.15
‘6' I 0.11 0.11 012 0.12 0.11
)
N 0.08
=)

Big chip 1 Big chip 2 Regulators

B Water Microchannel on Cold Plate =~ m Water Cold Plate bypassing TIM 2
Water Jet Impingement on Lid M FC72 Jet Impingement on Lid
B FC72 Jet Impingement on Die

Figure 4-8 Total thermal resistance for all chips and heat sinks
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FC72 jet impingement on the lid, and FC72 jet impingement on the die for Big Chip 1, 2, and
regulators, respectively. FC72 jet impingement on Big Chip 1’s die achieved the lowest thermal
resistance from junction to fluid of 0.080 K W' and water jet impingement on the lid and the water
cold plate bypassing TIM 2, tie for the second best at 0.11 K W-!, which was roughly 37% higher.
The resulting junction temperatures for these thermal resistances are shown in Figure 4-9 for an
average fluid temperature of 71°C. For TDPptp of 128W, these three methods correlate to a
junction temperature of 85.1°C, 85.1°C, and 81.2°C, respectively for Big Chip 1. The maximum
junction temperature of Big Chip 1 is 85°C meaning only FC72 can cool the chip at this fluid
temperature with the subsequent cooling methods falling 0.10°C short. This means that jet
impingement on the die can operate with a fluid temperature 4.9°C higher than that of water jet

impingement on the lid and the water microchannels bypassing TIM 2. FC72 and water jet
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Figure 4-9 Junction temperatures at 71°C fluid average temperature
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impingement on the die and lid performed similarly on Big Chip 2 at a temperature difference
around 5.7°C. This was well inside the limit as the maximum junction temperature of Big Chip 2
is 90°C. Finally, water jet impingement on the regulators achieved the lowest thermal resistance
of 0.21 K W at a temperature difference of 25.3°C. With the maximum junction temperature of
the regulators being 120°C, a maximum fluid temperature of 95°C could be used. Big Chip 1 has
the most difficult heat removal problems for the system operating temperature as the fluid needs
to be at most 75°C. Overall, FC72 jet impingement on the die performed the best allowing the
highest ambient temperature.
4.2.1. Microchannel cooling results

Using the optimal geometry of cold plate 1 pap1e 4.3 Water microchannel pressure

drop breakdown
from Table 3-3, the pressure drop breakdown was
Location AP Water
calculated at the design point of Rinconv,i = 0.0102 K Chn =150 pm,
Finn=254 pm
W-! and is shown in Table 4-3. As the microchannel Finneight = 4953 pm
Teor= 0.62 kg 57!,
cold plate requires minimal mass flow rate to reach the (kPa)
Upstream 1.08
thermal resistance it plateaus at, the system mass flow manifold 1
Upstream 2.31

rate is only 0.62 kg s™\. The heat exchanger requires manifold 2
Main tubing 0.59

the most pressure drop of the system, approximately Heat sink 1.02
. . tubing
49%. The manifold and tubing pressure drop accounts Heat sinks 4.07
Heat 11.8
for 35% of the system and finally the cold plate only exchanger
Total 243
consumes 17% of the system pressure drop. The pressure
drop (kPa
thermal resistances were calculated for microchannel Tl(; tgl( ) 151
isentrobi
cooling as shown in Figure 4-10. The convection isentropic
pumping
power (W)

thermal resistance accounts for less than 7% of the
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Figure 4-10 Thermal resistance breakdown of water microchannels configuration 3-5a
overall thermal resistance in all cases. The low thermal resistance of cold plate 1 was particularly
beneficial as compared to the other cold plate options which had convection resistances as high as
20%. Recalling the TDPs from Table 3-1, Big Chip 1, 2, and the regulators are 160W, 60W, and
150W, respectively, at their maximum junction temperatures. Thus, Big Chip 1 and the regulators
require the most cooling. As is shown from the figure, independent of the liquid mass flow rate,
the minimum attainable thermal resistance for these chips is Rjc + Rtiv + Rcp, where the contact
resistance of the TIM is lumped into Rtim. This results in a minimal thermal resistance of Big Chip
1, 0.13 K Wl At the heat load of 160W, this corresponds to a AT of 16.6°C. The actual thermal
resistance and temperature difference obtained for this chip was 0.144 K W' and 18.43°C at a
pressure drop of 8.41 kPa. This system can only allow an ambient temperature of 41.6°C, otherwise
Big Chip 1 will overheat. The regulators have a junction to case resistance of 0.20 K W-! caused
by the cylindrical nature of regulators spreading heat to a flat cooling surface. At the obtained

thermal resistance of 0.242 K W', the temperature difference is 29°C. At a fluid temperature of
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66.6°C (41.6+25), the junction temperature will be 95.6°C, 24.4°C from overheating (7jmax =
120°C). Finally, Big Chip 2 is the easiest to cool at its thermal resistance of 0.156 K W-!, the
temperature difference is 7.49°C. This results in a temperature of 75.49°C for Big Chip 2 when the
fluid temperature is 68°C, 14.5°C from overheating (7jmax = 90°C).

The microchannel configuration bypassing TIM 2 is shown in Figure 4-11. The overall
thermal resistance has been significantly reduced by bypassing the TIM. For Big Chip 1, the
overall thermal resistance reduced from 0.144 K W' to 0.110 K W™! while the effective junction
thermal resistance has stayed roughly at 0.10 K W', This was solved for from simulation results
from the steady state conduction solver in ANSYS 2021 using kv = 7.8 W m™ K-! with thickness
150 um. The new temperature difference for Big Chip 1 is 14.6°C compared to 17°C. The thermal

resistance on Big Chip 2 was 0.121 K W! resulting in a temperature difference of 5.7°C. The
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Figure 4-11 Thermal resistance breakdown of water microchannels with TIM 2 configuration
3-5¢
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thermal resistance of the regulators does not change however because due to its geometry, it is not
possible to remove a layer of TIM.
4.2.2. Jetimpingement results

The thermal resistance for water jet impingement on the lid was set at 0.0080 K W-!, and a
sensitivity analysis was performed of the geometry described in Hobby et al. [79] This consisted
of varying the SD (nondimensional spacing) at 6, 8 and 10; and varying HD’s (nondimensional
height) of 1, 1.5, 2; and then these optimal nondimensional units were modeled at D; = 150, 200,
250, 300, and 400 pm. The results for the first portion of this data are shown in Table 4-4. As
lower SD (nondimensional spacing) requires more mass flux, and overall flow rate to achieve a set

thermal resistance, these designs have significantly higher peripheral pressure drop and overall

Table 4-4 Pressure drop breakdown for constant 0.0080 K W' varying nondimensional
spacing and height Water

Location AP Water AP Water AP Water AP Water AP Water
300 pm, 300 pm, 300 pwm, 300 pum, 300 pm,
Mior= 1.76 | M= 1.31 | M= 0.90 | o= 1.02 | M= 1.07
kg s, kg s, kg s, kg s, kg s,
SD =6, SD =8, SD =10, SD =10, SD =10,
HD=1.0 HD=1.0 HD=1.0 HD=1.5 HD=2.0
(kPa) (kPa) (kPa) (kPa) (kPa)

Upstream 8.63 4.51 2.29 2.92 3.18

manifold 1

Upstream 18.4 9.65 4.89 6.24 6.79

manifold 2

Main tubing 4.71 2.61 1.24 1.59 1.74

Heat sink tubing 8.13 4.53 2.19 2.78 3.04

Heat sinks 3.78 7.87 13.5 18.5 21.4

Heat exchanger 68.7 40.9 214 26.5 28.7

Total pressure 139 84.2 52.7 67.7 74.8

drop (kPa)

Total 245 111 47.6 69.3 80.3

isentropic

pumping

power (W)
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system pumping power. When the HD (nondimensional height) is increased for the best
nondimensional spacing, more pumping power is required to achieve the same thermal resistance.
The design with SD = 10, HD = 1, and Dj = 300 pm, require more pressure drop at the heat sink
level but reduces the overall pressure drop due to the reduction of mass flow, making it the most
efficient design. Manifolds 1 and 2 represent the pressure drop through the supply fluid, of which
is then multiplied by two to account for the 4 total manifolds. The manifold and tubing pressure
drop accounts for roughly 36% of the pressure drop for the optimized SD but nearly 48% at SD =
6. These higher pressure drops making these lower SD design require more overall pumping
power.

The modeling results for jet diameters D; = 150, 200, 250, 300, and 400 um are shown in

Table 4-5 at SD = 10 and HD = 1.0. The best design is at Dj= 300 um requiring only 47.6 W of

Table 4-5 Pressure drop breakdown for constant 0.0080 K W' varying jet diameter Water

Location AP Water AP Water AP Water AP Water AP Water
150 pm, 200 pm, 250 pm, 300 pwm, 400 pum,
Meor= 0.93 [ M= 0.92 | Mor=0.96 | Mt=0.90 | M= 0.90
kg s, kg s, kg s, kg s, kg s,
SD =10, SD =10, SD =10, SD =10, SD =10,
HD=1.0 HD=1.0 HD=1.0 HD=1.0 HD=1.0
(kPa) (kPa) (kPa) (kPa) (kPa)

Upstream 2.45 2.43 2.61 2.29 2.28

manifold 1

Upstream 5.29 5.20 5.57 4.89 4.89

manifold 2

Main tubing 1.32 1.33 1.42 1.24 1.23

Heat sink tubing 2.32 2.34 2.48 2.19 2.22

Heat sinks 12.2 12.9 13.4 13.5 14.0

Heat exchanger 22.5 22.6 23.9 214 22.2

Total pressure 53.8 54.4 57.6 52.7 54.0

drop (kPa)

Total 50.2 50.2 55.5 47.6 48.7

isentropic

pumping

power (W)

106




isentropic pumping power to achieve 0.0080 K W-!. This design requires the second highest heat
sink pressure drop but has the lowest mass flow rate, reducing the overall pumping power. D;=
400 um requires the second lowest pumping power followed by 150 and 200 pm, but the effect of
jet diameter has small effects on the required pumping power, only varying from 47 — 56 W. Thus,
the optimal design is SD = 10, HD = 1.0 and D; = 300 um.

The thermal resistance breakdown for water with configuration 3-5b, return jet impingement
on the lid is shown in Figure 4-12 for SD = 10, HD = 1.0 and Dj = 300 pum. Similarly, to
microchannels, the junction to case thermal resistances dominate the overall thermal resistance.
However, by removing the TIM, the total thermal resistance is reduced as compared with
microchannels in the same configuration. For Big Chip 1, the overall thermal resistance reduced
from 0.144 K W to 0.108 K W, The new temperature difference for Big Chip 1 is 13.8°C

compared to 18.4°C. This new lower temperature difference allows for 71°C fluid operating
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Figure 4-12 Thermal resistance breakdown of water jet impingement on the lid config 3-5b
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temperature without causing Big Chip 1 to overheat. The thermal resistance on Big Chip 2 was
0.118 K W-! resulting in a temperature difference of 5.7°C compared to 6.8°C of the microchannel
cold plate. This chip will be able to operate with fluid up to 84°C and will not be a limiting factor.
The regulators in this configuration have a total thermal resistance of 0.211 K W' and result in a
temperature difference of 25.3°C, 4°C lower than microchannel cold plates. Nevertheless, this is
well inside the temperature limits of the regulators. The pressure drop for the jet impingement heat
sink was 13.5 kPa compared to the 4.1 kPa pressure drop for the microchannel cold plate. On the
system level, the isentropic pumping power and mass flow rate was 47.6W and 0.90 kg s!
compared to 15.1W and 0.62 kg s™!, just over three times the pumping power but still within the
operation limits of a the whole 5-slot chassis.

0.5 hp (@373W) pump for

Table 4-6 Pressure drop breakdown for constant 0.080 K W! varying nondimensional spacing
and height FC72

Location AP FCT72 AP FC72 AP FC72 AP FC72 AP FC72
300 um, 300 um, 300 um, 300 um, 300 um,
Miot= 1.91 | Myor= 1.25 | Myot= 0.876 | M= 1.44 | myo= 1.57
kg s, kg s, kg s, kg s, kg s,
SD =6, SD =8, SD =10, SD =38, SD =38,
HD=1.0 HD=1.0 HD=1.0 HD=1.5 HD=2.0
(kPa) (kPa) (kPa) (kPa) (kPa)

Upstream 6.40 2.74 1.35 3.65 4.35

manifold 1

Upstream 14.0 5.99 2.95 7.98 9.50

manifold 2

Main tubing 6.26 2.68 1.32 3.58 4.26

Heat sink tubing 2.54 1.12 0.53 1.49 1.77

Heat sinks 79.7 148 255 218 278

Heat exchanger 50.5 24.1 13.1 31.0 36.0

Total pressure 180 193 279 277 348

drop (kPa)

Total 223 156 158 259 354

isentropic

pumping

power (W)
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The FC72 return jet impingement optimization will only be carried out in configuration 3-5d,
jet impingement on the die due to the poor cooling potential in configuration 3-5b as will be
discussed. The SD at 6, 8 and 10 are shown in Table 4-6 with HD at 1, 1.5, 2 for the best SD. SD
=8 and HD = 1 show the best performance at 156W of pumping power, 2W better than SD = 10
and AD = 1.0. The pressure drop for the return jet impingement design at SD = 10 is 72% more at
the heat sink than SD = 8, but the reduction in mass flow rate, and effectively peripheral pressure
drop makes the designs pumping power comparable. The variation in D from 1.0 to 1.5, and 2.0,
has a large effect on the system, requiring 66%, and 127%, increase in pumping power,
respectively. The tolerance of this component will have to be kept to achieve the design heat sink
performance.

The modeling results for jet diameters D; = 150, 200, 250, 300, and 400 pum are shown in
Table 4-7 at SD = 8 and HD = 1.0. The best design is at Dj= 400 um requiring only 116 W of
isentropic pumping power to achieve 0.080 K W-!. This design requires the highest heat sink
pressure drop but has the lowest mass flow rate, reducing the overall pumping power. Dj=250 pm
requires the second lowest pumping power followed by 300 um. The designs in this study will not
investigate larger jet diameters due to their increased Reynolds number, further out of the bounds
of the correlation. For instance, the Reynolds number of Dj = 400 um is 13839 at the design point
and D;j =250 pm is 8383. Lowering the hydraulic diameter for jet impingement to the same as the
microchannels channel width (150 um) did not make a significant difference. In fact, the lower
hydraulic diameters for jet impingement performed worse. This was because by maintaining the
same SD ratio and decreasing jet size, the number of jets on the available surface area was
dramatically increased from 5 x 5 at 400 um to 13 x 13 at 150 um. The reason the SD had to

maintain the same is because if the dimensional spacing was kept, it would result in a large SD
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Table 4-7 Pressure drop breakdown for constant 0.080 K W-! varying jet diameter FC72

Location AP FC72 AP FC72 AP FC72 AP FC72 AP FC72
150 um, 200 pm, 250 pm, 300 pm, 400 pm,
Mior= 1.41 | M= 1.31 | Myor=1.25 | M= 1.25 | mo= 0.986
kg s, kg s, kg s, kg s, kg s,
SD =8, SD =28, SD =8, SD =8, SD =38,
HD=1.0 HD=1.0 HD=1.0 HD=1.0 HD=1.0
(kPa) (kPa) (kPa) (kPa) (kPa)

Upstream 3.51 3.01 2.74 2.74 1.71

manifold 1

Upstream 7.67 6.58 5.99 5.99 3.73

manifold 2

Main tubing 3.44 2.95 2.68 2.68 1.67

Heat sink tubing 1.36 1.16 1.12 1.12 0.69

Heat sinks 136 140 138 148 153

Heat exchanger 29.9 26.2 24.1 24.1 16.0

Total pressure 193 189 183 193 182

drop (kPa)

Total 176 161 148 156 116

isentropic

pumping

power (W)

that would effectively decrease heat transfer. The jet velocity of the 25 jets compared to the 169
jets was 9.1 m s to 8.3 m 57!, respectively, and the Reynolds numbers were 13839 compared to
4300. Furthermore, the smaller jet sizes have higher pressure drop for the same velocities and
result in greater power consumption. Thus, the optimal design is SD = 8, HD = 1.0 and D; = 400
pum.

Figure 4-13 shows modeling results obtained from using FC72 with configuration 3-5d, return
jet impingement on the die. This method achieves the lowest thermal resistance on Big Chip 1 of
0.080 K W-!. Big Chip 1 requires the most cooling and has a much larger die compared to the other
chips. As mentioned earlier, larger die sizes are easier to cool as they have less conduction thermal

resistance. The AT for Big Chip 1, and 2 are 10.2°C, and 5.1°C, respectively, at these thermal

110



resistances. The reason AT for Big Chip 1 is so much higher is due to its significantly higher TDP.

The regulators do not have a die and are cooled with jet impingement on the lid. Since the
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Figure 4-13 Thermal resistance breakdown of FC72 jet impingement on the die configuration
3-5d

maximum temperature for Big Chip 1 is 85°C and the regulators are 120°C, the regulators have

significantly more available thermal resistance before overheating:

T max YZJperating
Izth,available = W (4'2)

where Tmax is the maximum junction temperature, Toperating 1S the device junction temperature and
TDP is the thermal dissipation power. The pressure drop of the heat sink for Big Chip 1 is 152 kPa
where the peripheral pressure drop is 34.7 kPa. The isentropic pumping power and mass flow rate
for this system are 119 W and 0.986 kg s™'. A further decrease in thermal resistance is possible for

this cooling solution by increasing the mass flow rate as the thermal resistance is 100% convection.

111



This is dissimilar to the other cooling configurations with higher thermal resistance as a majority
(95%) of the thermal resistance was fixed.

The modeling results for FC72 return jet impingement on the lid are shown in Figure 4-14.
Due to the poor heat transfer properties of dielectrics, the thermal resistance is considerably higher

even at higher pumping power. The convection thermal resistance accounts for 25% of the thermal
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Figure 4-14 Thermal resistance breakdown of FC72 on the lid configuration 3-5b

resistance at a pumping power of 172W, about seven times that of water. The increased surface
area to jet on caused the mass flux and jet velocities to be significantly lower than FC72 jet
impingement on the die and is the main reason for the poor heat transfer performance. When the
mass flux is increased, there is significant pressure drop in the peripheral. The pressure drop of the
heat sink for Big Chip 1 is 39.12 kPa where manifolding pressure drop accounts for around 37%
of the system pressure drop at 50.10 kPa. The performance for Big Chip 2 is considerably worse

compared to before. The temperature difference for these chips is still low though due to the low
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chip power consumptions. The regulator is within spec at its current thermal resistance because
the regulator has a maximum operating temperature 35°C greater than Big Chip 1.
4.2.3. Overall heat sink results
In Figure 4-15, the thermal resistance breakdown for the cooling configurations on Big Chip 1
are depicted. The first configuration 3-5a contained a microchannel cold plate attached to the lid
of the chip by a TIM. Although the TIM used was high-performance, it represented a large portion
(15%) of the thermal resistance to cool the chip. By removing TIM 2 and a layer of copper heat
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Figure 4-15 Thermal resistance breakdown of different cooling configurations on Big Chip 1

spreading, the cold plate bypassing TIM 2 performed identically to water jet impingement on the
lid. Jet impingement directly on the lid with water however showed a 15% reduction in thermal
resistance for similar pumping power without requiring the removal of the lid for microchannel
cooling. FC72 jet impingement on the die performed the best at a thermal resistance of 0.080 K
W-L. This came at the cost of increased pumping power due to the high dynamic viscosity of FC72
and the higher required mass flow rate. If the mass flow rate was decreased to a thermal resistance

of 0.11 K W-! (water jet impingement on the lid), the pumping power would still be higher at
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55.3W, about twice the required pumping power of water. This is very reasonable as a small pump
can provide 52.2W. FC72 return jet impingement on the lid performed the fourth best of the testing
configurations and performed better than its microchannel counterpart without removing the lid.
Microchannel cooling utilizes increased surface area to obtain lower convection thermal
resistances per mass flow rate. Figure 4-16 compares the pressure drop and thermal resistance vs
mass flow rate for microchannel and jet impingement cooling methods. Looking at these
individually, the convection thermal resistance for microchannel cooling is relatively constant and
approaches 0.0096 K W-! from its initial 0.010 K W-!. This is because the Nusselt number only
changes in the developing region and is constant for laminar flow with fixed geometry. The

pressure drop of the microchannels is significantly lower but further increases in mass flow rate
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Figure 4-16 Microchannel cooling vs return jet impingement

are limited by peripheral pressure drop. The reason the microchannel pressure drop looks
somewhat linear is due to the Darcy friction factor starting out high at low flow rates and then
decreasing with increased flow rates. The Reynolds numbers in the 150 um microchannels ranged
30-500 and would need 0.30 kg s per chip to enter the transitional region. Return jet impingement
out-performs microchannel cooling at roughly 0.025-0.035 kg s™! at a pressure drop of just under

9 kPa if TIMs are bypassed. Microchannel cooling for this configuration is better at low flow rates
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but due to the Nusselt number being constant for laminar flow, microchannel cooling is limited by
the manufacturable geometry. The Nusselt number for return jet impingement does not flatline as
it further reduces the thermal boundary layer whether laminar or turbulent flow. In the system
design perspective, this 0.0096 K W-! is only at most 7% of the total thermal resistance of the
package. The primary thermal resistance is from junction to the base of the cold plate. At the cost
of higher pumping power, return jet impingement can outperform microchannel cooling if TIM’s
are passed.

The pumping power vs junction temperature is shown in Figure 4-17 where the system mass
flow rate was varied for the four configurations with 40°C ambient temperature. Water jet
impingement on the lid has the best performance per the amount of pumping power required until
75W where FC72 jet impingement on the die outperforms the 78°C junction temperature attained
from water with configuration 3-5b and 3-5¢. Water in configuration 3-5b and 3-5¢ show the best
performance per pumping power reaching 80°C operating temperature for ~SOW pumping power.
Switching fluids from water to GC50/50 for configuration 3-5b and 3-5c results in a ~3°C higher
junction temperature and requires 120W+ pumping power. The microchannels in configuration 3-
5S¢ with GC50/50 however result in a slightly lower junction temperature than jet impingement in
configuration 3-5b. The added layers of thermal resistance for the water microchannels in
configuration 3-5a, in effect, make it perform the worst resulting in an 85°C junction temperature.
FC72 jet impingement on the die with configuration 3-5d attains the lowest junction temperatures
beyond 75W. Jet impingement with jet fuel A-1 requires much higher pumping power but can
attain lower temperature beyond that of conventional methods. The junction temperature further
decreases for jet fuel A-1 but is out of the range of pumping power available (0.5 hp, 373W) for

the chassis. The total chassis load being cooled here is roughly 3000W and the fan power
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Figure 4-17 Pumping power vs junction temperature for configurations 3-5a—d, water,
GC50/50, FC72, and Jet fuel A-1

consumption is constant for all the shown cases at roughly 72W, resulting in COP of 17 for 100W
pumping power.
4.3. System Level Performance

Four testing configuration models were developed to compare the cooling performance of
the M9506A.. In these configurations, different conduction paths were modeled, and the heat sinks
were optimized for each cooling configuration to determine the best method. In this section, the
performance of the best configurations will be expanded upon for their performance at 50°C
ambient temperature. The system pressure drop for the solutions will be compared and the required
pumps will be sized for the systems. The leakage current will be discussed for various ambient

operating temperatures and its effect on total system power consumption. The failure rate and
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acoustic performance of the systems will be discussed and finally, increased heat exchanger size
and switching flow directions will be considered.

4.3.1. High ambient temperature operation

None of the cooling configurations could successfully cool the chassis at 50°C ambient
temperature, although FC72 jet impingement on the die came close at 48.7°C. The current
generation fans on the chassis were inadequate to provide the necessary flow rate to reject 3.125
kW, resulting in high operating temperatures (75.5°C). Once again, the air has become the limiting
factor accounting for 76% of the total thermal resistance from junction to ambient. Thus, as the
liquid cooling performance is at its maximum, there is a need to increase the airside mass flow rate
beyond its current level. The addition of this makeup air would need to come from selecting new
fans, or the addition of a blower in Zone 3.

The steady state conditions were solved for at 50°C ambient, and Table 4-8 was generated.
Heat that was not rejected by the liquid was added to the air stream before cooling the radiator,
which resulted in a roughly 7°C increase in air temperature. This increase in air temperature varied

as the maximum flow rate provided by the fans was nominally 265 sCFM. The difference between

Table 4-8 System level summary

Method | Dn | Fluid | Config | Wps Vair,req Myiq | APliq | Tic,1 | Rbigehipl Rheat
(},ll’l’l) (W) (SCFM) (kg (kPa) (OC) (K 4 exchanger,req
s ) (K W)
Micro 150 | Water | 3-5a | 14.6 | 443 0.62 | 23.1 | 85 | 0.145 | 0.003033
JetImp | 300 | Water | 3-5b | 62.6 | 326 090 | 523 | 85 | 0.108 | 0.003469
Micro 150 | Water | 3-5¢ | 15.9 337 0.62 | 25.0 | 85 | 0.110 |0.003399
JetImp | 400 | FC72 | 3-5d | 166 282 1.01 | 223 | 85 | 0.078 | 0.004092

265 sCFM and the required sCFM is the makeup air needed to meet the 85°C maximum junction
temperature of Big Chip 1, which results in the required thermal resistance of the heat exchanger

for each configuration. For the worst configuration, 3-5a, the airside mass flow rate needs to be
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nearly doubled from 265 sCFM, to 443 sCFM. This is likely not realistic and would dramatically
increase acoustic output. For the best configuration, 3-5d, the airside mass flow rate needs to be
increased by 17 sCFM to achieve the target conditions. Without this makeup air, the system can
operate at a maximum temperature of 48°C. The second-best configurations are jetting onto the lid
with water (3-5b), and the water cold plate bypassing TIM 2 (3-5¢), which result in a thermal
resistance of 0.108 K W and 0.110 K W™!, respectively. This 0.002 K W increase in performance
results in 3-5b requiring 11 sCFM less air mass flow rate than for configuration 3-5b to maintain
the chips within safe operating limits. However, jetting directly onto the die to achieve 0.078 K
W-! did require the highest isentropic pumping power of 166W, the maximum the selected pump
can provide. By increasing the thermal resistance of FC72 on the die to be 0.110 K W!, the same
of the second-best solutions, the isentropic pumping power is significantly reduced to 39.5W.
However, this design point provides inadequate cooling.

The water microchannel cold plate in configuration 3-5a performed the worst at a thermal
resistance of 0.145 K W-!. Both water jet impingement and microchannels obtained similar
pumping power and COPs by cooling 3100W with roughly 90W of cooling power (Wt + Wpump)-
Water jet impingement required more mass flow rate than the microchannels bypassing TIM 2 but
obtains a slightly lower thermal resistance (0.108 K W' vs 0.110 K W!). The heat transfer
coefficient for water jet impingement was 25,224 W m™2-K™!. The microchannel cold plate was
17,090 W m2-K™! with 7.4 times the surface area. The microchannel cold plate in configuration 3-
5a performed the worst though because it could not make up the 0.030 K W' added thermal
resistance from the thermal interface material and the cold plate. When these two cooling
configurations switched from water to GC50/50, the heat sink thermal resistance was increased

about 0.008 K W! and required about 20 sCFM more air for the heat exchanger.
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The maximum allowable ambient temperatures for the four primary cooling configurations are
shown in Table 4-9. The FC72 system can operate with the highest allowable ambient temperature
of 48.7°C. This is due to this configuration having the best cooling performance. Water jet
impingement on the lid can operate with a 0.2°C higher ambient temperature than the water
microchannel cold plate bypassing TIM 2. Finally, the microchannel cold plate in the conventional
configuration can operate at a maximum ambient temperature of 41.7°C, 7°C lower than that of

the FC72 jet impingement on the die system.

Table 4-9 Maximum allowable ambient temperature

Method | Dn | Fluid | Config | Wy, T Myiq | APliq | Tic1 | Roigehipl Rheat
(um) (W) | ambient (kg (kPa) | (°C) | (K W™ | exchanger,req
O | sh D (KW
Micro 150 | Water | 3-5a | 14.6 | 41.7 | 0.62 | 23.1 | 85 | 0.145 | 0.003033
JetImp | 300 | Water | 3-5b | 62.6| 457 [0.90 | 52.3 | 8 | 0.108 | 0.003469
Micro 150 | Water | 3-5¢ | 159 | 455 |0.62 | 250 | 85 | 0.110 | 0.003399
JetImp | 400 | FC72 | 3-5d | 166 | 48.7 1.01 | 223 | 85 | 0.078 | 0.004092

The thermal resistance for Big Chip 1, and the total heat exchanger thermal resistance from the
LMTD between the four fluids are shown in Figure 4-18 for configurations 3-5a-d. The solid lines
represent the total thermal resistance of the heat sink on Big Chip 1, and the dashed lines are the
total heat exchanger thermal resistance. The pumping power in this graphic was generated by
varying the liquid mass flow rate for the cooling configurations with a total-total pump efficiency
of 50%. The three water cooling configurations, 3-5a—c, show near identical performance for the
pumping power required to achieve the heat exchanger thermal resistance as it plateaus. The FC72

heat exchanger shows the best performance and plateaus at 0.004510 K W-!. The Jet fuel A-1 heat

119



—T—Trrrr-T—T——T—TTTTTTT T T T 0.02
? —
'g by
= =
= 0.10 0.01 £
- L4
s g
= £
o 73
m-l—'
0 00 I I 1 1 1 1 I I 1 1 i 1 1 1 1 I I i 1 1 i i 1 1 1 i I i i 0
0 50 100 150 200 250 300
Pumping power (W)
Water microchannels on the lid config 3-5a ——Water jet impingement on the lid config 3-5b
Water microchhanels on the die config 3-5¢ ——FC72 Jet impingement config 3-5d
——GC50/50 Microchannel config 3-5¢ ——Jet fuel A-1 jet impingement config 3-5d
——GC50/50 Jet impingement config 3-5b

Figure 4-18 Pumping power vs Big Chip 1 thermal resistance and heat exchanger total thermal

resistance for Water, FC72, and Jet fuel A-1
exchanger plateaus at a slightly higher value, 0.004980 K W-!. The GC 50/50 heat exchanger
performs second worst and plateaus at 0.004900 K W-!. Configuration 3-5d with FC72 achieves
the lowest heat sink thermal resistance beyond 80W pumping power. This continues to further
decrease beyond 150W, whereas the configurations 3-5a—c plateau at a fixed value based off the
conduction path thermal resistance. Water jet impingement on the lid performs second best
followed closely by the water microchannels in configuration 3-5c. Jet impingement on the lid
with GC50/50 requires significantly higher pumping power when compared to water for the
convection resistance to plateau for Big Chip 1 and is about 0.010 K W-! higher. GC50/50
microchannels with the lid on performs the worst resulting in the highest heat sink thermal
resistance of 0.147 K W-!. Switching fluid from water to GC50/50 increases the thermal resistance
for the heat sink and heat exchanger. GC50/50 in configuration 3-5c attains a much lower heat
sink thermal resistance when compared to 3-5b.
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4.3.2. Pressure drop summary
The pressure drop breakdown for FC72 jet impingement on the die is shown in Figure 4-
19. In this configuration, for a thermal resistance of 0.080 K W', 83% of the pressure drop is in

the jet impingement device, while 17% of the pressure drop is in the remaining fluid flow pathway.

Zone 3 Upstream
(pump) manifolds Manifold 1

: = Fan tray
" » p. -~ 1
) : Chassis level manifold

Board level manifold ~ 2"¢ tuPing

o . and tubingx\= /
exchanger | B g -
Slot ¥

Heat f

exchanger

Heat sink

tubing Upstream

Manifold 2
Downstream
Manifold 2

H Jet impingement I Heat exchanger
i board level manifold and tubing 14 chassis level manifold and tubing

AP, : 182 (kPa)
1y o = 0.99 (kg s)

Figure 4-19 Pressure drop breakdown of FC72 return jet impingement on the die SD =8, Dj =

400 pm
This is significantly better than water jet impingement on the lid, where only 25% of the pressure
drop was from the jets and 75% of the pressure drop/pumping power was being used in the
peripheral as shown in Figure 4-20. The primary reason for the increased ratio of jet pressure drop
to peripheral pressure drop is due to the smaller target jet area and hence higher mass flux on the
chip for the FC72 impingement on the device. This smaller area achieves significantly higher jet
velocities for the same mass flow rate. These higher jet velocities and mass flux increase the

pressure drop for the same mass flow rate and can reduce the overall required mass flow rate by
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achieving the target thermal resistance with less fluid when compared to a larger target surface.
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Figure 4-20 Pressure drop break down of Water return jet impingement on the lid SD = 10, D;
=300 um

The heat exchanger for water return jet impingement requires significantly more pressure drop at
the design point, 21.4 kPa vs 16.0 kPa (39% vs 9%) to achieve the heat sink thermal resistance of
0.0080 K W-!. Even though the flow rates are very similar (0.90 kg s vs 0.99 kg s™), the system
pressure drop for water return jet impingement is roughly 1/3 that of the FC72 system even though
the FC72 jet impingement system uses the pressure drop more efficiently at the heatsink level.
This is because the jet velocity for FC72 is 8.8 m s! and water jet impingement on the lid is 2.9 m
s, requiring much high jet velocities to achieve its target thermal resistance. It is important to note
that only 30% of the pressure drop of heatsink for jet impingement is from the jets and 70% of the
pressure drop is from the manifolding. Reducing this manifolding pressure drop could significantly

reduce the pressure drop and pumping power of the FC72 system.
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The pressure drop breakdown for water microchannels in configuration 3-5¢ is shown in
Figure 4-21. As the heat transfer plateaus for microchannels, this system requires the lowest mass
flow rate at 0.62 kg s™! to achieve its best performance. The largest portion of pressure drop comes
from the heat exchanger using 49% of the system pressure drop. The microchannel cold plate
consumes 17% of the pressure drop while 34% is used in the remainder of the fluid flow path. This
is similar to Alkharabsheh et al. [87] where 14% of the pressure drop was at the cold plate level

for a data center rack. Comparing this pressure drop to the water jet impingement method, less
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Figure 4-21 Pressure drop breakdown of Water microchannel bypassing TIM 2

overall pressure drop is required due to the reduction in mass flow rate. This system achieves the
best pressure drop performance due to the heat transfer being fixed in the laminar region for
microchannel cooling.

Table 4-10 shows the required pumping power and flow rate for the four fluids investigated.
The design parameters of the fluids were converted to head in ft Ibf Ibm™' and GPM to plot on

Figure 4-18. Water requires the least head and flow rate from the pump and performs best with
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microchannels where the minimal flow rate achieves the maximum cooling performance. GC50/50

requires more flow rate, head, and pumping power than water to achieve the same performance.

Table 4-10 Head and flow requirements for the pumps

Fluid APyump | Pruia (kg | Head (ftIbf | Flow rate | Isentropic pumping
(psi) m™) Ibm™!) (GPM) power (hp)

Water config a) 3.368 977 7.94 10.4 0.0197

Water config b) 9.412 977 22.22 15.37 0.0844

GC50/50 11.38 1037 25.31 17.39 0.1167

FC72 26.40 1544 41.35 10.09 0.1633

Jet fuel A-1 20.38 793 59.27 15.42 0.183

Jet fuel requires the most head, but its pumping power is similar to FC72, due to the lower pressure
drop. The dielectrics need twice the pumping power of the other fluids but can achieve significantly
better cooling. To achieve the same cooling with the other methods, additional fan power is needed
which will increase the total cooling power required for those systems.

The pump selected for water and GC50/50 is a compact inline circulation pump from

McMaster Carr. This pump can

PUMP PERFORMANCE
CAPACITY LITERS PER MINUTE

provide 17 GPM at 20 ft 1bf Ibm! 0 » s ™ e

and is only 7.75” x 6.5” x 6”. The

Design point -
pump selected for FC72 and Jet fuel \
., |
A-1 is the 0.5 hp Sta-Rite pump E i \\

[105] which can provide a maximum

4

TOTAL HEAD IN FEET
TOTAL HEAD IN METERS

|
|
|
of 55 ft Ibf Ibm™ at 15 GPM and ; | l
|

works for both FC72 and jet fuel A-

0 2 » & “0
CAPACITY GALLONS PER MINUTE

1. The size of the pump is 9.58” X Figure 4-22 Pump curve Sta-Rite DPC 1/2 H.P. 1/115V,

Medium Head Centrifugal Pump
6.6” x 15.77”. The pump curve for
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this is shown in Figure 4-22 where the operating point for FC72 is inside the maximum range of

the pump.

4.3.3. Leakage current summary
As discussed in Chapter 3, IC’s consume more power when they are at higher temperatures
because the leakage current increases. Figure 4-23 plots the ambient temperature vs the total

chassis power. The top banner includes the leakage current values and junction temperature for
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Figure 4-23 Ambient temperature vs total power consumption due to leakage current
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Big Chip 1 at each design point. For configurations 3-5b and 3-5d, the leakage current varies
between 17% and 26% for ambient temperatures of 25°C and 35°C, respectively. The water
microchannels bypassing TIM 2 (3-5¢) performs best as the total power is the lowest for all the
design points, except at 45°C ambient, where the junction temperature for water jet impingement
on the lid (3-5b) is 0.9°C lower, resulting in a 2% lower leakage current. For this 2% increase in
leakage current, the power consumption of Big Chip 1 increases from 157.9W to 159.4W, a 15W

increase for the five-slot chassis. The total system power consumption here is 3192W and 3264W
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for configuration 3-5b and 3-5c¢, respectively. When the ambient temperature is increased to 45°C,
configuration 3-5a could not keep the chips below their maximum junction temperature, resulting
in high leakage current rates (41%). For all of the design cases, FC72 jet impingement on the die
(3-5d) kept the junction temperature and leakage current the lowest. However, the FC72 cooling
method consumed the most power of all the configurations. The amount of additional power
consumption for the FC72 system compared to configuration 3-5¢ at 25°C and 45°C ambient
temperatures, were 248W and 93W, respectively. The additional total power was reduced because
the leakage current was 1% lower at 25°C, but 4% lower at 45°C ambient. The total power
consumed at 45°C ambient vs 25°C ambient is roughly SOOW more (3300W vs 2800W). Overall,
it is highly beneficial to keep the whole chassis cooler as the system consumes 17% less power.
The pumping power for configurations 3-5a-d were 29W, 96W, 29W, and 332W, respectively.
The fan power consumption for all of the cases was 72W. The FC72 system in configuration 3-5d
consumed the most pumping power of 332W at a mass flow rate and pressure drop of 1.0 kg s™!
and 254 kPa, respectively. Water in configuration 3-5a and 3-5c, consumed the least pumping
power at 29W at a mass flow rate and pressure drop of 0.62 kg s™! and 25 kPa, respectively. Finally,
configuration 3-5b consumed 96W at a mass flow rate and pressure drop of 0.90 kg s™! and 52 kPa,
respectively. While the FC72 system yielded the lowest junction temperature, more pumping
power is required. Thus, the designer needs to keep this in mind, and perhaps different fluids need
to be considered.
4.3.4. Failure rate results
The failure rate exponentially increases when an IC is operating above the 75°C junction
temperature [33]. Figure 4-24 plots the failure rates of three cooling configurations as maximum

power vs ambient temperature where the red line shows the maximum allowable ambient
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temperature. This figure was generated with the military handbook Reliability Prediction of
Electronic Equipment [34]. FC72 performed the best and had the highest allowable ambient

temperature for a fixed failure rate. Water microchannels have roughly a 20% higher failure rate
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Figure 4-24 Failure rate vs ambient operating temperature

compared to FC72 jet impingement on the die. The failure rate approaches 1 per 10° hours when
the fully loaded chassis ambient temperature is 32°C for water microchannels, 35°C for water
return jet impingement on the lid and 38°C for FC72 return jet impingement on the die. By using
FC72 jet impingement on the die, the allowable ambient temperature without damaging the
equipment is the highest.

4.3.5. Acoustic results

The sound pressure level in dBa has been plotted against the power flux for the 2" and 3™
generation AXle chassis’s in Figure 4-25. The increase in sound pressure level comes from the
addition of a secondary fan tray and the associated increase in overall pressure and flow rate.

Assuming the same rate of change in increased performance can be attained from generation to
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generation, the data has been extrapolated to predict the acoustic output of the target chassis. This

conservative estimate yields and acoustic output of roughly 94 dBa, although the curve is likely a
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Figure 4-25 Acoustic limit vs power flux on the M9506A Keysight AXIE chassis

power law relationship. This sound would be equivalent to a gas lawn mower from the operator
position. This very high acoustic output is not acceptable for a workspace [106]. The OSHA limit
for an 8-hour limit for a work shift is 90 dBa and includes industries such as construction. The
acoustic output of the proposed system is 65 dBa which is twice as quiet as the 3™ generation
system. Liquid cooling allows significant increases in performance for cooling high powered
electronic systems without increasing the acoustic output.

4.3.6. Further considerations

For all of these configurations, over 2/3 of the temperature budget, which is defined as the
IC junction temperature minus the ambient temperature (7ic-7amb), is used by the radiator. In the

best approach (3-5d), the temperature difference between the fluid and junction is 8.6°C, while the
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fluid to ambient temperature difference is 21.6°C. The current size of the radiator fits in fan tray 2
with dimensions, 2.1” x 11.5” x 6.77”, and is downstream of the heat generated in the chassis. By
simply switching the direction of the fan airflow, the best case can cool the maximum connector
limit with 50°C ambient inlet temperature to the radiator. This is a 90% improvement from the
current generation, although the outlet air temperature from the radiator is 70°C which would pass
over the remaining boards in the chassis, likely too high to be feasible for the air cooled chips on
legacy boards or Big Chip 3 with maximum junction temperature of 75°C. Reaching zero cold
plate thermal resistance would mean the chassis could operate in 58°C environments with the
current blades. Thus, improving the heat exchanger performance is much more beneficial beyond
this point for increasing the maximum ambient temperature for operation.

By increasing the length of the radiator by 50% to 17 inches, the width of the chassis, the
maximum ambient temperature with the 8 fans (from the increased area, more fans) improves to
56°C for FC72 configuration 3-5d. The thermal resistance of the heat exchanger, defined by the
average temperature difference between the two fluids, lowers from 0.004194 K W' to 0.002881
K W-!. As shown in Figure 4-26, the airside mass flow rate increases from 264 sCFM to 371 sCFM.

This results in a temperature difference of 17.5°C from the inlet air to the outlet fluid, assuming

129



Heat exchanger length Properties

IaJLm,ax = 48.7 [OC]
Flow rate: 264 [sCFM]
Fans: 6

Ti21iq= 73-5 [°C]

11.5in

= 56.0 [°C]
Flow rate: 371 [sCFM]
Fans: 8
Teaiq= 73-5 [°C]

17in

T, i.max = 60.0 [°C]

Flow rate: 475 [sCFM]
Fans: 10

Ti2iq= 73.5 [°C]

23 in

VVVYV VVVV VVVY

Figure 4-26 Heat exchanger length effect on maximum ambient temperature

the heat from the boards is still picked up (accounting for nominally 5.5°C air temperature rise
before the heat exchanger). If the heat exchanger size is doubled, and has 10 fans, the thermal
resistance lowers to 0.002203 K W' and can operate in 60°C ambient environments. As long as
the outlet liquid temperature for the FC72 heat exchanger is a maximum of 73.5°C, jet
impingement directly on the die can maintain the chips within safe operating limits.

Another configuration to consider for a liquid cooled system is attaching a cold supply line
with an external heat exchanger. Fusiara et al. [57] designed a 12 slot chassis where the temperature
difference between junction and the fluid was 27.6°C. This study designs a system without an
external coolant supply while attaining a temperature difference between junction and fluid less-
than 10°C for a higher power chip. With the use of supply fluid from an external coolant loop, the
system can maintain a maximum fluid temperature of 75°C. However, at a 50°C inlet coolant

temperature, the ICs would be much cooler, reducing the system power consumption. For example,
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Big Chip 1 would be 60°C, reducing its power consumption for each chip from 160W to 128W,
due to the reduction in leakage current.

Another possibility for increasing the maximum ambient temperature the chassis can
operate in is modifying the IC being cooled, such as increasing junction temperature or die size.
The allowable junction temperature for ICs has been increasing from 75°C to 100°C in recent
years. New Processors of today such as an Intel 17-11700 are specified at a maximum junction
temperature of 100°C [10], making higher allowable temperatures much easier to cool. Die sizes
on new high-performance processors have also increased as well making these chips easier to cool.
The AMD 7H12 die size is 1008 mm? [107], twice the size of the die sizes in this study. These
larger die sizes would cause some reduction in thermal resistance of the heat sinks. However, as
mentioned above, if the heat sink thermal resistance is zero, the maximum ambient temperature
would only increase 10°C.

This study investigated several cooling configurations and the recommendation for the best
cooling configuration depends upon the system requirements. As acoustics is a big priority for
electronic cooling systems, the FC72 return jet impingement on the die should be used as it results
in the best heat transfer performance and requires the least airside mass flow rate. This system also
reduces the IC failure rate the most. If the total system power needs to be minimized, the

microchannel cold plate bypassing TIM 2 configuration should be used.
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CHAPTER 5. Conclusions and Recommendations

This study considered four liquid cooling configurations for integrated circuits in a 4U high
density computing box. Two cooling methods were considered (microchannel and return jet
impingement cooling), each with and without a heat spreader. Liquid cooling systems were
designed for the 5-slot chassis, and were modeled in Solidworks to accommodate fluid routing
requirements. In each slot, four primary heat sources were cooled with liquid (ASICs, FPGA, CPU,
regulators), while the rest of the components on the board were cooled with air. A full liquid
cooling system was designed where heat was removed from the circuits primarily to the liquid and
then subsequently transferred to the air in a radiator that was placed inside the computing box. All
the configurations had the same flow loop, and their heat exchangers resulted in approximately the
same performance. However, significant differences were observed among the different cooling
strategies.

Microchannel cooling bypassing TIM 2 resulted in a 5°C reduction in junction temperature
when compared to microchannel cooling with TIM 2 and a heat spreader. Jet impingement cooling
on the lid with water and GC50/50 performed similarly to microchannels bypassing TIM 2. Jet
impingement directly on the die with dielectric FC72 performed significantly better than the other
configurations, resulting in a thermal resistance decrease of 30% at the package and a 4°C lower
junction temperature. In addition, several system level implications were evaluated, including the
impact of leakage current, total system power, failure rates, and acoustic implications.

The main results are summarized below:

» Jetting directly onto the die with FC72 resulted in the lowest obtainable thermal resistance.

This was possible because all of the TIMs could be removed, thus, even though FC72 is a
poor cooling fluid, this approach yielded the best performance. As a result, this system
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could operate in a 49°C environment, and could reach the 50°C target with an additional
17 sCFM to the heat exchanger (i.e. 6% increase in the total flow). The failure rate of the
system was lowest for FC72 jet impingement on the die as it provided the highest cooling
performance.

Removing TIM 2 in the conduction path resulted in the water microchannels being able to
keep the junction temperature roughly 5°C lower for the primary chip (Big Chip 1)
compared to water microchannels with TIM 2.

Water jet impingement on the lid slightly outperforms water microchannels because it
bypasses TIM 2. This improvement is 0.108 vs 0.110 K W' and results in a 0.5°C lower
junction temperature.

Water microchannels bypassing TIM 2 consumed less total power when compared to water
microchannels with TIM 2. The reduction in junction temperature on the IC reduced the
leakage current, reducing the overall chassis power by up to 150W.

The main barrier to improved performance was the heat rejection from the liquid to the air.
The radiator in this system was undersized due to the chassis size restrictions which
resulted in the radiator accounting for nominally 2/3 of the thermal resistance from ambient
to the junction temperature.

A significant result was that while increasing the total chassis power from 1.5 kW to 3.125
kW, the overall sound pressure level decreased for the liquid cooling system because one
fan tray was eliminated. As a result, the sound pressure reduced to 65 dBa from 72 dBa.
The sound power level did not vary between the different configurations because the

radiator had a high thermal resistance, so the fans needed to run at maximum power.
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» The overall system power level was found to increase from 2800W to 3300W when the
ambient temperature of the system was increased from 25°C to 45°C. This S00W increase
was attributed to the leakage current of the processors which operate less efficiently at high

junction temperatures.

The exact number of transistors onboard an IC is a proprietary number that companies
protect; however, trends have shown that there is no end in the near future for increasing the
number of onboard transistors. Meanwhile, the reduction of transistor sizes (which results in more
energy efficient ICs) is soon to reach fundamental limits; hence there is no end for the increase in
TDP. Thermal management will remain one of the key barriers of future developments and
research will continue for solutions. Removing a layer of TIM can provide further increases in
performance for liquid cooling systems as this study has shown. The main barrier in liquid cooling
systems is removing the heat by the cooling air through the radiator. Utilizing a higher flow
delivery device such as a blower can solve this problem and lead to the highest increase in

allowable ambient air temperature.
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5.1. Recommendations for Future Research

The 3.125 kW system designed in this study allowed the chassis to operate in a maximum
ambient temperature of 48°C. With the rapidly changing IC market, the design specifications for
the ICs could change, making it significantly easier to cool. In order to increase the maximum
ambient temperature to the target of 50°C, there are a number of future recommendations for the
proposed system are as follows:

» Investigate different fans and blower options to increase the airside volumetric flow rate.

» Investigate the use of more heat exchanger volume, such as the rear of the chassis.

» The dielectric fluids investigated resulted in very high Reynolds numbers for return jet
impingement that were outside of the scope of current values published in literature. A
secondary analysis with CFD, or new correlations, should be completed to confirm the
Nusselt number values at high Reynolds numbers for these dielectric fluids as well as
investigate larger jet sizes around 300-600 um range.

» The system also investigated die sizes of 22.5 mm x 22.5 mm. Increased package sizes
could significantly increase the cooling potential of the system.

» Increasing the maximum allowable junction temperature of Big Chip 1 would result in
higher allowable ambient temperatures. If possible, higher temperature ICs should be
considered for this unit.

» The return jet impingement heatsink was modeled with 30% of the pressure drop at the
jets and 70% of the pressure drop from the jet impingement manifold. For the dielectric
fluids, 85-90% of the pressure drop was shown at heat sink. Improving the manifold
structure of these heat sinks could significantly reduce the required system pumping

power and further enhance their performance.
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» Performing a tradeoff analysis for cost, leakage current, acoustics, and failure rates at
ambient temperatures 25-40°C.

» Investigating other cooling configurations such as an external heat exchanger hookup.

» There are a few uncertainties that should be validated experimentally such as the leakage
current and pumping power. The pumping power for the water cooled systems was in the
range 20-100W with respect to the total chassis power consumption of ~3200W. The
FC72 system consumed roughly 300W of pumping power with respect to the total chassis

power of 3300W. The FC72 uncertainty would have a larger effect on the system.
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A. APPENDIX Junction to Case Thermal Resistance

The thermal resistance from junction to case was modeled using Ansys 2021 Steady State
Solver Package. The junction to case thermal resistance was set at 0.10 K W' and the die size was
solved for with a TIM 1 effective thermal conductivity 7.8 W m™' K-!. Figure A-1 shows the inputs

to the software. The boundary conditions for heat flow were set on 12 insulating surfaces, the four
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Figure A-1 Ansys 2021 Steady State Solver boundary conditions

edges on each of the three bodies. The heat transfer coefficient applied to the lid surface was 5000
W m? K. A heat flux of 252840 W m™ K™! was applied on the die’s body (128W). The thermal

resistance was calculated as
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I . —T
R,y = = TD;)MLmaX (A-1)

where 7 max 1s the maximum temperature on the die, 7, 1,max 1S the maximum temperature on the
TIM 1, and TDP is the thermal dissipation power of 128W. Similarly, the IHS (integrated heat
spreader) thermal resistance can be calculated:

TTIM,I,max - TleS,max (A_Z)

R =
IHS TDP

where TiHsmax 1S the maximum temperature on the integrated heat spreader. The relevant

dimensions and properties input to the model are shown in Table A-1. The size of the IHS is 53.1

Table A-1 Steady state solver inputs and geometry

Name Value

Die width 22.5e-03 [m]
Die thickness 0.10e-03 [m]
Die thermal conductivity 148 [Wm' K]
TIM 1 width 24.5e-03 [m]
TIM 1 thickness 0.151e-03 [m]
TIM 1 thermal conductivity 7.8 [Wm! K]
[HS width 53.1e-03 [m]
IHS thickness 4.0e-03 [m]
IHS thermal conductivity 400 [W m!' K]

x 53.1 mm? and the die size has been determined to be 22.5 x 22.5 mm?. The thermal profile and
maximum temperature on the three bodies for these results is shown in Figure A-2. The maximum

die, TIM 1, and IHS temperatures were 66.4°C, 56.7°C and 53.4°C, respectively. Using equation

Die TIM Lid

> Tiiomax= 66.4 °C
> Trmax= 56.7 °C
¥ Topsi=53:49C

Figure A-2 Ansys 2021 Steady State Solver results for junction to case thermal resistance
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A-1 and A-2, the thermal resistances are calculated to be Rriv.1 = 0.076 K W' and Ris = 0.024 K
W,

The geometry was created in the design modeler of Ansys and is shown in Figure A-3.
Three bodies were created within 1 part, where there is no contact resistance between the bodies.
The extrude features were added as frozen, and the topologies were merged. The three bodies can

be seen where the die is on the bottom, TIM 1 is in the middle and the IHS is on top.
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B. APPENDIX Sample Calculations

The following appendix contains hand calculations in which validate the numerical solver,
EES (Engineering Equation Solver), for the thermodynamic, heat transfer, and pressure drop
calculations that were performed in this work. The state point format for the equations is displayed

in Figure A-4.
A.1 Basic Thermodynamic Calculations

The thermodynamic hand calculations performed included solving an energy balance across
the heat exchanger from point 1 to 2 as depicted in the figure. The heat sink on the electronic
package also used a similar energy balance between the UA provided by the package and the

temperature in/out and at the surface.

A

Air (4)
(1) (2) (3) 2
Radiator Pump
Downstream Downstream (6) (5) Upstream |, Upstream
Manifold 1 | Manifold 2 Manifold 2 | Manifold 1

Figure A-4 PFD of state points used for hand calculations
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A.2 Heat Exchanger Calculations

The minimum mass flow rate for the four main fluids investigated was calculated by
solving the energy balance between the heat capacity rate provided by the fans and the heat
capacity rate each fluid. This was independent of the of the heat sink mass flow rate optimization
and there was no shown effect by optimizing the heat exchanger prior to the heat sink optimization
as the air side heat capacitance was significantly lower than that of the fluids at the designed flow
rates. The NTU method was used to model the heat exchanger in order to determine its

effectiveness.

A.3 Heat Exchanger UA Calculations

The heat exchanger UA was solved for by calculating the resistance of a unit cell which
was half the channel height on the air and liquid side. This unit cell UA was multiplied by the

number of channels to determine the heat exchangers universal heat transfer coefficient.

A.4 Heat sink Calculations

The heat sink energy balance was solved for using the LMTD (log mean temperature
difference) method. This method accounts for the fluid heating as it cools the electronics package.

The LMTD was taken with respect to the inlet, outlet and surface temperature for each heat sink.
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A.5 Manifold Calculations

The manifold calculations performed in this work solve the pressure drop through a
combination of frictional pressure drop in the tubing, pressure drop due to elbows,

expansion/contractions, and a flow distributer pressure drop correlation discussed in Chapter 3.

A.6 Tubing, Elbow, and other Miscellaneous Calculations

The tubing and elbow pressure drop were solved for by calculating their respective k
factors. These k factors were then multiplied by the dynamic pressure to calculate the pressure loss

of them.
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Table A — 2 Fluid properties

Parameter Value Units
TDP Big Chip 1 max (Qchip,1,max) 102.4 w
TDP Big Chip 2 max (Qchip,2,max) 384 W
TDP Big Chip 3 max (Qchip,2,max) 12.8 W
TDP regulators (Qchip.4) 150 w
TDP memory (Qchip,5,max) 20 W
TDP misc. (Qchip,6) 6.25 W
Leakage Powers 1 Dim
Leakage Powers 1 Dim
Nehip 6 Dim
Pump efficiency (#pump) 50 %
Fan efficiency (#fan) 50 %
Number of fans (Zsans) 6 Dim
Total mass flow rate (mgot,tot) 0.60 kg s
Individual fan volumetric flow rate (x) 1.251 m> min’!
Total fans volumetric flow rate (V dot act) 0.1251 m?> sec!
Ambient air temperature (7amb) 25,45,50,55 °C
Ambient air pressure (Pamb) 101 kPa
Ambient air density (pamb) 1.085 kg m
Ambient air specific heat (Cp,amb) 1.006 kJ kg K!
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Parameter Value Units
Heat exchanger air temperature (7ir,in) 48 °C
Heat exchanger air pressure (Pamb) 101 kPa
Heat exchanger air density (phx,air) 1.038 kg m?
Heat exchanger air thermal conductivity (Knx,air) 0.02902 Wm'!K!
Heat exchanger air dynamic viscosity (Linx.air) 2.022e-05 kgm's!
Heat exchanger air specific heat (Cp,ax air) 1.008 kJ kg! K!
Heat exchanger air Prandtl number (Prix air) 0.7031 -
Heat exchanger thermal conductivity (ki) 158.8 Wm!K!
Heat exchanger total length (Lx,tot) 11.5 in
Heat exchanger total width (Whxtot) 2.1 in
Heat exchanger total height (Hnxtot) 6.77 in
Manifold 1 absolute roughness (assume weld steel) 0.000045 m
Manifold 2 absolute roughness (assume stretched steel) 0.000015 m
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Parameter Value Units
FC72 Temperature (Thwid,1) 77.42 °C
FC72 pressure (Pruid,1) 263 kPa
FC72 density (pid,1) 1538 kg m?
FC72 thermal conductivity (keuid,1) 0.05148 Wm! K!
FC72 dynamic viscosity (Mfuid,1) 0.0004379 kgm!s!
FC72 specific heat (Cp, fiuid,1) 1.134 kJ kg K
FC72 Prandtl (Priuidg,1) 9.647 -
FC72 Temperature (Thwid,s5) 75.12 °C
FC72 pressure (Pruid,5) 371.5 kPa
FC72 density (pfuids) 1544 kg m
FC72 thermal conductivity (keuid,5) 0.05174 Wm'! K!
FC72 dynamic viscosity ([uid;s) 0.0004081 kgm!s!
FC72 specific heat (Cp, fiuid,5) 1.131 kJ kg K!
FC72 Prandtl (Priuid,s) 8.92 -
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Table A — 3 Chip power and leakage current specifications

EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Leakage 1/{1 —(3.2251-1075 - Tchip,l,sz +1.9515- 1073 | 3.2251E-05(85)%+ 1.9515E- 1573 1.572
Power; * Tenip,s — 3-50026 - 1072)} 03(85) - 3.50026E-02 ' '
- - 3.2251E-05(82.15)% +
1/{1 —(3.2251-107° - Topip 25> + 1.9515- 1073
Leakage M= chip2s " 1.9515E-03(75) - 3.50026E- | 1.522 | 1.522 -
Power, * Tehipa,s — 3-50026 - 1072)} 02
Leakage 1/{1 —(3.2251-1075 - Tchip’3lsz +1.9515- 1073 | 3.2251E-05(75)%+ 1.9515E- 1414 1414
Power; * Tenipas — 3-50026 - 1072)} 03(75) - 3.50026E-02 ' '
Leakage 1/{1 —(3.2251-1075 - Tchip,S,sz +1.9515- 1073 | 3.2251E-05(75)%+ 1.9515E- 1433 1414 )
Powers * Tehips,s — 3-50026 - 1072} 03(75) - 3.50026E-02 ' '
Qchip,act,l = (102.4)1.572 160.8 161.0
Nenip Qchipactz = (384)1.522 | 584 | 584
. . Qchip,act,3 = (12.8)1.414 18.1 18.1 W
Qehip.acti Qchipacti = Z Qchip,i - Leakage Power; Qchip.acts = (150) 150 150
= Qchipacts = (20)1.414 | 283 | 283
Qchip,act,6 = (6.25) 6.25 6.25
Table A - 4 System thermal variables and heat exchanger inlet air temperature
EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
Qchip back T Qchip air 530.4 + 436
Tair.in Tairin = T. — - T : =48 4 —— 55.07 | 55.07 °C
aivin 7 Jamb Tair Cp air airin 0.1357 - 1007
Qchip,back Qchip,back = Qliq ' (1 — Percent. baCk) Qchip,back = 2652 - (1 - 80%) 533.7 5304 W
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EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Nehip Qchip,total = 5(2-161+1-58.4
Qchip,total Qchip,total = Nblades Z Nchip,chhip,act +1-18.1+1- 150 3089 3088 \%Y
=1 +2-283+2-6.25)
1,2,4
Qchipliq = 5(2-161+1-584+1
Qchip,lig Qchip,liq = Nbplades Z Nchip,chhip,act b - 150) 2653 2652 W
31316 Q 5(1-18.1+2-28.3
hip, 1= b A+ b .
Qchip.air Qchip,air = Nplades Z Nchip,chhip,act chiptota +2:6.25) 435.8 436 W
=1
System Q Qsys = Quiq * Percent. back Qsys = 2652 - 80% 2129 | 2121.6 W
Mair Mair = Vecmps * Pamb Tair = 0.1251 - 1.085 0.1358 | 0.1357 | kgs'!
1
Cair Cair = MaCp airhx C,ir = 0.1357 - 1.008 0.1369 | 0.1368 kIJ<_sl
e B kJs!
Cliq Cliq = mliq,totcp'ﬁl Cliq = 1.286-1.132 K_l
Lglg\fﬁfs’ Cair = MiqtotCpo1 0.1368 = Mhyjq ot - 1.132 0.1208
Crni 0.1368
Cratio Cratio = len ratio = —
max |
Chmin Cratio = min (Cyir, Ciig) Cratio = min (,) 0.1369 | 0.1368 kIJ<_sl
Air outlet Qliq + Qchip,air 2653
T.. =T.. . : = e — . ©
temperature air,out air,in maircp,air Talr,out 55.08 + 01357 -1007 74.49 C
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Table A-5 Heat exchanger external Nusselt number and pressure drop

EES Hand
Parameter Equation Evaluated Calc. | Calc. Units
Value | Value
Nusselt
Nug,, = 0.01780 - 440.2
number Niext = jexternal - Reext - Pr/3 Uext _ iya 6.964 | 6.967 ;
external 0.7031
jexter‘nal_0 29 027 jexternal
Coluburn j § ReeXt —.0 14. 9.. -0.29 -0.23 = 440.270%7-28/90°7
fricfc)i(l)lnlggtjor Finpext " Finpexe  Faext 1.3377%1%14.28792953.347%% | 0.0178 | 0.0178 ]
external Lp,ext Lp,ext Lp,ext 1.20 1.20 1.20 2 0
L 0.68 T EXt—0.28 Wall —0.05 11'420.68 11.42—0.28 20 —0.05
L,ext p, th
Lpext  Lpext Lpext 1.20 1.20 1.20
APgypn 10 = 20.436 - 1.251°
— . 5
APpan 10 = 20.436 - x° — 147.34 - x5 147.34-1.2517
+359.10 - x* — 315.06 - x3 +359.10-1.251
Fan Speed 10 4935852 — 2581 x —315.06-1.2513 | 114.60 | 114.59 | Pa
9204 ' 4 23.58-1.2512
' —25.81- 1.251
+220.4
APy APpap = APepassisair + APrad air APg, = 41.42 + 73.02 114.60 | 114.44 Pa
L. = . 2
APchassis,air APchassis,air = 27.990 - x2 —1908- x+0 APChaSSlS’alr 37i999(())8 -1.2152151 41.43 41.42 Pa
1
1  (Fingext APpy air = 0.423551.038
APhx,air APhx,a'tir = fdarcyzphx,airvhx,air D, , 0.05334 73.13 73.02 Pa
,ext . J—
3.766 (0.002277)
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EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
if 0 < Re <130, then fqarcy
= 4'ffanning,lam
if 130 < Re < 260, then
fdarcy,ext ! = 4ftanni fdarcy fdarcy,ext = 4-0.1059 0.4241 | 0.4235 -
- annlng,trans
if 260 < Re < 5000, then fyarcy
= 4“ffanning,tur‘b
R 1d Prad,airDh extVrad,ai 1.038-0.002277 - 3.766
eyng S Regy = rad,air ex. rad,air Curs = : - 4401 4402 )
number . Urad,air 2.022-10
Air velocity Py = —/SCMPS _ Pstdair o = 01251 1.085 3.766 | 3.766 | ms’!
AT ATeQext tot Pradair hxalr ™ 0,03473 1.038 ' '
Air hydraulic D = *cext _ 4-1.766-107° 2277 | 2.277e- |
diameter hext 7 p et hext = 737793 10-2 -03 03
S Qiirocrfc;srse ) Avont = ( Fing ot — Finth,ext) « Fity ot Acext = (1.33?1—0(_).6100) -14.28 1._70656e 1.70656e- >
?;ﬂfvnfgﬁgf Puext = 2+ (Finyext + Finp ext — Fittth ext) Pyoxt = 2 (14.;.12(2)3_: 1.337 — 0.1) 3._10023e 3.1(;)2%- .
. — . 1075 - . -
Air a;feaaﬂow Aextrot = Acoxt * (Lot * FPIoxt  Choxt) Aexttot = 1.76.69)10 (11.5-19 3.5&0723e 3.407236 m?
Friction fact - = 18.64-0.0096029
I;icrllzlsnila:lzror ffanning,lam = fl,lamfz,lamf3,lam ffanmng,lam .0.5915 0.1060 | 0.1058 -
Friction fact i = 18.64-0.009602
;ilftllj)rr];u?ecn?r ftanningturb = f1,turbf2,turbf3 turb Jranning turb .0.5915 0.1060 | 0.1059 -
Fins in one . ins =round(19 - 11.5)
channel ext | fMStchanext = 70und(FPlex: * Lnxtor) — 1 fins1chan.ext 1 217 | 217 -
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EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Floor area Afloor,ext = (th,tot — Fing ext Aﬂoor,ext = (0.2921 — 0.0001 0.0144 | 0.0144 m?
external ) finslchan,ext) ) th,tot -217) - 0.05334 2 2
) Afinsext = 2 * Fing eyt - FiNgext Afinsext = 2+ 0.01428 - 0.05334
Fin arca _ 1 1 0.1653 | 0.1653 | m?
external ' flnslchan,ext ) E - 217 - E
Wall arca Awatl = LixtotWhn ot A1 = 0.2921 - 0.05334 0'02;55 0'0555 m?
0.6049—1'064 fl,lam
= 497R 902 . 1.064
Air friction Jrm e oz = 4.97-440.2°°" 252
Fi 0.5 -0.527 18.64 18.64 -
factor 1 Mih,ext 0.5
In{09+|—— 0.100
Flnp,ext In{ 0.9+ @
2.277
-2.966 _
Dh, t fZ,lam = < ln(0-3
. L fZ,lam = (L = l1’1(0-3Reext,ch)> 1.200 —2.966
Air friction pext . : 440_2)) 0.0096 | 0.0096 ]
factor 2 Fi ~0.7931 2% 20 02
Mp ext hext ~0.79312522
Li,ext (ﬁ) 9.924
11.42
T —0.0446 (11.42)_0'0446
ext — (===
fslam = <Dp = ) fa1am = (1500
Air friction m,ext » -3.553
1ay | 3053 1.200\™ 0.5913 | 0.5915 -
factor 3 Lyet \ In|1.2+ <—)
In| 1.2+ ( Dex ) . 90477 1.337
Fing ext
. 28—0.477
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Table A - 6 Thermodynamic cycle

EES Hand
Parameter Equation Evaluated Calc. | Calc. Units
Value | Value
Hot inlet 2121.6 = 0.7002 - 136.8 o
temperature Onx = €hx " Cmin (Th'i B Tc'i) * (Ty,; — 55.07) 77301 7722 C
Hot outlet L 2121.6 = 1.286-1132 .
temperature Ohx = Mg ot " CPf,1 (Thi = Teo) -(77.22 — Ty0) 75.12 7505 C
UA
Number of NTU = 2t _ 189.0 1.382 | 1.382 -
transfer units Chin 136.8
Heat
exchanger UA UApx tot = UAngcn - channelsy, - 2 UAhxtor = 11.81-8-2 189 189.0 | WK
tot
1
1 channel UA UA =— UA R — 11.81 11.81 W K!
PN ™ Ritot hx.ch = 5 08439
1 channel
R = (0.01037 + 0.0008084 | 0.0846 | 0.0843 ]
thermal Ruxtot = Rinternal T Rwall + Rexternal hx tot +0.07321 5 9 Kw!
resistance '
Wall thermal p . _walln R 0.002 8.084¢ | 8.084e- | | v
resistance wall = - 4Awal wall ™ 158.8 - 0.01558 -04 04
Total thermal _1 _1y-1 Rinternal = (0.0244071 0.0103 | 0.0103 1
resistance int Rinternal = (Rintfioor * + Rintfins~") o +0.01803"1)~! 6 7 Kw
Total thermal _1 _1n-1 Rexternal = (0.781071 0.0732 | 0.0732 1
resistance ext | Rexternal = (Rextfioor " + Rextfins ') o +0.08078"1)~* 3 1 KW
Floor thermal _ 1 1 0.0244 | 0.0244 y
resistance int Rintfioor = R intAfloor.int Rint floor = 3914 -0.01047 1 0 kW
Fin thermal 1 1 0.0180 | 0.0180
resistance int OANS T i intPhintAfins int mtfins ™ 9970 -3914 - 0.01461 1 3
Floor thermal _ 1 1 -1
resistance ext Rextfloor = hinx extAfloor.ext Rextioor == ga70 o o1aaz | /001 | 07810 | KW
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EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
Fin thermal 1 1 0.0808 | 0.0807
: Rt fine = - S— K W!
resistance ext XS e ns.extMhxextAfins.ext extfins = ) 8434.88.79 - 0.1653 1 8
cha;ftfﬁi?esifr Mo int = Nutincksy _ 9024-0.05175 3013 | 3914 | W7
internal M Dyint hxint 0.001193 K!
i i tanh (mL ; Nfins,int
Fin efficiency Nins.int = (ML nine) tanh (313.99 - 0.000965) 0.971 | 0.970 -
internal ' ML haine ~ T 313.99-0.000965
Fin efficiency . '
2h . .
constant Miine = |——2a2t Migint = 23914 313.99 | 313.99 m
internal ’ kaumfing ' 158.8 - 0.0005 -
Fin 0.0009 | 0.0009
characteristic Lenxint = L/2 + fing ine/2 Lcnxint = 0.00143/2 + 0.0005/2 '65 '65 m
length internal
Heat transfer
Nugyika 6.967 - 0.02902 2
coefficient R ot = —t8lr = 88.77 | 8879 | .M
external Dy ext ' 0.002277 K
Fin efficiency tanh (ML py ext) tanh (105.75-0.00719)
: = . — 0.8434 | 0.8434 -
external ins,ext ML pog.oxt Mfins.ext 105.75 - 0.00719
Fin efficiency
Zh . .
constant Mot = | int_ S 10575 | 10575 | m
external ' katumfinm ’ 158.8- 0.0001
Fin
characteristic . 0.0071 | 0.0071
length Lengext = L/2 + fing, ext/2 Lengexe = 0.01428/2 + 0.0001/2 0 9 m
external
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EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Nuint Nuint
= { Nupy,*° ={4.70910
2200- i 2200-5761
Nusselt + e " + e
number 365 Nujam 365 - 4.709 90.24 | 90.24 -
internal
+ [ Nu, +16.3
=51 01
N 0.079Re;jp; - PrHEXI(fdarcy/8)1/2 0.079 - 5761 9.679(0.03689/8)*
(1 + Pryggx>®)5/6 (1+ 9.60308)5/6
Ny = 8.235(1 — 2.0421 - @y Ntam = 8235(1 = 2.0421
) 2 +0.7161 + 3.0853
Laminar + 3.0853 - ajn¢ 071612 — 24765
Nusselt — 24765 - ajy’ ' 3 ' 4.709 | 4.709 -
4 -0.7161° + 1.5078
Number + 1.5078 - ajnt 4
01861 - ") -0.7161* — 0.1861
' int -0.7161°)
Nusselt
number Nu, = 6.3 Nu, = 6.3 6.3 6.3 -
constant 0
_r fdarcy,int = frurb 0.3164
?arcy .frictloti 0.3164 0875 — 0115 fdarcy,int = 5194028 (1.0875 0.0325 0.(;132 i
actor Interna W( 0875 = 0. @int) —0.1125-0.7161)
Reynolds Ve Dh - _ ) 10-3
number Rei, = Pt 1Vt1Vhint e = 1538-2.040-1.193-10 9193 9194 i

internal

Ugq

0.0004071
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EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
Fluid Velocity Mlig,tot 1.286 N
) v = = 2.031 2.040 ms
internal HEXI Pr1 " Aflow.int VHEXI 1538-4.099-10"4
Flow area Afiow,int = Acint * fINS1chan,int o .10-6 . ] 4.1e- | 4.099¢- 2
internal Ity Afowint = 1.464 - 10 35-8 04 04 m
Aspect ratio o Hyx 1,int 1.024
internal Aint = —th,l,int Aipt = a3 0.7161 | 0.7161 -
Pydrasic Mo _ 4 Wi Hiaind | 40 (14641070 | 1193 | 1193 |
internal M Pyt 20 Whxtine + Hnxind) | ™™ 2+ (1024 + 143) - 103 | -03 03
Cross
. _ 1.464¢ | 1.464e-
sectional flow Acint = Whxvint * Hhx 1,int) Acine = (1.024-1.43 - 10 °) -06 06 m?
area internal
Floor area _3
. A int = 1.024-107°-0.2921 | 0.0104 | 0.0104
area (1 chan) Afloor,int = th,l,int ’ th,tot ’ flnslchan,int floorint .35 7 7 m?
internal
Fin area (1 Afinsjint = 2 Hhi(,l,int *Lyytot * fiNSichanint | Afinsint = 2 1.43" ::ll()_g -0.2921 0.0146 | 0.0146 .
chan) internal - .35.= 2 1
2 2
Width Single th,l,int = (th,tot - finslchan,int th,l,int = (0-05334 — 35 1.024¢ | 1.024e- m
box internal - Fitgint)/fiNS1 chan,int -0.0005)/35 -03 03
Hieght single . _ 1.43e- | 1.43e-
bof internil Hpx1,int = fiNMint Hpx1,ine = 1.43 1073 03 03 m
Fins in one . .
channel finSichan,int = round(F Pl - th'tot) —1 | finSichanint = round(17-2.1) — 1 35 35 -
Temp fluid . 2121.6 = 1.286-1131 .
P sts = Mijig,tot " CPf,5 " (Tf,6 - Tf,S) 75.02 75.02 C

statepoint 6

- (Tge — 73.56)
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Table A - 7 Heat sink performance, FC72 configuration d)

EES Hand
Parameter Equation Evaluated Calc. | Calc. Units
Value | Value
Temo fluid 6 Qchipact,1 * Percent.back 161.0-80% = 0.05273
P 1 He = Mchip,1 * CPf5 ) 1131(Tf,6,1 75.73 75.73 °C
: (Tf,s — Tf.6.1) - 73.56)
Temo fluid 6 Qchipact2 * Percent.back 58.4-80% = 0.04168
o 2 e = Mchip,2 * CPf 5 - 1131(Tge,1 74.52 | 74.52 °C
: (Tf,s — Tf,e,z) - 73.56)
Termp fluid 6 Qchipacta " Percent.back 150-80% = 0.110
emp4 e = Mchipa * CPf 5 +1131(Te 4 74.53 | 74.53 °C
: (Tf,s - Tf.6.4) - 73.56)
LMTD, 10.32
T. chip 1 _ (Tchip,s,l - Tf,S) - (Tchip,s,l - Tf,6,1) . (Tchip,s,l - 73-56) - (Tchip,s,l — 73 84.96 85.00 K
S chi - - . .
P (Tchip,s,l — Tf,S) (Tchip,s,l — 73.56)
In In
(Tchip,s,l - Tf,6,1) (Tchip,s,l — 75.73)
LMTD, 491
T. chip 2 _ (Tchip,s,z - Tf,S) - (Tchip,s,z - Tf,6,2) . (Tchip,s,z - 73-56) - (Tchip,s,z — 74 7379 78.97 K
S chi - - . .
P (Tchip,s,z — Tf,S) (Tchip,s,z — 73.56)
In In
(Tchip,s,z — Tf,6,2) (Tchip,s,z - 74.52)
LMTD, 29.94
T. chip 4 _ (Tchip,sA - Tf,S) - (Tchip,s,4 - Tf,6,4) . (Tchip,s,4 - 73-56) - (Tchip,s,4 — 74 104 104.0 K
s chi = = .
P (Tchip,s,4 — Tf,S) (Tchip,sA — 73.56)
In In
(Tchip,s,4 — Tf,6,4) (Tchip,sA - 74.53)
. Qchip,act,1 - Percent.back Cano/ .
LMTD chip 1 = Ulye, - LMTD, 161.0-80% = 12.48 - LMTD, 10.28 10.32 K
i -P t.back
LMTD chip 2 Qchipactz * Percent. bac 58.4 - 80% = 9.515 - LMTD, 473 | 491 K

= UAys, - LMTD,
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EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
- P t. back
LMTD chip 4 Qcnipacts erfeg y e D 150 - 80% = 4.008 - LMTD, 2992 | 2994 | K
- hs,4 4
1
UA chip 1 UAps, = UA 12.52 | 12.48 | WK
P "1 Riota hs1 ™ 50801
1
UA chip 2 Ulps, = = 9.542 | 9515 | WK
P "2 ™ Reotz hs2 = 51051
1 1
UA chip 4 UApss = = 4011 | 4.008 | WK
P "% ™ Riota hst = 2495
Thermal 1
1
resistance Riot1 Riot1 = 0.0798 0.0801 | KW!
chip 1 hns1Adie L 25787 -0.000484 5
Thermal 1
1
resistance Rigty = ————— Riir = 0.1048 | 0.1051 | K W!
chip 2 %2 by 2 Adie 2 tot2 = 95808 - 0.00036864
Thermal
resistance Riots = + R; R, = 0.20 | 0.2493 | 0.2495 | KW!
chip 4 O hpsaddies tot4 = 35787-0.000784 |
Heat transfer _ Nuy1kes 124.6 - 0.05174 W m?
coefficient 1 fns,1 = Dj,}c fns.1 = —5000250 25876 | 25787 | g
Heat transfer _ Nu; ke 124.7 - 0.05174 W m2
coefficient 2 hs,2 = D]-i fns,2 = 0.000250 25886 | 25808 K!
Heat transfer _ Nuj ks 124.6 - 0.05174 W m?
coefficient 4 "t D, fns4 = —37000250 25875 | 25787 K
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EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Nuchip,l 029 Nuchip,l
= PTimpi =8.92%%
nmi‘;s:;lfi | 20 20 1246 | 1246 -
P .10 zajRej,lbf(SD)Cf(Hp)df .10 Zaj11284bf(10)6f(1)df
j=1 j=1
Nuchip,z 0.29 Nuchip,z
=P e = 8.920:29
Nusselt Tmpi
number chip 2 20 20 124.7 124.7 -
p - 10A Z a]-Rejlzbf(SD)Cf(HD)df -10A Z aj7279”f(10)cf(1)dj
j:l j=1
NuchipA 0.29 NuchipA
=P he = 8.920-29
Nusselt Tmpi
number chip 4 20 20 124.6 124.6 -
P .10 ZajRejAbf(SD)Ci(HD)df .10 Zaj7862b1’(10)ci(1)d1’
j=1 j=1
i 5 Vi 1D; . . .10-6
number jet 1 Hfluid,s b 0.0003943
id. 5 Vi o Ds . . . 106
number jet 2 Hfluid,s b 0.0003943
iq. 5 Vi 4Ds . . .10-6
Reynol'ds Re;s = Pfluid,s Vj,4lj 4 Re:, = 1544 -8.588- 25010 2406 8407 )
number jet 4 _ Mfluids ) 0.0003943
: Venipa 1 3.415-107° 1 "
Jet velocity 1 Vi1 = > Vig = — 8.566 | 8.589 ms
' /4 Dj, Njets,1 J: m/4-0.000250% 81
Veni 1 2.699-1075 1
Jet velocity 2 vy, = — P2 Vi 8.569 | 8591 | ms

7T/4 ' Dj,zz Njets,z

2 = 7/4-0.0002502 64
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EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
Nuchip,l 029 Nuchip,l
= PTimpi =8.92%%
nunzﬁzfiiﬁ | 20 20 1246 | 1246 -
P .10 zajRej,lbf(SD)Cf(Hp)df .10 Zaj11284b1'(10)cf(1)d1'
j=1 j=1
Nuchip,z Nuchip,z
—p 10.29 _ §.900.29
Nusselt Tmpi
number chip 2 20 20 124.7 124.7 -
p - 10A Z a]-Rejlzbf(SD)Cf(HD)df -10A Z aj7279”1'(10)cj(1)dj
j:l j=1
NuchipA Nuchip,4
—p 10.29 _ §.900.29
Nusselt Tmpi
number chip 4 20 20 124.6 124.6 -
P .10 ZajRejAbf(SD)Ci(HD)df .10 Zaj7862b1’(10)cf(1)di
j=1 j=1
Pfluid,s V1D, . 8. . .10-°
number jet 1 Hfluid,s b 0.0003943
‘4 Vi o Ds . . .10-6
number jet 2 Hfluid,s b 0.0003943
‘3 VUi 4 D; . . . 106
Reynol'ds Re;, = Pfluid,5Vj,4lj 4 Re., = 1544 -8.588-250-10 2406 8407 )
number jet 4 _ Hfuids b 0.0003943
: Venipp 1 3.415-107° 1 "
Jet velocity 1 Vi1 = > Vi, = — 8.566 | 8.589 m s
" m/4-Dj;” Njetsa '~ m/4-0.0002502 81
Veni 1 2.699-107°5 1
Jet velocity 2 vy, = — P2 v, = 8.569 | 8.591 | ms

B 7T/4 ' Dj,zz Njets,z

/4 -0.0002502 64
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Table A-8 Microchannel cooling heat transfer and thermodynamic calculations configuration 3-5a

EES Hand
Parameter Equation Evaluated Calc. | Calc. Units
Value | Value
Ts chip cold . . . o .
plate Cannot be calculated because the chip temperature will overheat with the current fans at 50°C ambient
LMTD chip 1 Qchipact1 - Percent. back Cano .
cold plate = UAcp - LMTD, o, 160-80% = 7.547 - LMTD, 16.98 | 16.96 K
UA chip 1 1 1 ]
UAop, = — = !
cold plate P = Reoen UAcp 01325 7.558 | 7.547 | WK
Total thermal P Riotcp = 0.10 + 0.02217 1
resistance cp Rrotcp = Ric1 + Rrimz + Reonviep +0.01033 0.13971 01325 1 KW
TIM 2 _ thmg 150-107° 0.0221 | 0.0221 §
thermal Rrm, =7——— Rrimz2 = = KW
resistance keriv 2 Atim 2 “2-(53.1-107%) 7 7
Cp th 3000-10°¢
. _ cp _ 0.0117 | 0.0117 1
com}l{ti;tlon Rcond,cp = kaACp Rcond,cp ~ 395. (25.4 10—3)2 7 7 Kw
Cp convection 1 1 0.0104 | 0.0103 ;
Rth convep hmicro,angs,hs conv.cp 17435 -0.005551 9 3
Agcp = 0.3322-2-62(0.00508
Surface area oA - 0.0254) 0.0056 | 0.0055 2
cold plate As,cp = Tcp As,fln,cp + As,ﬂoor,cp + 62(0.000150 41 51 m
- 0.0254)
Fin efficiency tanh (ML ys) tanh (589.54 - 0.00508)
= —_— = 0.3378 | 0.3322 -
cold plate Mep ML b Mep 589.54 - 0.00508
Fin efficiency . _
constant cold Mep = B Mep = 217435 580.37 | 589.54 m
plate kcopperthﬁn,hs p 395-0.000254
Fin ch 0.0050 | 0.0050
le;‘;tch 2; Lecp = Henns + thiinns/2 Lecp = 0.004953 + 0.000254/2 ; ; m
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EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
Htc average Nu3 ayg * Kts 8.050 - 0.6307 W m’!
h =% = 16897 | 17435 :
cp cpave Dh.chihs PAv8 T 0.0002912 K
1 [Lfin N3 avg
Nus ave = Nug cp g + —— j 8.68 0.0254
ave o Lfin 0 = 7793 + f 868
Z ) 0506 0.0254 ), o
Developing 3 (1000.Re D Pr) 1000 - z o
e N chh,chhstTs ReenDn.cnnsPTs 7.861 | 8.050 -
—9.427a — 23.472
exp l( ¢ ) exp [(—9.4270{ _23.472)
z l d z
' VA
Re.,D P : d
€chVh,chhstTs Recn D chhs Prsl 4
Nuzcn g = 8.235(1 — 1.883
Nu,enga = 8.235(1 — 1.883 - @ + 3.767 10.03028 + 3.767
Fully dev 3 b, o — 5814 4 5361 +0.030282 —5.814 | oo | oo ]
channel Nu 4 2'0 %) ' -0.030283% + 5.361 ) '
@ Telra -0.03028* — 2.0
-0.03028°)
Aspect Tafio _ thenhs 150 0.0302 | 0.0302 ]
P Hen,hs * = 4953 8 8
Reynolds Rey, = Pfluid,5Vch Dn,ch hs o — 992-0.4377 - 0.0002912 306.6 | 312.0 ]
number ch Ufluid s ch 0.0004053
Veni 1 . 10-5
Wall velocity Vep = 2L Ve = 2016- 1077 1 104377 | 04377 | ms’
Hch,hs ' thch,hs Nch,l 4953 -150-1071262
Volumetric Voo = Mchip,1 P 0.020 2.016e | 2.016¢- N
flow rate 1 M ids chip = "997 -05 05

168




EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
Number of Wmicro - thfin hs 25.4 —0.254
Ny, =t ‘ = 62 62 -
channels ch runc <thfin,hs + thch,hs) NCh trunc (02 54 + 0150)
foldplate o A A _4-(4953-150-107") | 0.0002 | 0.0002 |
o e TP h = 574953 + 150) - 10-6 | 912 | 912
Table A-9 FC72 Pressure drop configuration 3-5d
EES Hand
Parameter Equation Evaluated Calc. | Calc. Units
Value | Value
Manifolding | APmanitot = AP in 2 APmani1 +2 APpanitor = 2.879 + +2-2.753 | 2357 | 2442 | kPa
total AP * APraniz + 2 * APy chipitot +2-6.88+1.139 | (3.42) | (3.54) (psi)
2 1 -
1 - APjtot:—(ZNchipi'APji
APj,tot = (Z Nchip,i ) APj,i " Mchip,i ' 1.256 - ' ' 146.0
: Mot & =1 . 154.5 kPa
Total jet AP . ) Thehip, 2 1)~18 (22.41) | (psi)
+ZN...AP...m.. .
£ chip,i B! chlp,l) + Z Nchip,i . APj,i . mchip,i)
=4
141.4
: 1 AP, = 0.8139- 1544 - 8.4512/ 149.6 kPa
Chip 1 AP APy = ki = pe1vi12/309 1 2 20.51 : )
Chio 3 AP PR SR APy = 0813911544 - 8.4542/ (12‘(‘)1552 1497 | kpa
p [ P£1Vj2 0 (0.3-1000) ) (21.71) (psi)
141.4
1 AP ; = 0.81392 1544 - 8.4482/ 149.5 | kPa
Chip 4 AP AP, = k; 4= ps1v;42/309 » 2 20.51 : ;
P 4 = Kiag Pravya’/30% (0.3-1000) ( )| @168) | (psi)
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EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
k; 4 ki1
Jet k factor 20 20
Chip 1 =10 Z a;Re; " (SD)SI(HD)% | | = 107 Z 082007 (@) (D)% | | 0771 | OB
j=1 j=1
k; , k; 2
Jet k factor 20 20
Chip 2 = 10" ZajRej'zbf(SD)cf(HD)df = 10" Zaj8293b1'(8)cf(1)df 0.7715 1 0.8139 i
j=1 j=1
20 ki.4
Jet k factor o 1aA Z b, b c; d; 20
Chip 4 ki, =10 2, ajRe; , 1 (SD)“I(HD)% _ 107 Zaj8289b1'(8)cf(1)df 0.7715 | 0.8139 -
Jj= =
AP, 0.03254 ! 1538
hx,int = Y- 5
Hx internal AP = f 1,0 v 2 [ Lnxtot 2 0.2921 %;2;; 25.27 kPa
AP (11.5” hx,int — Jdarcy,int 5 Ff,1Yschd,1 ] . 2.0312 (_) : 3.665 :
(1.5 2 Dhjne 0.001193 ) (3.665) | (psi)
/1000
Hx out _ _ _ ) 2 APeypan = 0.5-0.0556 - 1538
expansion AP | AFexpant = 05 Kexpan1* Pr1 * Vsenas £ 2.0312/1000 0.177-) 0.176 | kPa
Dinania 7 0.02614\2’
1 _ ( mani, ) _ .
Hx O.ut < Drad,equiv 1 (0.02 285)
expansion k expan1 = - K L= 0.0556 | 0.0556 -
factor ‘ ( Dmania ) expan (0.02614)4
Drad equiv 0.02285
.H.Xl t 4+ Agowint 4-4099-10~* | 0.0228 | 0.0228
equlVIe' en th,equiv Sl — Drad equiv = 5 5 m
radi U T
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EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
COl’ftII?;(i:Itlion APcontr,l =05- Kcontr,l " Pt APcontr,l = 0.5-0.0953 - 1538 0.219 0.178 kPa
AP 'vschd,lz - 1.5582%/1000 ’ ’
2
D 2 2\ 2
(1- (Gpeae ) (1- (35225)
contraction k K _ mani1 _ : 0.1179 | 0.0953 -
contr,1 4 Kcontr 1 4
factor (Drad,equiv) ’ (0.02285)
Diani 0.02614
. - 1.286
Velocity Miig,tot v — a1
= hd1 = 1.54 1.
sched 40 (17) Pschd. Pr1 " Aschd,1 T 1538 %0.026142 348 338 ms
Inlet/outlet AP in = APubemain,cold + APin = =3363+ 2842 | 5879 Pa
out’ out’ t (0.412 .
AP APmain,elbow 2543 ) (041 8) (pSl)
APtube,main,cold
Main cold/hot | APrubemain.cold 1 337.1 | 336.3 Pa
tubing AP iy 1o (lubenc = 50023921544 0048 | (0.0489 |
(6.7,’+1.12,’) darcy,tube,l 2 pf,l schd,1 Dmani'l . 1 5482 (0_1702 + 0_02845) 9) )
' 0.02614
) 1 2505
Main hot/cold AP _ peLv 2 APpain elbow = 1.38 5 1538 (0.363 2543 Pa
main,elbow — felbow,main 5 Mf,1Yschd,1 . 3
Main hot/cold
elbacl)r\; kof«:C(;OI‘ Kelbow,main = Nelbow,1 ° fT(0.015/0.02614) - 30 Kebow,main = 2 0.023 - 30 1.351 1.38 -
Reynolds _ Pfluid,5Vschd,1Dmani1 1544 - 1,045 - 0.02614 | 10270
number main Remaing = Repain1 = 103045 -
tube 1 Hluid s ' 0.0004093 S
r(l){flellltrllzzs oD = Absolute roughscng 1 5 ~ 0.000045 0.0017 | 0.0017 -
tube main e Dycha,1 “Pmain1 =7 02614 22 | 2
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EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
ﬁfﬁiﬁl op. . _ Absolute roughmanis o _ 0000015 0.0050 |
i | e Dimani,1 ¢Pmain.1 = 7557950 85
1 < 1N
APyybe chip.tot = - (Z Nehip; APyype,chip,tot = 02571 (Z Nehip,i
Total chip ade =1 =1
tubing AP " APyube,chip,i . " APtube,chip,i * Mehip,i 1.128 1.139 kPa
“m hip,i + N, hip,i AP ube,chip,i .
e ‘ lp;n hi t,) P + Z Nchip,i ' APtube,chip,i ' mchip,i)
chip,i —~ :
Main mani 1 AP .. =2.38--1544 kPa
APranii = Smanit "= P " Vmanidi mani,1 2 2.947 2.753 .
COld/hOt AP mani manil 2 manil,in ) 12242/1000 (pSl)
1
Mani 2 1 AP, ..i, = 1.437 -=1544 kPa
APrani2 = Smani2 "5 P * Vmaniz2i mani,2 2 6272 | 6.88 )
COld/hOt AP mani mani 2 maniZz,in ] 24912/1000 (pSl)
1
APapp section,1 = APturns,l + APfriction,l APapp section1 = 1.385 1538
. 1
Other main = Relbow,mani,1 Epf,lvmani,l2 - 1.224% + E 0.02473 1697 1747 Pa
mani AP 1 L
2 tube,1,c - 1544
+ fdarcy,tube,1 5 P£1Vmani,1 0.1433
2 Dmani,l - 1.2242 (—)
: 0.02614
APapp section,2 = APturns,z + APfriction,z APapp section,2 = 0.69 E 1538
) 1 1
Other mani 2 = Relbow,mani,2 Epf,lvmani,zz ' 24912 + E 0.02545 7972 8341 Pa
AP 1 Leube. - 1544
+fdarc tube,2 5 Pf1V 2 et
ytube2 5 Pf1Vmani2 | 5 0.3829
mani,2 . 2_4912 (_)
0.009246
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EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Main mani Kelbow,mani,l = Nelbow,mani,l — 9. ;
elbow k factor 'fT(0.015/0.02614) .30 Kelbow,mani1 = 2 0.023 - 30 1.351 1.38 -
Mani 2 elbow Kelbow,mani,z = Nelbow,mani,z — 1. .
k faCtOI‘ . fT(0015/002614) . 30 Kelbowlmanl‘z - 1 0.023 30 0.6649 0.69 -
Mani 1 B
pressure Cmani1 = 2.63 — 0.54A 401 {mani1 = 2.63 — 0.54-0.463 2.38 -
factor
Amani1 = 0.4913
_ _ _ 2
Amani,l = fmani,l 0.6 + 6.714-107°
Mani 1 side 2 =05 . 4-3167-10-5
branch factor As1in . 0.463 )
anc Cto 0.6 + m + (mani,l,app -0.5
T + 0.2434)
. 2 AP . (mani,l,app
PUmani1 " Vmaniin 1544(0.4913 - 1.224)?
Mani 2 B
pressure Cmani2 = 2.63 — 0.54Anani 2 {maniz2 = 2.63 — 0.54-2.212 1.437 -
factor
Amani,z = 2.358
_ _ e 2
Amani,z = fmani,z 3.167-107°
Mani 2 sid 0.6+ | —————=
ani 2 side 6.714-107> 2212 -

branch factor

4 5 -0.5

,in, 2

(0.6 + <A—S = ) + (mani,Z,app)
s,out,2

-0.5
+ 0.3132)
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EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
Dynamic s _ 2 - APypp section 2 o _ 2-8341 03132 ]
pressure app 2 MAMZAPD Ty (F miz* Vmanizin)? | o2APP T 1544(2.358 - 2.491)? '
Mani 1 _ A - T 2
inlet/outlet Frami = T 70 ;o 5.k 0.009246 04913 | -
ratio mani,1 mani1 0.026142
~ Mani 2 ] Agrin ) 70006352
inlet/outlet fmaniz = Ns2 1. fmaniz = 4 - T —— 2.358 -
ratio in,2 10.009246
Reynolds Pfluid,5sVmani,1 Db mani 1 1544 -1.224-0.02614 | 12473
number main Remanir = Repani1 = 120696 -
Ufluid,5 ’ 0.0004093 9
tube 1
Velocity in Mg, tot 1.286 N
. Vinanii = - 1216 | 1224 | ms
mani 1 manil = A i Vmanil = 153870.026142
Reynolds .5 Vmani2Dh mani 1544 - 2.491 - 0.009246
number main Repan;p = oouidsTmani.2 “hmani 2 Rep iy = ' ' 89796 | 86883 | -
Hfluid,s ' 0.0004093
tube 2
. -, 1.286
Velocity in Mijq,tot Do = 1
. = 2= 2474 | 2.491
mani 2 Pmaniz =y s 1 Amaniz T 5 1544 - 70.0092462 ! oL | ms
r(f){ue;‘i\e’:s oD __ absroughness b 0.000045 0.0017 | 0.0017
s . = e . el ———— -
i 1 manid D, mani,1 manil =0 02614 22 21
r?f;‘frilzzs oD _ absroughness 5 0.000015 0.0016 | 0.0016
= oD ... = 2000015 _
mani 2 "2 Dhymaniz mani2 = 5,009246 2 | 2
Length L
tube,1,c 0.1433
diameter ratio LD =— LD = 5.491 5.482 -
P Dp mani rml T 002614

mani 1(5.64”)
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EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
Length
diameter ratio Liube 2, 0.3829
. LD = — LD = 41.55 41.41 -
mani 2 P2 T Dy mani2 rM270.009246
(0.5*30.25”)
Mani 1 K Afinal manifold,1 0.026142
K i = 1 - - - . = e ———————— 0 0 -
factor mant1 Ainlet,manifold,l Kmam,l 0.026142
n 2
Mani 2 K K -1 Afinal,manifold,z _ Z 0.00635
factor mani,2 — + A ] Kmani,z =1- T 0 0 -
inlet,manifold,2 Z 0.006352
L 0.022352
Chlp cold/hot APtube chip,1 = (fdarcytube chip,1 —tbede APtube,chip,l - (0.03696( 0.00635 ) 1025
: A 7 \ Dhchip tube ' 1035 Pa
tubing AP chip, 1 (0.149 .
0.88” 5 + 1.015) = 1544 (0.150) (psi)
( : ) +Kelbow,l)Epf,svchip,tube,l '1.0822 2 )
Liype 2 AP = (0.03764 (0'022352)
Chlp cold/hot APtube,chip,z = (fdarcy,tube,chip,z <Du$> tube,chip,2 = ( ' 0.00635 642 648 Pa
tubing AP h,chip,tube 1 (0.093 | (0.0940 .
0.88” 5 + 1.015) 3 1544 1 ) (psi)
(0.887) + Ketbow,2) 5 PrsVehip,tube,2 . 0.8552
L ube,4, 1
Regs ‘COId/hOt APtube,regs = (fdarcy,tube,chip,4 <Dt—e4c> APtube,regs = 0.0355 E 1544 1411 1423 Pa
tublng AP h,chip,tube 0.06477 (0205 .
2 55’9 2 . 2 2562 ) (0'206) (pSl)
( . ) + Kelbow,4) Epf,svchip,tube/} ' 0.00635 )
Reynolds i D . Rechip,tube,l
number chip | Rechiprupes = oes el hehpibe _ 1544 -1.082 - 0.00635 26810 | 25918 ;
tube 1 Hfluids ~ 0.0004093
Velocity in Myiq,chip,1 0.05273 1
. Vchi = . = 1.075 1.082 m s
mani 1 ChpLbel T b A hiptube Vehiptube,1 = 1538770.0000317
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EES Hand
Parameter Equation Evaluated Cale. | Calc. Units
Value | Value
Reynolds Rechip,tube,z Rechip,tube,z
number chip _ Pfluid,5Vmani,1 Dh chip,tube _ 1544-0.855 - 0.00635 21191 | 20481 -
tube 2 Hfluid,s ~ 0.0004093
Velocity in Myiq,chip,2 0.04168 N
. Veni = = 0.850 | 0.855 | ms
mani 2 chiptbe2 = A ipube Vmani,1 = 153870.0000317
Reynolds D Dh o Rechip tube 4
number chip | Rechipubes = e mank1 hichip ube _ 1544+ 2.256 - 0.00635 55933 | 54040 | -
tube 4 Helutds — 0.0004093
Velocity in Mig,chip4 0.11 B
. Vehi = 3TPR = 2244 | 2256 | ms
mani 4 chiptube = 5 A hip tube Vmani1 = 1538770.0000317
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Parameter Equation
Equation faarcy,tubes = 8~ .
g 12 ” 0.9 16 37530 \ 16 LS\ 12
Friction (Remain,1> * <_2.457 o ((Remain,1> * 0.27eDmain'1>) * <Remain,1>
Cabecold | Evaluated aeyuner = B
8 12 7 0.9 16 37530 \ 16 -L5 %
(103045) +(<_“’57'ln<(103045) +(127'0001721>> +<103045) )
EES Calc. Value 0.02453 Hand Calc. Value 0.02452 Units -
Equation fdarcy,chip,tube = 8 * )
8 12 7 02 e 37530 \'°\ "
fa(‘zfl(l):)rirfglp Evaluated fdarcy,chip,tube = 8

( 8
25918

12

) +

0.9

7

16

)+

1

37530026\ 0\
25918) )

EES Calc. Value

0.03696

Hand Calc. Value 0.03694

Units -
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Parameter Equation
Equation fdarcy,mani,l =8
1
16 -1.5\ 12
( 8 )12+ 2457 1 ( ’ )°'9+027D +(37530)16
— 4. - In . e i
Friction Remani,l Remani,l mant 1 Remani,l
factor
manifold 1 | Evaluated fdarcy,mani,l =38
1
8 \12 7 \%° 1 37530\16\ O\
—_— + —2.457 -1 (—) +0.27-0.001721 + ( )
(91374) (( n< 91374 )) 91374
EES Calc. Value 0.02497 Hand Calc. Value 0.02473 Units -
Equation fdarcy,mani,z =8-
1
16 -1.5\ 12
8 N + 2.457 -1 7 - + 0.27eD + 37530 B
— 4. In . e i
Friction Remani,z Remani,z mant2 Remani,z
factor
manifold 2 | Evaluated fdarcy,mani,z =38
_15\ 12

( 8
58073

0.9

)’ +(<—2.457-1n<(ﬁ)

+ 0.27-0.001622 ! + (37530)16
' ' 58073

EES Calc. Value

0.02545

Hand Calc. Value

0.02545

Units
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Table A - 10 Microchannel cold plate pressure drop configuration 3-5a
EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Micro channel o Lﬂ)l .2 | APyybechips = 0.296 (LM)E%Z 2.53 2.52 kPa
AP APtube,chlp,l fdarcy,cp <Dch 2 Pt5 " Vch ' 0.443’(7).20/01(())209012 2 (0367) (0365) (pSl)
9
=——(1-1.3553
flam toreyen = ﬁ(l 13553 ¢4 ﬁam,darcy,cp 306.6(
Microchannel ' ' Req, +0.03028 + 1.9467
friction factor + 1.9467 - a® — 1.7012 -0.030282 — 1.7012 0.3006 | 0.296 -
a®+0.9564 - a* +0.03028° + 0.9564
-0.03028* — 0.2537

—0.2537 - a®)

-0.03028°)
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Table A - 11 Head and flow rate calculation for pumps

EES Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Pump head _ APpc7z ot _ 2833-144 ft Ibf
required FC72 feer == Hrer2 = 1042 0.0623705 44.22 1 42360 1
Pump head AP
K Jet fuel,tot 20.38-144 ft Ibf
required Jet H =— H = 59.33 59.27 :
el T et fuer Jetfuel = 79370.0623705 b’
Pump head _ APyatertot o 9412-144 ft Ibf
required Water Pwater = arer Hwater = 5595 0.0623705 2222 | 2196 ]y
Pump head AP, 11.38 - 144
required Heessg = —200t0t Heesoso = ; 25.07 | 25.31 lflirlrlf_f
Volumetric . _ MyotFcr2 : 1.286
flow rate FC72 Vec72,gpm = ey Vrcr2,gpm = 510 15850.32 13.16 | 1320 | GPM
Volumetric m
. i 0.77
flow rate Jet Viet fuel gpm = — et fuel Viet fuelgom = —er - 15850.32 1540 | 1542 | GPM
Fuel p]et Fuel 793
Volumetric :
. Mot Water . 0.9477
flow rate % = — |72 = ———-15850.32 15.37 15.18 GPM
Water Water,gpm DPWater Water,gpm 9895
Volumetric ot GC5050
y oL, . .
flow rate Viesosogpm = —————— Vacsos0,gpm = —— * 15850.32 17.35 17.39 GPM
GC5050 PaGcso50 1048
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