THESIS

PLATE FRAME AND BAR PLATE EVAPORATOR MODEL VALIDATION AND

VOLUME MINIMIZATION

Submitted by
John Robert Simon III

Department of Mechanical Engineering

In partial fulfillment of the requirements
For the degree of Master of Science
Colorado State University
Fort Collins, Colorado

Fall 2019

Master’s Committee:
Advisor: Todd M. Bandhauer

Jason Quinn
Ellison Carter



Copyright John Robert Simon III 2019

All Rights Reserved



ABSTRACT

PLATE FRAME AND BAR PLATE EVAPORATOR MODEL VALIDATION AND

VOLUME MINIMIZATION

Vapor compression chillers are the primary cooling technology for large building
applications. Chillers have a large up front capital cost, with the heat exchangers accounting for
the majority of the cost. Heat exchanger cost is a function of size, and therefore, a reduction in
heat exchanger size can be correlated to a reduction in chiller capital cost. Few investigations focus
on the reduction in heat exchanger size for vapor compression systems. Therefore, this
investigation aims to decrease the size of chillers by predicting the minimum evaporator volume
for a fixed performance. Only the evaporator was minimized because it was assumed that a similar
process could be performed for the condenser in a future study. The study focused on a simple
vapor compression cycle, and implemented high fidelity heat exchanger models for two compact
heat exchanger types: brazed bar plate and gasketed plate and frame. These models accounted for
variable fluid properties, phase change, and complex geometries within the evaporator core. The
models used in this investigation were developed based on liquid-coupled evaporators in an
experimental vapor compression system, and validated using collected data. The bar plate model
was validated based on sizing and pressure drop to mean absolute errors of 14.2% and 14.0%,
respectively. The plate frame model was validated for sizing to mean absolute errors equal to 7.9%;
however, due to measurement uncertainty, pressure drop was not validated. The heat exchanger
models were integrated into a simple vapor compression cycle model to determine the minimum
required evaporator volume. Both heat exchanger types, in parallel and counter flow arrangements



were minimized in this study. The minimum volume was achieved by varying the ratio between
core length and number of channels. It was found that for both heat exchanger types, the parallel
flow arrangement resulted in a smaller volume than the counter flow arrangement. Furthermore,
the bar plate heat exchanger resulted in an optimum volume 91% smaller than the plate frame

counterpart.
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Chapter 1. Introduction

1.1. Background

The air conditioning market has grown dramatically in the past few years, particularly in
developing markets. In China, the demand for air conditioning has dramatically increased, 15%
per year for the last ten years. This increased demand has caused air conditioning to be the highest
electrical consumer in large cities during the summer. For instance, in Shanghai, air conditioning
accounts for up to 40% of the total electricity consumed [1]. This is a common issue across other
nations, such as Middle Eastern countries and India. During summer months, some areas of these
countries can reach dangerously high temperatures and are not cooling to safe levels at night [2].
In Quriyat, Oman, the highest night time low temperature ever recorded was 42.6 °C in the summer
of 2018. As these temperatures continue rising due to climactic changes, the need for cooling is
becoming more than just a luxury for first world countries, but a necessity for all people. Increased
amounts of research into practical cooling is required to increase system efficiency while also
considering a reduction in cost and size. Due to the growing populations in developing countries
a reduction in overall size and cost is required for effective large scale implementation.

The vapor compressions cycle (VCC) is one of the most common cycles used for building
cooling. The cycle utilizes the infinitely high heat capacity of a phase change refrigerant to transfer
heat from a cold reservoir to a hot reservoir, the opposite direction of natural heat flow, while
consuming a small amount of energy. Four components make up the simple cycle, the evaporator,
compressor, condenser, and expansion device [3]. The evaporator, between state points 1 and 2 in
Figure 1-1, couples the vapor compression cycle to the cold reservoir. In the ideal cycle operation,

the heat from the cold reservoir enters the heat exchanger and is used to vaporize the two phase



refrigerant to a saturated vapor at constant pressure. The refrigerant is then compressed
isentropically from state points 2 to 3, which increases the pressure and subsequently the saturation
temperature above the hot reservoir temperature. The refrigerant then passes through the
condenser, state points 3 and 4, where it is cooled at constant pressure from a super-heated vapor
to a saturated liquid by rejecting heat to the hot reservoir. Finally, the refrigerant passes through
an expansion device, state points 4 to 1, to drop the saturation pressure temperature below the cold
reservoir by isenthalpic expansion. The coefficient of performance (COP) is a metric used to
express the efficiency of a VCC and is defined by the cooling duty of the evaporator divided by
the energy consumed by the compressor. The cycle described above is representative of a simple,
ideal cycle. Components can be added to construct a more complicated cycle to improve cycle

efficiency, and component efficiencies can be included to account for real world irreversibilities.

Cold Reservoir Heat Flow

Evaporator

@

Compressor

®

Throttle
valve

Condenser

Hot Reservoir Heat Flow

Figure 1-1. Schematic of a simple vapor compression cycle.

One method of cycle improvement is to add an additional heat exchanger between the

evaporator and compressor on the low pressure side and between the compressor and the expander



and shown in Figure 1-2. This added heat exchanger recuperates heat in the cycle, further
superheating the vapor entering the compressor and sub-cooling the liquid entering the expansion

device, increasing cycle thermodynamic efficiency.

Evaporator

@

@ Suction
Line

:

Compressor

(@ ®

Condenser

Figure 1-2. Schematic of a suction line vapor
compression cycle.

The compressor is a prime example of a component with an associated efficiency. In the
ideal cycle the compressor is assumed to be isentropic, where no entropy is generated through
compression. However, in reality, some entropy will be generated which is accounted for by the
compressor efficiency. Depending on the application and the desire to increase the isentropic
efficiency, there are a variety of compressor types available. In residential scale VCCs, the
compressor 1s commonly a reciprocating piston compressor, see Figure 1-3, while for more
efficient systems, scroll and screw compressors are used. In large building scale VCC systems

which want high efficiencies, oil free centrifugal compressors are used, see Figure 1-4.



Figure 1-4. Danfoss Turbocor centrifugal
compressor. [105]

The heat exchangers in the ideal cycle are assumed to have no pressure losses, while in
reality, pressure losses exist that can have an impact on performance. These losses can be included
in analysis to account for the performance loss associated with the increased compression ratio
required to overcome the pressure loss. Furthermore, the refrigerant often leaves the evaporator
super-heated, which can diminish evaporator performance. Similarly in the condenser, the

refrigerant can exit as a sub cooled liquid, diminishing condenser effectiveness. However, a sub



cooled condenser can decreasing evaporator inlet quality, even causing subcooled referent to enter
the evaporator.

When considering the evaporator and condenser, either heat exchanger can be air or liquid
coupled. In small home units, it is common for both heat exchangers to be air coupled, directly
transferring heat between the hot and cold reservoirs with the inside air and outside air,
respectively. It is common for these heat exchangers to be a tube and fin design. Refrigerant is

passed through a long serpentine tube attached to plate fins as shown in Figure 1-5.

Figure 1-5. Tube and fin condenser. [106]

The plate fins act as extended surfaces to increase air side heat transfer area. For more
compact air coupled applications aluminum brazed heat exchangers are used, see Figure 1-6. In
these heat exchangers the refrigerant is distributed to oblong tubes via a header and collected at

the end of the pass. Air is passed over the tubes and through fins.



Figure 1-6. Aluminum brazed air coupled heat exchanger.

In large building scale applications, the condenser and evaporator are often liquid coupled
and used to create distributed cooling. In these cases shell and tube heat exchangers are common
[4]. Shell and tube heat exchangers typically have coolant flow through tube banks that are

immersed in a shell of flowing refrigerant, see Figure 1-7.

Figure 1-7. Shell and tube evaporator. [107]

This type of heat exchanger has a low surface area to volume ratio, on the order of 100 m?*/m?.

There are several other heat exchanger types which have significantly higher ratios. Plate frame
heat exchangers, for instance, have surface area to volume ratios of 400 m?/m>. These heat

exchangers pass fluids between corrugated plates alternating between fluids, see Figure 1-8.



Figure 1-8. Plate and Frame evaporator. [108]

Another option for liquid coupled systems are compact bar plate heat exchangers which can
achieve surface area to volume ratios on the order of 1000 m*m? [5]. Compact heat exchangers
are constructed by stacking plates separated by fins to form fluid channels that are metallurgically
bonded using a brazing process, see Figure 1-9. Neither plate frame nor bar plate heat exchangers
are commonly used in industry and present an opportunity for a more volume efficient system
while maintaining performance by utilizing heat exchangers with a higher surface area to volume

ratio.

Figure 1-9. Cut away of a bar plate heat exchanger. [109]



1.2. Research Objectives

Though there are a considerable number of studies into vapor compression cycle
optimization, none focus on the minimization of the evaporator size. Minimizing the heat
exchanger sizes can reduce the heat exchanger cost for a system. Because the system cost is
dominated by the heat exchangers, the overall cost of the vapor compression systems could thereby
be greatly reduced. Therefore the main objective of the present investigation was to determine the
minimum evaporator volume for a standard vapor compression cycle with a fixed performance.
Two types of heat exchangers were focused on, plate frame and bar plate. In an effort to determine
the evaporator size for the two heat exchangers, another objective of this investigation is to develop
and validate detailed heat exchanger models for use as sizing tools. The models were validated
against heat exchangers from an experimental facility. In the validation effort, a variety of

correlations were tested to determine the most accurate combination for each heat exchanger type.

1.3. Thesis Organization

The following chapters will present the motivation, methodology, and results for the
evaporator minimization research. Chapter Two provides a review of the current modeling and
optimization techniques for vapor compression cycles and heat exchangers. The chapter also gives
areview of the relevant heat transfer and pressure drop correlations which will be used in the heat
exchanger modeling effort. Chapter Three describes the heat exchanger modeling method as well
as the thermodynamic model of a simple vapor compression system. Chapter Four provides the
experimental methods used to collect the data for the heat exchanger validation while Chapter Five
presents the results of the comparison between heat exchanger model experimental data.
Furthermore, the chapter presents the results of the evaporator minimization effort using the full

vapor compression system thermodynamic model. Chapter Six provides concluding remarks,



presenting the key results and offering recommendations for future work. Chapter Seven lists
citations of the previous works used in the present investigation. Finally the appendix shows a step
by step hand calculation of the two heat exchanger models as well as the vapor compression cycle

model.



Chapter 2. Literature Review

The previous chapter describes the need for high fidelity heat exchanger sizing tools for
use in thermal energy system design, particularly compact evaporative heat exchangers in vapor
compression systems. This chapter will first provide a literature review of current heat exchanger
modeling techniques. The review will not be limited to compact evaporator modeling as many
techniques can be modified to different heat exchanger types. The next portion of the chapter will
be a correlation review split into correlations pertaining to plate frame and bar plate heat
exchangers. Next a review of vapor compression cycle optimization studies is presented. Finally,

the research needs will be outlined based on the current literature gaps.

2.1. Heat exchanger modeling and optimization

It is important to develop high fidelity heat exchanger models which can be used to design
and size heat exchangers for given applications or determine how heat exchangers will function
under off design conditions. These models can greatly reduce design time, cost, and increase
system efficiency. The disadvantage is that there is no universal model: each style and application
of heat exchanger must have a unique model. These unique models must be tested to truly be
accurate. The following section will review relevant heat exchanger models found in the literature
and their accuracy.

The first model type of interest is the discretization and thermal resistance network method.
One investigation by Bansal and Chin [6] modeled a wire frame condenser with a single circular
copper tube which serpentines to form a rectangular cross section, Figure 2-1a. Steel wire stretches
across adjacent tube sections to act as an extended surface. The investigation divided the tube into

sections each containing a single wire, Figure 2-1 b. The investigation focused entirely within the

10



vapor dome, and did not predict single phase refrigerant cooling. However, the model did account
for the change in condensation flow regimes. At each element a thermal resistance network was
constructed as a function of the refrigeration side convection, wall conduction, and air side
convection. The refrigerant side convection resistance was calculated from empirical correlations
based on the particular flow regime of the element. Here lies an advantage to the method, the fluid
properties of the condensing refrigerant can be more accurately determined when the condensing
region is divided up. Properties such as density and thermal conductivity which are used in heat
transfer correlations can vary widely as a fluid passes under the vapor dome. The discretization
allows for a more accurate heat transfer coefficient calculation compared to if the region was
treated as a single unit due to the more frequent determination of fluid properties. The air side
resistance was calculated from a single correlation through the heat exchanger, using the local air
properties at each element. The refrigerant pressure loss was similarly modeled across each
element and summed to determine the total pressure loss. Frictional, gravitational, and acceleration

pressure losses were accounted for. The model was validated with experimental data.
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Figure 2-1. Wire tube condenser. (a) Whole heat exchanger Schematic, (b) Single
control volume. Bansal and Chin [6]
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The Jokar et al. [7] investigation is another example of the resistance network method but
with a different discretization scheme than Bansal and Chin. The study sought to develop a heat
transfer and pressure drop model for evaporation and condensation in a microchannel chevron
plate heat exchanger. The investigation modeled each phase region as a single independent unit.
This differs from Bansal and Chin [6] who sub divided further. This scheme reduced the
complexity of the model but also does reduce the accuracy of heat transfer coefficient calculation.
The experiment tested the evaporator and condenser on a small car air conditioning system, both
liquid coupled to water glycol. The heat exchangers were tested at low R134a mass fluxes, 5 < G
<40 kg m? 57!, in single phase and two-phase, spanning the full range of quality. The number of
channel sets was varied from 17, 20, and 27, while all the plates were 311 mm long. The
investigation modeled each phase region and tested various correlations against collected data in
each region. The Yan and Lin correlation as well as the Chen correlation were tested on the
refrigerant boiling side. It was found that neither correlation was able to accurately predict the heat
transfer effects. The Chen correlation resulted in an MEA equal to 31%, and no metric was given
for the Yan and Lin correlation. The study attributes the error to the smallness of the channel sizes,
believing that the surface tension has a larger impact on the heat transfer than what the correlation
capture. Another potential cause was the discretization scheme. The boiling region was modeled
as a single control volume, making large assumptions such as uniform properties in the region
which is not true, leading to inaccurate correlation predictions.

The Picon-Nunez et al. [8] investigation looked into the effect of pressure drop on the
volume of a plate fin heat exchanger core with respect to surface selection. Though not explicitly
stated, the investigation used a thermal resistance network method to determine the core volume.

No discretization was done, the core was assumed to be one control volume where the inlet and
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outlet conditions were thermodynamically calculated. The selection of surfaces and fin types used
in a heat exchanger core can cause an increase or decrease in pressure drop and heat transfer
coefficient. In general, pressure loss and heat transfer coefficient are directly related, which can
result in smaller core volumes for higher pressure loss. This investigation sought to predict this
relation as a function of surface selection. Two flow configurations were tested, cross flow and
counter flow. In the cross flow configuration, it was possible for both fluid streams to fully utilize
the available pressure loss. This was due to the ability to independently change the flow path length
of the two fluids. The counter flow configuration, however could not independently change the
path lengths of the two fluid and there for only one fluid could fully utilize the available pressure
loss. Unlike the Jokar et al. investigation, the assumption of a single control volume here was
accurate because the core is entirely single phase heat transfer and the fluid properties vary little

through the core.

The Corberan et al. [9] investigation is somewhat of a combination of the previous two
studies. They developed a model to predict evaporation and condensation in compact heat
exchangers similar to Jokar [7], however, the model was constructed similarly to Bansal and Chin
[6]. The compact heat exchanger in this investigation is an air coupled, cross flow, horizontal,
finned tube heat exchanger. The model divided the heat exchanger into discrete elements where
the local parameters were constant and the heat transfer rate was calculated using the UA LMTD
method. The model uses a correlation from Gray and Webb [10] to determine the air side heat
transfer coefficient and the Dittus-Boelter [11] correlation to determine the single phase refrigerant
heat transfer coefficient. The investigation neglects thermal conduction axially along the copper
tubes, because the case study showed a negligible amount of heat transfer due to the small wall

temperature difference. A variety of boiling and condensing heat transfer correlations were
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analyzed for use in the model. The investigation used both homogeneous flow and separated flow
frictional pressure drop correlations. The three homogenous correlations all gave nearly identical
results and have a linear relation with increased vapor quality, under predicted the separated flow
correlations. The Schlunder boiling correlation [12] was the best suited for the model because it
had the highest accuracy and covered the whole range of qualities. For the evaporative pressure
drop investigation the Martinelli and Nelson [13] correlation best predicted the experiment
however the correlation is limited to qualities under 80%, therefore requiring another correlation
to predict the qualities above that limit. The Schlunder correlation was chosen because it

encompassed the whole quality range and predict the having good prediction to the experiment.

The above three models all use the thermal resistance network method. The disadvantages
found for using this method is the need of heat transfer correlations. These correlations are
empirically developed and therefor limited to valid operating ranges, requiring careful selection.
The advantage to using this method is the ease of modeling. No complicated differential equations
are required to solve the model.

One alternate method to the discretization and thermal resistance network is a finite
difference nodal analysis which tracks heat transfer and pressure drop for plate heat exchangers
between all plate sets and along each plate set. This finite difference nodal model allows for
characterization of heat exchanger performance while accounting for phase change,
misdistribution, and complex geometric configurations. Qiao et al. [14] analyzed one such finite
difference nodal model that accounted for complex flow configurations, including multiple flow
passes of both fluids. The key assumptions made by this investigation were as follows. All fluid
properties were calculated based on the inlet conditions to each segment. The phase remains

constant throughout a segment. Plate surface temperature was constant across the whole segment.
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The heat exchanger was adiabatic and negligible longitudinal heat conduction along the plates of
though the fluids. And the fluids were perfectly mixed at the end of each pass. The pressure drop
across the heat exchanger is comprised of three parts: the loss across the inlet and outlet manifolds,
the frictional loss across the core itself, and the gravitational effects. Frictional losses were
calculated using the Shah and Sekulic [4] friction factor correlation. Heat transfer characteristics
were predicted using the Yan and Lin [15] single phase correlation. Condensation heat transfer
was not tested because the authors argued the boiling tests sufficiently demonstrated the capability
of the model to accurately model phase change. This assumption however is not valid. The model
was tested correlations for boiling heat transfer and therefore valid as an evaporator or boiler but
not as a condenser. The modes of heat transfer are different between boiling and condensation
therefore a separate study is required. Several two-phase boiling heat transfer correlations were
tested: Yan and Lin [15], Hsieh and Lin[16], Ayub [17] , and Han et al. [18] correlations. Each
correlation under predicted the heat transfer of the refrigerant. The Haung et al. [19] correlations,
however, provide a more accurate heat transfer coefficient. Multiple cases were studied with all
predictions being accurate for the heat load within 5% of the experiment. The advantage of the
nodal method is the ability to predict more complex geometries and flow configurations than the
discretization, as well as the ability to account for conditions such as misdistribution. This does
however come at the cost of a more complex model and there is still the requirement of heat

transfer correlations.

Glazar et al. [20] is an example of a study which developed a model using a finite element
technique to analyze the effect of channel geometry on compact heat exchanger performance. The
study developed a numerical performance model of an air coupled microchannel coil heat

exchanger and validated the model with experimental data. The heat exchanger contained 68
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parallel flat tubes connected with approximately 700 straight fins. Single phase distilled water
flowed through the micro-channels while air passed over the straight finds in cross flow. The model
eliminated any symmetric planes in the heat exchanger to reduce computational requirements. The
remaining heat exchanger was then subdivided into 110 million three dimensional control volumes
which allowed for a system of continuity equations to solve for the heat transfer. This eliminated
the need for a thermal resistance network and heat transfer correlations. The model could
accurately predict all experimental temperatures to within +5 K. The investigation did not give any
metric for pressure drop accuracy. The remaining portion of the investigation was performed using
the empirical model. Six channel geometries were tested: square, barrel, circular, hexagonal,
vertical rectangular, and square diamond. Heat transfer effectiveness and pressure drop were used
as the metrics for comparing the geometries. Increases in air side velocity decreased the overall
effectiveness which increase the effect of channel geometry. In the range of 0.6 < € < (0.7, channel
geometry has the most impact on heat exchanger effectiveness, and the square diamond and
hexagonal channels performed best in terms of heat transfer. In terms of pressure drop the square

and circular channels had the lowest pressure drop.

The previously mentioned studies have all used discretization techniques that are inherently
discontinuous. Gut and Pinto [21] developed a general model for predicting the performance of a
plate frame heat exchanger with a continuous property distribution instead of a discretization
method. The investigation only studied single phase heat transfer, but examined many different
flow configurations. The key assumptions were the same as the Qiao investigation. The pressure
drop was a function of frictional, manifold, and gravitational loss. The friction factor and Nusselt
number were calculated using correlations proposed by Shah and Focke [22], Saunders [23], and

Mehrabian et al. [24]. The model was not compared to any experimental data. The Gut and Pinto
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model is a good example of an investigation which avoided discretization, however, even when
modeling single phase heat transfer, the model was complex, so its use in two phase conditions
would be impractical.

This section presents examples of various heat exchanger modeling methods. The methods
presented were the, discretization and thermal resistance network, finite element, and continuous
property distribution methods. The discretization and thermal resistance network method is simply
molded but requires the use of empirical correlations. The finite element model requires some
more complexity, however does not require the use of empirical correlations. And the continuous
property distributions does remove the discontinuity of the previous two models but is more
complex and also requires the use of empirical correlations, so as long as the discontinuity is
acceptable this method is not preferred. Similarly each of the models described above are for
different heat exchanger types and applications, none of which are similar to the heat exchangers

of this investigation.

2.1.Correlation review

The heat exchanger models used in this study are built on the thermal resistance network
method. This method uses empirical correlations to determine heat transfer coefficients. A
literature review was used to narrow the vast number of correlations to a few that were applicable
to the present study. The correlations that will be presented were developed specifically for single
phase and boiling flow though plate frame heat exchangers, as well as through micro and mini
channels. These correlations were developed empirically from data sets either collected
specifically for the particular investigation or from a data bank of heat transfer experiments

constructed from multiple previous investigations.
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There are many metrics to record the accuracy of a correlation, however, this investigation
will focus on mean absolute error and the percent of data within an error range. The mean absolute

error (MAE) is calculated using the equation (2.1) below:

MAE = Ave(abs(Error)) 2.1

The other metric used to express accuracy is the percentage of predictions that fall within a given
personage band of the data collected. For example 85% of the heat transfer coefficients calculated

predicted the collected data within £25% error.

2.1.1. Plate Frame Correlations

A plate frame heat exchanger consists of a stack of corrugated stainless steel plates
separated by rubber gaskets and compressed in a frame. The plates have a stamped chevron
corrugation pattern and the angle from the vertical defines the chevron angle, see in Figure 2-2

where f represents the chevron angle.
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Figure 2-2. Plate frame heat exchanger chevron plate, (a) geometry description, (b)
Image of actual plate
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Brazed plate heat exchangers follow a similar construction, but the plates are brazed
together instead of gasketed. The same flow characteristics are exhibited in both heat exchangers,
so both heat exchanger correlations were investigated. The fallowing sub sections will outline a
correlation review for first boiling heat transfer and pressure drop, then single phase heat transfer
and pressure drop in chevron plate heat exchangers with the intention of finding a set of

correlations to be tested in the model.

2.1.1.1.Plate Frame Boiling

Correlations have been developed based on experiments [15,16,18,19,25-27], and based
on data banks of heat transfer data collected over a field of experiments [17,28,29]. Experiments
were carried out utilizing small bench top plate heat exchangers, some unmodified from their
commercial form [16,18,19,26,28], some modified to allow for specialty analysis such as flow
visualization [15,30]. Typical experiments collect temperatures and pressures at the inlet and
outlets of the two fluid streams, along with the flow rates for the two fluids. The heat duty and heat
flux were controlled using the hot side fluid, often water or a water-glycol mixture. The test heat
exchangers in all of these studies are on the bench top scale, much smaller than the industrial sized
heat exchangers used in vapor compression application. The experiments studied the effects of a
range of parameters including: chevron angle, heat and mass fluxes, and fluids. The correlations
presented below have been found to be relevant to the present study as either a potential correlation
to be tested in the model, or as insight into the physics of the heat transfer and pressure drop
characteristics in chevron plat heat exchangers. Many of the correlations and their developed

parameter ranges are presented in Table 2-1.
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Table 2-1: Plate frame boiling heat transfer correlation review.

Working # of Chevron
Name Fluid Channels Angle mass flux heat flux Tsat Quality L w dh
- - degree kg /m2s kW/m2 mm mm mm
Test R134a 150 60 58 68 2 28 10 15 0 1 1200 430 5.1
Hanetal. [18] R22/R410 3 203545 13 34 25 85 5 15 09 095
ﬁ%‘]"handm R410 2 60 50 125 2 37 10 30 0O 09 450 120 6.6
R134a/
Huang et R507a/R12 23 284460 56 303 19 7 5 13 00l 095 519 180 3.5
al.[19] / Ammonia
R134a/
Water 33g§9/ 60 45 268 6 29 311 112 3.9
Lee et al. [25] Glycol
Longo R1233zd(E) Unknown 60 55 27 6 49 105 105 001 0.6 357 103 44
Gasparella
[27] [31] R410 9 65 4 50 3 21 5 20 045 07 278 72 32
Yanand Lin  Ri34a/410 9 65 4 50 3 21 5 20 045 07 278 72 32
1) / R245fa
Hanetal. [18] R134a 2 60 55 70 11 15 31 31 009 09 450 120 5.9
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One such insight which has lead the search for potential correlation is that heat and mass
fluxes had a significant impact on the heat transfer coefficient in plate heat exchangers [18,31].
In the Longo and Gasparella investigations [18,31], data was collected around a brazed plate heat
exchanger with evaporating R134a, R410a, or R236fa refrigerant and a water-glycol coolant.
The inlet quality of the refrigerant was controlled with a preheater, and the refrigerant exited as a
superheated vapor. For a constant heat flux, the experimental data showed that as mass flux
increased the average heat transfer coefficient increased. At low mass flux ranges, G < 40 kg m
s, pool boiling correlations become valid [27,31] because flow convection heat transfer is
significantly smaller than the nucleate boiling portion. The Longo and Gasparella [31]
investigation collected data for a range of mass fluxes, 10 < G < 40 kg m? s}, and compared the
data from their study to the Cooper [32], Equation (2.2). and the Gorenflo [33], Equation (2.3)

pool boiling correlations:

hnb —55. p*i2 '(_loglo Pred )*0-55 MW O3 _(qu)o.m (2.2)

red

h=h -1.2-P% +(2.5+%PJ~P (2.3)
Where h, in the Gorenflo correlation is a reference heat transfer coefficient. The Cooper correlation
predicted the Longo and Gasparella data with a mean absolute deviation of 8.2%, 12.7%, and
34.5% for R134a, R410a, and R236fa, respectively. While the Gorenflo correlation predicted the
data to an MAE equal to 12.3%, 23.9%, and 40.7% for R134a, R410a, and R236fa, respectively.
The authors concluded that the R134a and R410a data collected was dominated by nucleate boiling
heat transfer, while the R236fa data contained both nucleate boiling and convective boiling
contributions. The investigation did not create a new correlation and only sought to determine the

viability of a nucleate boiling correlation for predicting the heat transfer coefficients of flow

boiling at low mass flux in a plate heat exchanger. It was concluded that both correlations were
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adequate for use with R134a and R410a, with the Cooper resulting in slightly lower error, however
both correlations significantly under predicted the R236fa results and were not recommended. The
investigation tests at low mass fluxes, fluxes which are similar to the present investigation, see
table 2-1, and because of the found accuracy of the Cooper pool boiling correlation at the low mass
flux range, the correlation will be tested in the model and further test its viability in plate heat
exchangers.

The Haung et al. [19] investigation is another good example of a nucleate boiling
dominated correlation. The Nusselt correlation is a function of heat flux, enthalpy of vaporization,
thermal diffusivity, saturation temperature, and liquid thermal conductivity. The low mass flux in
the Huang et al. investigation caused the flow parameters (Reynolds number and chevron angle)
to be less significant. Therefore, the heat transfer was dominated by nucleate boiling and the

Nusselt correlation took the form of Equation (2.4).

hod " g 0.56 i d 0.31
Nu = r]; o =187X103(q . ,)J [ fg Oj .PrrO.33 (24)

(24

r T sat T

This correlation is unique because the characteristic length used is a bubble diameter, not hydraulic

diameter. The bubble diameter is defined by Equation (2.5),

d, :0.0146-0-{2'—0} (2.5)
g.(psl _psv)

Where 6 is the bubble contact angle and o is the fluid surface tension. The heat transfer correlations
was developed based on 222 data points with an associated 7.3% MAE. The pressure loss cannot
be described independently of the fluid flow because flow properties are required for frictional
pressure drop. Huang et al. correlated the two-phase friction factor, Equation (2.6), with the

equivalent Reynolds number defined by equations (2.7) and (2.8).
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3.81x10*-F,

Jo= 0.16 (2.6)
’ Retop;g.(psl/psv)
-D
Retp = G-Dh 22.7)
Hy
—| Xm 4 1—xp N . Xty + (l—xm)-,usv (2.8)
Hp = o Psv yen Psv ’

The pressure drop was correlated to a MAE equal to 6.7%. The Huang et al. correlation was found
relevant to the present investigation as a heat flux dominated correlation which was developed for
lower mass flux ranges, 10.7 to 31.4 kg m s™!, and similar saturation temperatures for R134a, 5.9
—13.0 °C, as the present study, see table 2-1. Due to this both the heat transfer and pressure drop

correlations were tested in the plate frame model.

At higher mass flux ranges, correlations can account for both components using weights
for the convective heat transfer and the nucleate boiling terms [16,19]. This can be done using
enhancement and suppression factors multiplied by the convective and nucleate boiling
contributions, respectively. The Hsieh and Lin [16] investigation used a data bank of heat transfer
data to develop the correlation in this manner. The data ranged in mass flux between 50 to 100 kg
m? s .The convective portion in the correlation was the Dittus-Boelter [11] correlation and the
pool boiling was represented with the Cooper [32] correlations. These correlations were not
developed for use in plate heat exchangers and the Dittus-Boelter correlation requires turbulent
flow, and yet the overall weighted correlation predicted the heat transfer coefficient for a large
amount of the data bank, 74% to +25% error. The frictional pressure drop equation developed from
the same data bank was a function of equivalent Reynolds number and was correlated to an MAE

of 18%. The accuracy of both the frictional pressure drop and heat transfer correlations makes
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them attractive for use in the model. This correlation, though developed for mass fluxes higher
than the present study it was developed for similar heat fluxes, and as found by Longo and
Gasparella [27], heat flux can have a significant impact on the calculation of heat transfer
coefficient. The Hsieh and Lin correlation was tested in the model due to its development for

similar heat fluxes as well as its method of weighting terms.

There are numerous correlations which were developed empirically [17,18,25,26,29]. One
of the primary difficulties in developing correlations empirically is the effect of vapor quality. The
vapor quality was an important parameter for predicting the heat transfer and pressure drop across
the plates because the proportion of vapor to liquid in a cross section has a large effect on fluid
properties. Furthermore, as the quality increases, regardless of all other parameters, the heat
transfer coefficient increases. The heat transfer will increase as a result of increased fluid velocity
due to decreased fluid density. The higher fluid velocity will increase convective heat transfer [18].
There are a number of strategies to account for vapor quality. One method was to use equivalent
parameters which are normalized by quality. A common example was the use of equivalent mass

flux [26], expressed in equation (2.9).

. 05
Geq%-{(l—XﬁX(ﬁ—ij } 2.9)
The equivalent mass flux is used in place of the mass flux term in dimensionless parameters such
as Reynolds and boiling numbers.

The Han et al. [18] correlation is an example of a simple correlation. The correlation was
considered due to its strong dependence on plate geometry, though it does not encompass many of
the parameters, see table 2-1. The Nusselt correlation, Equation (2.10), is a function of equivalent

Reynolds number, equivalent boiling number, and Prandtl number.
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Nu=Ge, - Re;" - Bo,: - Pr’* (2.10)

Bo = 9 (2.11)

N G-[(l—xm)+xm -(g)o.s}-ifg

Where the Ge values are non-dimensional geometric parameters given by Equations (2.12) through

(2.15).
P -0.041
Ge, = 2.81-[&j i (2.12)
dh
P —0.082
Ge, :0.746-[ j .o (2.13)
dh
P -5.27
Ge, = 64,710-(ﬂ] B0 (2.14)
dh
P -0.62
Ge, =—1.314~( j B (2.15)
h

The frictional pressure drop was correlated using Equation (2.16).

f,, =Ge,-Reg" (2.16)

eq

The study collected data from three corrugated plate evaporators, each with a different chevron

angle, 70°, 55°, 45°. The developed correlation was able to predict 90% of the experimental data

to within #15% for both the Nusselt and friction factor correlations. The dependence on many

geometric parameters potentially could be scalable and beneficial in the study of large industrial
plate frame evaporators.

The Yan and Lin [15] investigation was considered because of it use of flow visualization

and was a good example of an empirical correlation developed for evaporation heat transfer of R-

134a in corrugated plate heat exchangers. The investigation tested two plate heat exchangers,
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where the first had three steel plates for heat transfer and pressure drop analysis and the second
heat exchanger had a transparent plate used for flow visualization. Each heat exchanger had a
single cold side channel and a single hot side channel with 60° chevron angle. The evaporative
heat transfer coefficient for R134a was determined from experimental data collected at two mass
fluxes, 55 and 70 kg m~2 s with the same heat flux. At vapor qualities less than 0.45, the mass
flux does not have a significant effect on heat transfer coefficient. Thus, nucleate boiling was the
dominant mode of heat exchange. When the vapor quality is greater than 0.45, the heat transfer
coefficient grows exponentially with increasing vapor quality, leading to more convective boiling
heat transfer. This distinction between flow regimes, nucleate and convective boiling, was further
validated using flow visualization. At low vapor qualities, there was significant bubble generation
which indicated flow boiling. At high qualities, turbulent vapor dominates the channel flowing
over a liquid film, indicating convective boiling. The evaporative Nusselt correlation was a
function of Reynolds number, Prandtl number, boiling number, quality, and density. The two-
phase friction factor correlation was split into two regimes: one for equivalent Reynolds numbers
below 6000 and another for equivalent Reynolds numbers above 6000. The two-phase friction
factor is only a function of equivalent Reynolds number. The Yan and Lin investigation
demonstrates the importance of quality on the heat transfer coefficient. The shift from nucleate to
convective boiling at the quality of 0.45 is there for needed to be captured in the model developed.
There for treating the boiling region of the evaporator as a single zone would introduce large error.
This being said, the Yan and Lin investigation was not consider for testing in the present model.
This was because the study focuses on the importance of vapor quality but only includes the
parameter in the correlation as part of equivalent Reynolds number. This finding would represent

itself better as a weighted convective, nucleate boiling correlation.
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Lee et al. [25] investigated heat transfer and pressure loss of R1233zd(E) in a plate heat
exchanger with high mass flux. Due to a push for lower global warming potential refrigerants,
R1233zd(e) has been considered as a drop in replacement for R245fa in Organic Rankine Cycles
(ORC). However there has been a limited amount of investigations of this fluid in plate heat
exchangers. This investigation compared the characteristics of the two fluids and developed a
boiling Nusselt correlation for R1233zd(e). The operating conditions for the experiment were
similar to what would be experienced in an ORC, with saturation temperatures between 60°C and
80°C, and mass fluxes 32, 45, 58 kg m™ s!. Each test experience forced convective boiling rather
than pool boiling, implying the heat transfer had a greater dependence on mass flux than heat flux.
Under the same conditions, the heat transfer coefficients of the two fluids, R1233zd(e) and R245fa,
were similar at lower vapor qualities. However, at higher qualities the R1233zd(e) had roughly a
19% lower heat transfer coefficient due to a significantly lower vapor thermal conductivity. The
investigation proposed a simple Nusselt number correlation which was a function of equivalent
Reynolds and Prandtl numbers. The correlation predicted 97.8% of the data to +20% error. At low
qualities, the two fluids have similar friction factors. At higher qualities the friction factor of the
R1233zd(e) becomes significantly higher than that of the R245fa due to a larger ratio of liquid to
vapor densities. The data was used to empirically derive a friction factor correlation which is a
function of equivalent Reynolds number, liquid Reynolds number, and liquid Prandtl number. The
factor was correlated with 95.2% of the data within £20% error.

The aim of this section was to find a group of boiling heat transfer correlations to be tested
in the plate frame model. Not all of the above correlations were tested in the present study, and
none of the correlations described above encompass all relevant parameter bound seen in Table 2-

2. The four correlations selected were the Cooper [32], Huang et al. [19], Hsieh and Lin [16], and
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Han et al. [18] were selected due to encompassment of at least one important parameter or due to
some novel correlation method. None of the correlations selected were tested in a heat exchanger
of the same scale as the present investigation, though through the review it was found no

correlation has.

2.1.1.2.Plate Frame Single Phase

The heat transfer and pressure drop of single phase fluids have been widely studied. This
section offers a brief review of the correlations developed in an effort to find several correlations
to be tested in the model. Primarily water or a water mixture is used as the working fluid on both
sides, and no correlation was found which used a refrigerant, therefore the following review was
used to find correlations to be used on both the water-glycol and refrigerant sides of the plate frame
model.

Much of the information about the heat transfer characteristics of plate heat exchangers is
maintained as proprietary information by heat exchanger manufactures. Therefore there is a lack
of this information in the open literature [17], and some information regarding develop correlations
may be unknown. Table 2-2 depicts a review of single phase heat transfer correlations in plate heat
exchangers, along with their associated valid ranges for relevant parameters such as Reynolds and
Prandtl numbers, as well as chevron angle and hydraulic diameter. Several correlations included
are of interest to the due to their closeness in parameter ranges to the present investigation. One
such correlation is the Rosenblad and Kullendroff [34]. The correlation fully encompassed the
required Reynolds number range of the water-glycol and nearly encompassed the range of the
single phase refrigerant. The experiments used a mass transfer technique to determine the effect
of geometric parameters on heat transfer. From the work the correlation was developed as a

function of Reynolds and Prandtl numbers.
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Table 2-2. Single phase Plate frame correlations and associated valid parameter ranges.

Working Chevron

Name Fluid Angel Re Pr dh
- degree - - mm

Test Refrigerant R134a 60 130 3000 0.8 3.5 5.1

Water-
Test Water-Glycol Glycol 60 180 520 32 34 5.1
Chisholm and
Wanniarachchi [41] Water 30-80 1000 40000 5 5
Muley and Manglik [38] 30,45,60 600 10000 2 6 5.08
Kahn [36] 30,45,60 500 2500 3.5 6.5 3.9
Thonon [78] water 30,45,60,75 60 2415
Muely [39] 30-60 30 400
Maslov and Kovalenko [35] Water 60 50 20000

Water-
Talik et al. [79] Glycol 60 10 720 70 450 4.65

Water 14500 11460 2.5 50 4.65
Hessami 45,60 200 1800 11
Emerson [80] Water 10 25

40 1000

Longo and Gasparella [31] Water 65 200 1200 5 10
Kumar [81] Water 60 20 400
Rosenblad and Kullendorff
[34] Water 60 60 2415 4

The Maslov and Kovaleko [35]correlation is another of interest due to its development for
Reynolds numbers encompassing both the single phase refrigerant and water-glycol requirements.
The original source of the correlation could not be found, however it has been used widely in
literature [17,36,37]. From those sources the correlations itself was found and took the same form
as the Maslov and Kovaleko correlation. The source were also use to collect some of the
information needed to fill out Table 2-2. Though the information about the development of the
correlation is unknown, the correlation is appealing due to its wide Reynolds number range, largest
of the review. This would allow for higher trust in future use of the developed model after

validation.
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The Focke et al. [30] investigation studied the effect of chevron angle on single phase heat
transfer in plate heat exchangers. The study used plates with chevron angles equal to 0°, 30°, 45°,
60°,72°, 80°, and 90°. Rather than using a two working fluid heat exchanger to examine the effects
of chevron angle, the investigation used an electric heater to heat the water working fluid. The heat
flux was controlled and plates were easily exchanged in this test setup. As the chevron angle
increased from 0° to 80°, the pressure drop through the plate increased by 2.5 orders of magnitude
while the heat transfer increased by a factor of 4 to 10, depending on flow conditions. The heat
transfer was correlated using the Colburn factor and is a function of Reynolds number. The
standard deviation between the Colburn correlation and the experimental data was less than 5%.
The frictional pressure drop was correlated using a friction factor equation that was only a function
of Reynold’s number and the standard deviation of the pressure drop was less than 7%.

The Muley and Manglik [38] investigation studied the heat transfer and pressure drop of
liquid water flowing through a plate heat exchanger. Three plate arrangements were tested: both
plates with 30° chevron angle, both with 60° chevron angle, and one plate 30° and the other 60°.
The correlations were developed for the ranges: 2 < Pr < 6 and 600 < Re < 10"4. The correlation
was a function of Reynolds number, Prandtl number, chevron angle, and the viscosity ratio. The
correlation accurately represented the data within £10% error. The investigation also developed a
friction factor correlation which was a function of chevron angle and Reynolds number. The
friction factor correlation described the data to within #5% error. In addition, Muley [39]
developed a set of simplified correlations specifically for laminar flow where Re was less than
400. The simplified correlation is of interest to this investigation to represent the water-glycol side

heat transfer coefficient. The correlation was developed for similar bounds to the present
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experiment, with only a slight difference in fluid, the difference between water and water-glycol.
The simple correlation will allow for easy model development and operation.

The Garcia-Cascales et al. [40] investigation presents a variety of single phase correlations
developed for plate heat exchangers with the intention of model development. One correlation of
interest is the Chisholm and Wanniarachchi [41]. The correlation was developed for laminar flow
and as a function of Reynolds number Prandtl number and chevron angle. The correlation was
tested against data from Focke et al. [30] and found agreement within +20% error. Another
correlation of interest presented was the Kim [42] correlation. The correlation was developed in a
water to water chevron plate heat exchanger and was a function of the same parameters as the
Chisholm and Wanniarachchi correlation. Both correlations are of interest in the present
investigation due to their simple formulation and development for laminar flow. Garcia-Cascaes
et al. presents the issue of correlation being developed for a small geometric bounds. The two
correlations above do not present their heat exchanger sizes and therefor testing them at the
industrial scale could expand their relevance.

The Khan et al. [36] investigation created a heat transfer correlation for water to water plate
heat exchangers. The investigation operated with the same three plate arrangements as Muley and
Manglik. The correlation was developed for the ranges: 3.5 < Pr < 6.5, 500 < Re < 2500 and used
a conventional single phase Nusselt number which is a function of Reynolds and Prandtl number.
Separate correlations were developed for the three plate configurations and each accurately
predicted the experimental data to within +0.3%. A fourth correlation was developed to encompass
all configurations, which sacrificed some accuracy, but fit the data within 2% for the 30° plates,

+1.8% for the 60° plates, and +4% for the mixed plate configuration.
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The Bogart and Bolcs [43] investigation examined the performance of single phase plate heat
exchangers. The experiments were conducted on two brazed plate heat exchangers, where one had
14 plates and the other had 20 plates. The two working fluids were water for the cold side fluid
and mineral oil for the hot side. The investigation performed two sets of experiments to determine
pressure drop and heat transfer. The pressure drop experiments were performed isothermally. Data
was collected for the overall heat exchanger pressure drop which includes the channel, port, and
manifold losses. The investigation did not separate these losses, instead opting to determine the
overall pressure loss. The resulting Fanning friction factor correlations were only a function of
Reynolds number. Five correlations were developed for three Reynolds ranges. Two of the
correlations were simplified at the expense of accuracy. The least accurate of these correlations
was correlated to within 10% and the most to within 1%. A Nusselt number correlation was
developed for Reynolds numbers greater than 2300 that is a function of Reynolds number, Prandtl
number, and viscosity. Several more correlations were developed for laminar flow which have a
similar form to the turbulent correlation. The errors range from 1% to 2.5% for the heat transfer
correlations. Separating the correlations into flow regimes does allow for a simpler formulation
and or a reduced error compared to a unified correlation across a larger range of Reynolds numbers.
However by doing this, it makes developing a model more difficult, due to the need of logic to

determine which correlation is needed, mitigating the gain of a simple correlation.

2.1.2. Bar plate heat exchanger

Bar plate heat exchangers are constructed by stacking sets of plates separated by fins as
shown in Figure 2-3. These plate stacks are then brazed together to form a heat exchanger core.
The space between the stacked plates and the fins forms the fluid channels. These channels

alternated between two working fluids, a low boiling point refrigerant, and a water glycol mixture
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which was used as the heat input. The geometry of a bar plate heat exchanger can be varied
significantly and many flow orientations are possible: cross flow, co-flow, counter flow, or any
combination of those. The channel geometries can be varied within the core; for example a channel
cross-sectional area can increase along the flow path to accommodate fluid expansion during
boiling. The fallowing section provide a literature review of boiling and single phase heat transfer
and pressure drop correlations developed for use in mini/micro channels and bar plate heat

exchangers.
Plate - —— Side bar

Fin

Side bar

(a) (b)

Figure 2-3. Bar plate heat exchanger construction. (a) Exploded view, Picon-Nunez [8]. (b)
Cross flow cut away where red represents the hot flow path and blue the cold flow path.

2.1.2.1.Bar plate boiling

The present work focuses on compact evaporators with micro and mini channels. The
hydronic diameter at which a channel is considered mini or micro versus a macro scale channel is
inconsistent through the literature, where Bertsch et al. [44] defines the micro scale less than 2mm
and no distinction between mini and micro scales. Fernando [45] defines the micro scale between
0.01 and 0.2 mm and the mini scale between 0.2 and 3mm. Thome [46] defines the micro scale as
the diameter of the bubble formed when boiling. For the present investigations the Bertsch et al.
consideration was used and channels less than 3 mm in hydraulic diameter will be considered

micro channels. Table 2-3 presents the correlations discussed in this chapter.
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Table 2-3. Microchannel boiling heat transfer correlation review.

Mass

Mass

Heat

Heat

Correlation Fluid Cshl?;;:l I-Il)i’:;;ltlll: Flux Flux Flux Flux Q;l:‘l;ty Q}lll:lglilty if) s;'; I_%g*';
Low High Low High
- - mm Kg m?s! W cm? - °C
Agostini et al. R134a  Rectangular 0.77,2.01 83 467 0.44 1.5 0 1
[92,93] Multi Rectangular 0.34 281 1501 0.7 42 0.02 0.78 25 43
Bertch et al. [94] R134a Rectangular 0.54-1.09 20 350 0.5 22 0 0.95 8 30
multi Rec/
Bertch et al. [44] R134a Circular 0.16-2.92 20 3000 0.3 115 0 1 -194 97
Cooper [32] Multi Pool 0 0 0.01 60 0 1
Hamdar et
al.[95] R152a Square 1 200 600 0.1 0.6
Kandlikar [96] Multi(8) 4.0-32 13 8179 0.03 228 0.001  0.987
Kuznetsov et al.
[49] R134a Rectangular 0.975 23 190 0.1 1.6 0 1
Lazrek and
Black [97] R113 Circular 3.1 125 750 1.4 38 0 0.6
Lee and Lee [98] EI113 Rectangular  0.78-3.63 50 200 0 1.5 0.15 0.75
Rec/
Li and Wu [52] Multi Circular 0.2-3 20 3500 0 800 0 1 0 31
Liu and Multi
Winterton [99] ) Circular 2.95-32 124 8179.3 0.035 262 0 0948
Lovegrov and
Robertson[100] R11 Serrated fin 150 0.04
Offst Strip
Raju et al.[101] R134a fins 1.1894 50 82 0.14 0.22 0.32 0.75 -1 5
Thome et al. Multi
[46] 9) Circular 0.7-3.1 50 564 0.5 17.8 0.01 0.99
Tran et al. [54] R12 Rectangular 2.4 44 832 0.036 1.29 0 0.94
Warrier et al.
[53] R84 Rectangular 0.75 557 1600 0 0.599 0 0.55 26 60
Yunetal. [102] 1410 Rectangular 1.36-1.44 200 400 1 2 0 0.85 0 10
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The micro channel correlations were developed similarly to the plate frame correlations,
as a weighted average of nucleate and convective boiling terms or as a single empirical correlation.
The Bertsch et al. [44] investigation is an example of the weighted average format and collected
heat transfer data from 14 studies found in literature on boiling heat transfer through micro
channels. 3899 data points were used to develop a microchannel boiling heat transfer correlation.
The correlation was developed on the basic Chen [47] flow boiling format which scaled nucleate
and convective boiling coefficients. The correlation is shown in Equation (2.17), with weighted

nucleate boiling and two-phase convective terms:

hy=hy, - S+h

onvip (2.17)
Micro channels have relatively short lengths and small diameters. Because of the high frictional
pressure loss associated with the small diameters, the mass flux through the channels is reduced

which often leads to low Reynolds numbers. The nucleate boiling term in the Bertsch et al.

correlation was predicted by the Cooper [32] pool boiling correlation, shown in equation (2.18).

hy, = 55- Py’ '(_loglo Py

-0.55
red )

'MW_O'S . (q vv)0.67 (218)

The Cooper pool boiling correlation is also used in the study by Hsieh et al. [26] and the two-phase
convective heat transfer coefficient is calculated as a vapor quality scaled function of the single

phase vapor and liquid Hausen correlation [48]:

hconv,tp = hconv,sl ) (1 -X ) + hconv,sv X (2 19)
0.0668-L1.Re-Pr
K
Pogesp =| 3.66+ kel oh (2.20)
1+O.O4~[%-R6-Pr}
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The suppression factor and enhancement factor are calculated using equation (2.21) and (2.22),

respectively.

F=1+80-¢"% (2.21)

S=1-X (2.22)

The suppression factor, S, is multiplied by the nucleate boiling heat transfer coefficient to account
for the reduced liquid available as the vapor quality increases. The enhancement factor, F, is
multiplied by the convective heat transfer coefficient to account for the increased flow velocity
due to the decrease in fluid density. The resulting correlation has a mean absolute error MAE less
than 28% and predicts 60% of the measurements with an uncertainty less than + 30%. The
correlation is valid over for mass fluxes from 20-3000 kg m?2 s, heat fluxes from 0.4-115 W cm’
257, and saturation temperatures from -194 to 97 °C. This correlation is of particular interest to
the present study, because it was developed off of a large data bank, the correlation encompasses
a wide range of parameter values, including the range of heat and mass fluxes, saturation

temperatures, fluids, and hydraulic diameters tested in the present study, see Table 2-3. Because

of this the correlation was tested in the bar plate model.

The Kuznetsov et. al. correlation [49] is another example of a correlation developed from
a data bank where the total heat transfer coefficient is a scaled composite of flow convection and

nucleate boiling terms:

W, =(hyS) +(h

tp conv,tp -

F)2 (2.23)

The correlation uses the Danilova [50] refrigerant pool boiling equation for the nucleate boiling
term rather than the Cooper equation [32] and the flow convective term is calculated from a

laminar liquid Nusselt number. The Nusselt number for this investigation was calculated using
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Kays and Crawford [51] for laminar flow in rectangular channels. Furthermore, the suppression

and enhancement factors, Equations (2.24) and (2.25), are defined differently.

F=[1+X Pr,-(p,/p,-1)]” (2.24)

§=(1+0.55-F°'-Re}'®)” (2.25)

The study does not offer any correlation error or number of data points used. However its
encompassment of all important parameters except hydronic diameter, makes it appealing for use
in the model, Table 2-3. The hydraulic diameter tested is similar to the present study, only an 18%
difference. Therefore, even in spite of a lack of accuracy given, the correlation was tested.

The previous correlations have been weighted functions of nucleate and convective boiling,
however, several studies have focused on developing simple empirical equations correlations. A
simple correlation could allow for quicker model development and run time. Li and Wu [52]
developed a simple correlation for micro channel flow boiling by utilizing a data bank of heat
transfer data containing 3700 points from twenty eight studies. The data was used to empirically
develop a Nusselt correlation as a function of liquid Reynolds number, Bond number, and Boiling

number. The data was used to determine constants used in the equation shown below:

Nu=334-Bo" -(Bn-Re™)”" (2.26)

The correlation predicted 65.5% of the data bank within +30% which is significantly more accurate
than other correlations of similar form. The Warrier et al. [53] correlation was tested against the
same bank and always over predicted the Nusslet number, up to 325%. The accuracy of the
correlation over a wide range of parameters is attractive because it allows has a wide use range. It

was therefore tested in the bar plate model.
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The Warrier et al. [53] investigation is another example of a correlation developed as a
simple function. However this investigation did not use a data bank for validation. The heat transfer
and pressure drop characteristics of flow boiling FC-84 through a multi mini channel test section
were studied. The aluminum test section consisted of five rectangular channels placed in parallel.
The dimensions of each channel were Dh = 0.75 mm and L = 307.35 mm. Experiments were
conducted where the inlet temperature was varied between 26, 40, and 60°C, the mass flux was
varied from 557-1600 kg m? s™!, and the heat flux was varied from 0-5.99 W cm? s™!. Two phase
boiling heat transfer correlations were developed for subcooled and saturated boiling. The
subcooled boiling correlation was a function of boiling number and subcooled parameter, and
developed off a small data set, therefore is limited to the bounds, 0.0<Sc<0.80 and
0.00014<B0<0.00089. This correlation was validated from 200 data point collected, and found to
match the experiment with 75% of the data falling within £15% and all of the data falling within
+40%. The saturated boiling correlation is a function of boiling number and quality. Similar to the
subcooled boiling data limitation, the saturated boiling correlation is limited to qualities between
0.0 and 0.55 and boiling number between 0.00027 and 0.00089. This correlation was found to
deviate from the experiment by a maximum of +28%. This correlation was developed based on a
small sample of data and only a single test section geometry, therefore has limited use. Furthermore
the separation of subcooled and saturated boiling presents a modeling difficulty which negates the
benefit of a simple empirical correlation.

Tran et al. [54] investigated the frictional pressure drop for boiling refrigerant flow through
small channels. Two refrigerants, R134a and R12, were tested in a 2.46 mm inner diameter, smooth
walled brass tube. R12 was also tested in a brass rectangular channel with a hydraulic diameter of

2.40 mm. The study also considered a third fluid, R113, with supporting data from Wambsganss
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et al. [55] which used a stainless steel circular tube with a diameter of 2.92mm. The proposed
boiling pressure drop correlation was developed from Chisholm’s B coefficient method [56]. The
resulting correlation is a function of local vapor quality, confinement number, and liquid only
frictional pressure drop. When comparing the correlation predicted pressure drops to the
experimentally measured pressure drops, 93.8% of the data points were predicted to within +30%.

The above section presents a review of heat transfer and pressure drop correlations which
can be used in the bar plate model or present insight into the heat transfer and pressure drop

characteristics of flow in the micro channels.

2.1.2.2.Bar plate single phase
Single phase heat transfer in micro and mini channels has been widely studied because these
geometries are widely prevalent in advanced electronics cooling and engine radiator applications.
The purpose of this review is to find potential correlations which can be tested in bar plate model
to represent the single phase regions of the refrigerant side and or the water-glycol heat transfer.
The current study is interested in mini and micro channels due to the experimental bar plate heat
exchanger having comparable hydraulic diameters to a micro channels, less than 3 mm [44].
Garimella et al. [57] examined rectangular micro tubes to develop a correlation for tube
side heat transfer in automotive style, air coupled heat exchangers. The experiment used a single
tube test section, including air side louvered fins on both sides of the tube. A single test section
was used to increase controllability. A water-glycol solution flowed through the tube side while
cold water was passed in counter flow through a baffled shell. Water was used on the air side
because it has excellent transport properties relative to air. The increased fluid properties along
with the significantly larger heat transfer area on the air side, caused the thermal resistance to be

much smaller than the tube side resistance which allowed for a focus on the tube side heat transfer.

39



Table 2-4. Single Phase Bar Plate Correlation Review.

Working Channel
Name Fluid Shape dh Re Pr
- - mm - -
Test Refrigerant R134a Rectangular  1.193 540 5400 0.82 3.5
Water-
Test Water-Glycol Glycol Rectangular  0.950 55 205 30 67
Shah and London
[59] >0.1 0 2300
Sieder and Tate [63] >0.1 0 2300 048 1670
Hartnett and Kostic
[83] Rectangular >0.1 0 2300
Dittus Boelter [11] Circular 10000 0.7 160
0.003-
Choi et al. [62] Nitrogen Circular 0.081 30 2000
Churchill [65] Circular 0 1077 0.2 9810
Water-
Garimellaet al. [64]  glycol Rectangular 118 10671 0.243 16.2
Peng and Peterson 0.155-
[61] Rectangular 0.747 0 2200
2.06-
Stignor et al.[103] Glycol Rectangular 4.73 0 2300
Benjan Rectangular 0 2300 0.7 07
Kays and Crawford
[51] Rectangular 0 2300
Gnielinski [64] Circular 3000 5x1006 0.5 2000

The heat transfer coefficient was calculated from the experimental data using a thermal resistance

network. The correlation was continuous over the laminar, transitional, and turbulent regimes,

using a weighted sum of the Nusselt numbers in these regions. The laminar, transitional, and

turbulent Nusselt numbers are functions of the Reynolds number, Prandtl numbers, hydraulic

diameter, flow length, and the viscosity. The correlation accurately predicted the test data within

+10% error. The correlation development is similar to the bar plate conditions and with its low

error, the correlation is in consideration for use in the model.
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Some investigations, rather than developing new correlations specifically for micro
channel flow, investigate the use of previously developed correlations for similar geometries in
micro channels. One such investigation is by Sahar et al. [58], where fluid was passed through a
square micro channel with a hydraulic diameter ranging from 0.1 to 1 mm as well as a rectangular
micro channel whose aspect ratio was varied from 0.39 to 10 with a hydraulic diameter fixed at
0.56 m. The investigation did not use experimental data to determine the correlation accuracy, but
used a high fidelity simulation in Fluent. The simulation itself was validated using data collected
from an identical test facility with a 0.56 mm hydraulic diameter. The Nusselt number from the
collected data and the simulation was compared to correlation developed by Shah and London [59]
and Bejan [60]. The Shah and London correlation had good agreement with the collected heat
transfer data while the Bejan correlation slightly over predicted the Nusselt number. Because of
this, the two correlations could be considered for use in micro channel heat exchanger modeling.

Another investigation which tests a multitude of correlations for their predictive ability in
micro channels was the Fernando et al.[45] investigation. The study collected data around an array
of multi-port extruded aluminum tube encased in a shell. Warm water was passed through micro
channel sides and was cooled via cold water passed through the shell over the tubes. Several
correlations include in Table 2-4 were tested by Fernando et al. It was found for the laminar test
regions the Peng and Peterson [61] correlation best predicted the experimental Nusselt values.
However this was only at the lower Reynolds numbers, below 1300. Others correlations such as
Shah and London [59], Choi et al. [62], and Sider ant Tate [63] were test. It was found that the
Chio et al. correlations under predicted the Nusselt number below a Reynolds number of 500 and
over predicted the rest of the range slightly. The other two correlations did not capture the Nusslet

Reynolds relation well, significantly over predicting the Nusselt number at low Reynolds number
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and significantly under predicting the Nusselt number at high Reynolds numbers. Though the
Fernando et al. investigation did not see good representation with the correlations mentioned above
are of interest in the present investigation as representation for the water glycol side heat transfer.
Particularly the Peng and Peterson correlation which did show fair representation at the Reynolds
regions similar to those of the water-glycol in the bar plate heat exchanger. Fernando et al. also
investigated turbulent heat transfer. The most interesting of which are the Gnielinski [64] and the
Garimella et al. [57] correlations tested. The Gnielinski turbulent correlation was able to predict
the heat transfer with the smallest maximum deviation, 6% difference. However the correlation
was developed for Reynolds ranges significantly too high for the water-glycol side of the heat
exchanger in this study and barley encompasses the high end of the single phase refrigerant. The
Garimella et al. correlation also predicted the Fernando et al. Nusselt results well with a max
difference of -19%. However the Garimella et al. correlation is valid or Reynolds ranges
encompassing the required single phase refrigerant range. This is a further incentive to test the

correlation for both sides of the heat exchanger model.

Though it was not developed specifically for the micro channel application, the Churchill
[65] comprehensive heat transfer correlation may be of interest. Churchill sought to create a single
correlation for all single phase flow in circular pipes. The correlation was developed with the
ability to predict Nusselt numbers for laminar transitional and turbulent flow and was a function
of three Nusselt numbers, the Reynold’s number, the Prandtl number, and the friction factor. The
three Nusselt number required are the laminar value, the value as Reynold’s number approaches
2100 and Prandtl number approaches 0, and the value at Reynold’s number equals 2100. The
correlation is of interest to this investigation because the three Nusselt numbers can be recalculated

for rectangular cross sections using the Kays and Crawford [51] values and the correlation can be

42



used to cover the entire scope of Reynolds numbers used in the model. Due to its comprehensive
nature, the Churchill correlation will be tested in the evaporator model for both the water-glycol

and the single phase refrigerant.

2.2.Vapor Compression Modeling and Optimization

Air conditioning and refrigeration systems can be a significant fraction of the total
electrical consumption of industrial, commercial, and residential buildings. For this reason,
extensive research has been performed into the optimization of vapor compression cycles (VCC),
which is the primary method of producing space conditioning and refrigeration for these facilities.
Investigations, such as Selbas et. al.[66], use exergy based optimization to determine the ideal state
points and subsequent heat exchanger areas in a vapor compression cycle where the condenser
provides some degree of subcooling and the evaporator superheats the refrigerant. Although many
investigations focus on cycle state point optimization, there is a lack of studies which focus on
heat exchanger size optimization [66—68]. Minimizing the size of the condenser and evaporator
will reduce system volume and overall system cost. Some investigations did determine the required
areas, [6,69—71], though most do not investigate actual heat exchanger sizing or configuration.
Chen et. al. [69] compared the heat exchanger areas between an ideal Carnot cycle and vapor
compression cycle with irreversibility. Bansal and Chin [6] also considered size and configuration
of heat exchangers. The authors investigated optimizing a wire and tube condenser on an air-
coupled VCC based on a ratio of heat duty and weight. However, there were no studies available

that focus on the optimization of different types of liquid-coupled evaporators.

Though no studies have optimized the evaporators, the Shiba and Bejan [70] investigation
determined the optimum condenser configuration for a vapor compression system. A heat
exchanger model for a counter flow, tube in tube condenser was developed, with refrigerant
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2.3.

passing though the center tube and air through the annulus. Two global conditions were fixed in
the study, the overall volume and weight of the condenser. The diameters of the inner and outer
tubes were varied along with the tube length to determine system thermodynamic performance.
As the diameter of the inner refrigerant tube decreased, the cross sectional area was decreased and
length was increased. The decrease in cross sectional area lead to an increase in fluid velocity and,
along with the longer path length, the pressure loss though the heat exchanger also increased. This
subsequently increased the compressor work and was a detriment to system performance. The air
side pressure loss was a function of the ratio of both diameters and was used to determine the
required fan power. The refrigerant mass flow rate was adjusted to maintain an energy balance
throughout the system, accounting for changes in compressor work. Similar type studies will be

needed for the evaporator in the VCC for full system optimization.

Gaps in Literature

From the literature reviewed above, there are a few primary gaps in the body of work. The
first research gap is that most studies in the literature use small scale heat exchangers or test
sections with simple geometries to develop heat transfer and pressure drop correlations. It may be
necessary to expand and test the validity of the correlations outside their original geometric
conditions. Another, is that the heat exchanger models that are developed for plate frame heat
evaporators do not incorporate a sub cooled component. There are situations in thermal energy
system design where this component may become significant. The second research gap is that, in
general, there are few studies that aim to optimize heat exchanger core volume with high fidelity

heat exchanger models.

Previous investigations primarily use small heat exchangers with a small number of
channel sets. The plate frame experiments in investigations [15,16,18,30,72,73] used 5 or fewer
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channel sets while investigations [7,14,19,40,43] used fewer than 40 channel sets. The
investigation from Sterner and Suden [74] was the only work with more than 40 channel sets.
Furthermore, the plates used in these experiments are typically smaller; the largest was 519 mm
by 180 mm [19]. This scale only encompasses the lower end of sizes of plate frame heat exchangers
used in practice. These small scale correlations need to be tested against larger heat exchangers for
validity. In previous bar plate experiments, only a few channel sets were used in one pass patterns
up to 10 cm long. The Ahmadi et al. [75] investigation focused on a plate fin heat exchanger which
is very similar to bar plate. Unfortunately, the study focused on a single pass unit, not the heat
exchanger as a whole, and only studied single phase flow. Investigations into the accuracy of these
correlations at a larger, more practical scale is necessary.

The study by Picon-Nunez et al. [8] was the only investigation to examine the relationship
between pressure drop and core volume of a bar plate heat exchanger. There were no investigation
of this type for plate frame heat exchangers. In addition, no investigation has been conducted into
the relationship of pressure drop and core volume for a specific vapor compression cycle
evaporator. Plate frame and bar plate heat exchangers are particularly absent from the literature.
Although the Picon-Nunez et al. investigation chose surface enhancement factors as the
independent variable, there are many other ways of adjusting pressure drop, such as changing the

ratio of the number of channels to the area of each channel.

2.4. Specific aims of the present investigation

The review of the literature shows a need for further expansion in evaporator modeling for
industrial scale devices. The present study seeks to develop a high fidelity heat exchanger model
for two evaporators: plate frame, and bar plate. The models will utilize correlations found in the

literature to predict heat transfer coefficients and refrigerant side pressure losses. A variety of
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correlations will be tested against data collected from evaporators used in an industrial scale vapor
compression system to determine the correlation’s accuracy at the larger scale. Both models will
be developed to allow for a sub cooled evaporator inlet. The two evaporator models will then be
utilized to optimize a vapor compression cycle. Previous investigations focus on the effect of heat
exchanger design on cycle performance, however, no investigations focus on minimizing heat
exchanger size for a fixed performance. The following section will describe the heat exchanger

and vapor compression system modeling approach.
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Chapter 3. Modeling Approach

Heat exchanger models exist in the literature, however as discussed in the previous chapter,
these models are specific to the application and heat exchanger type. This investigation is
interested in compact liquid coupled evaporators, of which there are no current models in open
literature. This investigation sought to develop a model for plate frame and bar plate evaporators.
Many heat exchanger modeling methods described in the previous chapter were applied to this
investigation. The discretization and thermal resistance network method was chosen due to its
simplicity and quickness in calculation. The discretization strategy involved dividing the cores into
a finite number of control volumes where the physical dimensions of the heat exchangers informed
the discretization. The thermal resistance network employed empirical correlations, which were
discussed in Chapter 2, to determine the heat transfer and pressure drop across each control
volume. The second part of this study was to investigate how these heat exchangers perform in a
vapor compression cycle. VCCs have been previously molded and studied, however, for the
purposes of this study, a simple thermodynamic model was sufficient to determine the relationship
between evaporator pressure drop and volume. The cycle model set the inlet and outlet conditions
for the heat exchanger models. All models were developed in Engineering Equation Solver (EES)
[76], which is a simultaneous systems of equations solver with thermodynamic fluid properties
built in to the software. The methods and equations used to model the heat exchangers and the

VCC will be described in the following sections.

3.1.Plate Frame Heat Exchanger
Plate frame heat exchangers are comprised of corrugated steel plates compressed together,

with each plate separated by rubber gaskets. The space between two adjacent plates forms a
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channel for fluid flow. These channels alternate between a hot side working fluid and a cold side
working fluid, which allows for heat transfer between the two working fluids throughout each
plate, as shown in Figure 3-1. The plate stacks can be separated easily to be cleaned, which is
beneficial for certain applications including food processing. In these applications, the heat
exchanger is liquid to liquid, however, plate frame heat exchangers can also be liquid to two phase.
For the present study, the hot side working fluid was a 70-30 by volume water-propylene glycol
mixture, and the cold side working fluid was evaporating R134a. The water-glycol flows from the
top of the heat exchanger downward, in counter flow relative to the refrigerant, which flows from

the bottom of the heat exchanger upward.
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Figure 3-1. Exploded plate and frame heat exchanger.
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3.1.1. Plate Frame Heat Exchanger Discretization

The model was designed to allow for easy manipulation of the heat exchanger
discretization pattern. To account for variations in local pressure drop and heat transfer, the heat
exchanger is subdivided to capture the effects of changing fluid transport and thermodynamic
properties as well as the phase change nature of the evaporator. The heat exchanger as a whole is
first divided into a single plate set, one hot side channel and one cold side channel. The analysis
assumed that flow was uniformly distributed into each channel. The assumption is justified by
comparing the predicted pressure loss though the manifolds relative to the total pressure loss for
each side. The manifold pressure loss was 2.2% and 6.3% of the total pressure loss for the
refrigerant and water-glycol sides respectively. Because the manifold pressure loss was a small
portion of the total pressure loss for each side, the two fluids are evenly distributed across all the
channel sets. Each channel set was then divided further into a finite number of control volumes.
For the counter flow arrangement, the j=1 control volume is the water-glycol channel inlet and the
refrigerant channel outlet, while the j=j, control volume is the refrigerant inlet and water-glycol
outlet. In the parallel flow arrangement, both the water-glycol and refrigerant enter at the j=1
control volume and leave at the j=j, control volume.

The control volumes can be defined one of two ways. The first method is to fix the
geometry of the heat exchanger, and input the inlet fluid conditions. This leaves the outlet fluid
conditions to be calculated. The second method is to fix the heat duty of the control volume and
calculate a required heat transfer area. If the width of the plates is fixed, then the length of the
plates would be left to be calculated. For this study, the fixed geometry method was not chosen
because it lacks sensitivity to a change in heat transfer coefficients; a large change in either

refrigerant side or water-glycol side heat transfer coefficient leads to a negligible change in outlet
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temperature. This was due to the high effectiveness of experimental heat exchanger and a small
log-mean temperature difference. The fixed heat duty method was chosen because it is sensitive
to a change in heat transfer coefficient. A large change in heat transfer coefficient leads to a large

change in predicted length.

The control volumes span all three regions of the heat exchanger: subcooled liquid, two-
phase boiling, and superheated vapor. The enthalpy change across each of the liquid control
volumes is defined by Equation (3.1).

Niy = (i =i )/ (e = o) (3.1)
The saturation enthalpy was calculated using the saturation pressure which was calculated from
the inlet pressure and pressure drop. The pressure drop was determined using empirical
correlations.

The enthalpy change across each two phase control volume was calculated using the

difference between the saturated vapor and liquid enthalpies divided by the number of control
volumes in the two phase region, see Equation (3.2).

A, =iy, i)/ (e = J,) (3.2)
Like the saturated liquid enthalpy calculation Equation (3.1), the saturated vapor enthalpy was
defined by the predicted pressure at the saturated vapor point. The enthalpy change was calculated
using the difference between the saturated liquid and vapor enthalpies, accounting for the pressure
drop between the two points. When analyzing a P-H diagram, Figure 3-2, the zero pressure drop
chiller line, shown in green, is slightly longer than the chiller line which includes pressure drop,
shown in blue. The shape of the vapor dome reduces two-phase heat transfer in the chiller with the

use of pressure drop.
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Pressure

Enthalpy

Figure 3-2. Pressure-enthalpy diagram showing pressure loss
through the two phase region. Green represents no pressure loss,
blue represents some pressure loss.

Finally the enthalpy change across the superheat control volumes is calculated using Equations
(3.3), which is the difference in exit and the saturated vapor enthalpy divided by the number of

superheated control volumes.

A, = (i =10y ) J (3.3)

The plate frame heat exchanger in this investigation was divided into 20 control volumes.
The model can accommodate up to 40 control volumes which could improve mesh convergence.
A mesh sensitivity analysis was performed, there was a 0.48% change in predicted heat exchanger
length when the number of CVs was increased from 30 to 40, compared to a 0.1% change in
predicted heat exchanger length when the number of CVs increase from 20 to 30. Though at the
smaller mesh sizes, the length prediction was less than half as sensitive, the increased number of
CVs increased the running time of the model. 20 CVs was determined to be the optimal

compromise between mesh convergence and operating time.

51



A sensitivity study was performed resulting in the following number of discrete control
volumes for each refrigeration region: 3 for superheated vapor, 12 for two-phase, and 5 for
subcooled, see Figure 3-3. The number of control volumes in each region was determined by an
estimated proportion of the present flow area. In standard refrigeration applications, the refrigerant
is not subcooled and the fluid enters the heat exchanger as a two-phase fluid. In the experimental

test facility, the refrigerant entered as a subcooled liquid which was modeled accordingly.

Refrigerant (CD\@ @/O\
Super Heated  (~ N, y -
Region j=1,3 —+ ] PB=
| Liquid Water-
Glycol j=1,20
Boiling. — Heat transfer
Region j=4,15 direction 1
\ 4
— Refrigerant Water-Glycol
Sub Cooled __ — = flow direction flow direction
o L \/(I/) (}\_} -—
(a) (b) (c)

Figure 3-3. Plate frame heat exchanger control volume discretization, (a) refrigerant side, (b)
water glycol side. (c) Single control volume showing fluid and heat flow directions and heat
transfer area.

3.1.2. Plate Frame Heat Exchanger Geometries
The plate frame heat exchanger is comprised of corrugated stainless steel plates stacked on
one another and separated by rubber gaskets. The space between two adjacent plates forms a

channel for fluid to pass. These channels alternate between a hot side working fluid, and a cold
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side working fluid so that heat is exchanged between the two working fluids throughout each plate.
The plate stack is placed into a frame and compressed between two steel end support pieces.

The corrugated plates are sheets of stamped steel as shown in Figure 3-4. The plates include
fluid inlet and outlet ports, a diffuser and reducer with guide vanes, and a corrugated chevron
pattern heat transfer surface. The diffuser distributes the fluid to the bulk of the plate. The chevrons
are used to generate turbulence and increase local fluid velocity to increase the heat transfer
coefficient [25]. If the chevron angle is increased, the heat transfer coefficient and pressure drop
will increase [77]. The plate frame heat exchanger used in this study has a double V chevron pattern
at a 60° angle, a steep angle to increase heat transfer. In smaller devices the chevron pattern is a
single V, and in all sizes the angle can be stamped between 30° and 60°. The plates in this study

have a 0.432 m wide flow path that is 1.2 m long, see Figure 3-4.

- W=0.43[m] B=60"°

D

NN m121m)

1/
6

(a) (b)

Figure 3-4. Plate in plate frame heat exchanger investigated in the current study, (a)
geometry description, and (b) photographic image of plate.
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3.1.3. Plate Frame Heat Exchanger Correlations

Chapter 2 presents a literature review of heat transfer and pressure drop correlations
developed for plate frame heat exchangers. Not all correlations discussed were valid for the present
investigation and therefore were not implemented in the model development. Table 3-1 found at
the end of the chapter, shows relevant correlations and their valid parameter ranges for boiling
flow in plate heat exchangers. The parameters highlighted in green indicate that the study fully
encompasses the range tested in the present study. The parameters highlighted in blue indicate the
study partially encompasses the range tested in the present study. There were three correlations of
interest for the two phase boiling region, the Huang et al. [19], Hsieh et al. [26], and Han et al. [18]
correlations.

Though no correlation fully encompasses every flow and thermodynamic parameter in the
present study, Huang et al. [19] appears to be the closest: it fully covers heat and mass fluxes
ranges, nearly captures all saturation temperatures, was evaluated with R134a, and the plates had
a 60° chevron angle. The low mass flux in the Huang et al. investigation cause nucleate boiling to
be the dominant heat transfer mechanism and made the flow parameters (i.e. Reynolds number
and chevron angle) less significant. Therefore, the heat transfer was dominated by nucleate boiling,

and it thus of interest to this investigation.

The studies by Longo and Gasparella [27,31] encompassed many of the required
parameters including mass flux, saturation temperature, and fluid type. Similar to Huang et. al.,
their investigation was conducted at low mass fluxes, and they found that nucleate boiling was the
dominate mode of heat transfer in the two-phase region. For example, Longo and Gasparella found
that their data compared favorably to the Cooper pool boiling correlation [32], with a mean

absolute deviation of 8.2%.
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Table 3-1: Plate frame boiling correlation review highlighted. Green represents parameters that the correlation fully
encompasses the present investigation’s test parameters, Blue represents correlations which only partially encompass

the test parameters.

Number Pressure

Working of Drop Chevron

Name Fluid Channels Correlated Correlated Angle mass flux heat flux Tsat
- - degree kg /m2s kW/m2

Test R134a 150 60 58 68 2 28 10 15
Han et al. 3
[18] R22 /R410 20,3545 13 34 25 85 5 15
Hsieh and )
Lin [16] R410 60 50 125 2 37 10 30

R134a/
Huanget R507a/R12/ 23
al.[19] Ammonia 28,44,60 56 303 19 7 5 13
Lee et al. Unknown
[25] R1233zd(E) 60 55 27 6 49 105 105
Longo 9
Gasparella R410 65 4 50 3 21 5 20
[27] [31]

R134a/R410 9

/ R245fa 65 4 50 3 21 5 20
Yan and 2
Lin [15] R134a 60 55 70 11 15 31 31
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The Hsieh et al. [26] investigation encompassed even fewer parameters: heat flux,
saturation temperature, and chevron angle. They developed a correlation that combined liquid
convective and pool boiling heat transfer. The convective contribution was calculated using the
Dittus-Boelter correlation [11] multiplied by an enhancement factor, whereas the pool boiling
contribution was calculated by multiplying the Cooper correlation by a suppression factor. Similar
to Huang et al., they also developed a friction factor correlation as a function of equivalent
Reynolds number.

Almost all the other correlations presented in Table 3-1 were not tested in the present
investigation due to not encompassing enough important parameters. For example, the Yan and
Lin [15] correlation, though tested with R134a, tested at far higher heat and mass flux ranges.
However, the correlation presented by Han et al. [18] was considered due to its dependence on
plate geometry, even though it does not encompass many of the parameters of the present
investigation. The Nusselt correlation is a function of equivalent Reynolds number, equivalent
boiling number, and Prandtl number. Non-dimensional parameters based on the plate geometry
are used as the multiplier and Reynolds number exponent.

In the present study, both the refrigerant and water-propylene streams flow as single-phase
fluids. A review of correlations developed for single phase heat transfer in plate heat exchanger is
summarized in Table 3-2 found at the end of the chapter. All of these correlations were developed
for water or a water-glycol mixture, and no correlations were found for single phase refrigerant in
plate heat exchangers. However, some of the studies do cover the Reynolds and Prandtl numbers
for the fluids investigated here. Table 3-2 depicts the valid parameter ranges for several heat

transfer correlations developed for single phase flow in chevron plate heat exchangers.
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Table 3-2. Single phase plate frame correlations and associated valid parameter ranges, highlighted. The green highlighting
indicates that the correlation fully encompasses both the water-glycol and single phase refrigerant ranges tested in this
investigation. The Blue indicates the parameter partially encompasses both fluids. The purple indicates the parameter fully

encompasses only the Water-glycol and the red indicates the parameter partially encompasses the refrigerant but not the water-

glycol.
Heat Pressure
Working Transfer  Drop Chevron
Name Fluid Correlated Correlated Angel Re Pr dh
- degree - - mm
Test Refrigerant R134a 60 130 3000 0.8 3.5 5.1
Test Water-Glycol Water-Glycol 60 180 520 32 34 51
Chisholm and X
Wanniarachchi [41] Water 30-80 1000 40000 5 5
Muley and Manglik [38] X X 30,45,60 600 10000 2 6 5.08
Kahn [36] X 30,45,60 500 2500 3.5 6.5 3.9
Thonon [78] water X X 30,45,60,75 60 2415
Muely [39] X X 30-60 30 400
Maslov and Kovalenko X
[35] Water 60 50 20000
Talik et al. [79] Water-Glycol X X 60 10 720 70 450  4.65
Water X X 14500 11460 2.5 50 4.65
Hessami X 45,60 200 1800 11
Emerson [80] Water X 10 25
X 40 1000
Longo and Gasparella X
[31] Water 65 200 1200 5 10
Kumar [81] Water X 60 20 400
Rosenblad and X
Kullendorff [34] Water 60 60 2415 4
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The green highlighting indicates that the correlation fully encompasses both the water-glycol and
single phase refrigerant ranges tested in this investigation. The Blue indicates the parameter
partially encompasses both fluids. The purple indicates the parameter fully encompasses only the
Water-glycol and the red indicates the parameter partially encompasses the refrigerant but not the
water-glycol. As noted in Table 3-2, the Maslov and Kovalenko [35] correlation was developed
for the same chevron angle as the present study, and the valid Reynolds range encompasses both
working fluids. In addition, none of the investigations that report a Prandtl number range fully
encompass the ranges of either fluid in the present study. This is due to the limited fluids used in
the investigations. Adding propylene glycol to water dramatically increases the Prandtl number.
The Talik et al. [78] investigation does use a water-glycol mixture; however, they utilize a higher
glycol concentration than the present study. As discussed below, the correlations tested for this
investigation were the ones that most encompassed either fluids tested or Reynolds ranges.

Seven single phase correlations developed for plate heat exchangers were tested to predict
the water-glycol side heat transfer coefficient the: Muley [39], Thonon et al. [79], Maslov and
Kovalenko [35], Rosenblad and Kullendroff [34], Emerson [80], Talik et al. [78], and Kumar [81].
The single phase correlations were tested for the water glycol heat transfer. The seven single phase
correlations were selected because of the valid Reynolds numbers are similar to the operating
Reynolds numbers of the present study. Of the correlation tabulated, all by Kumar fully encompass
the water-glycol Reynolds number. The Kumar correlation was also considered for this study
because the valid range encompassed the majority of the test conditions. None of the seven
correlations considered were developed for valid Prandtl number. This was due to all but the Talik
et al. being developed with water. The Talik et al. was developed for water-glycol however it was

at larger concentrations resulting in a larger Prandtl number.
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Table 3-2 at the end of the chapter, shows potential correlations to predict the single phase
refrigerant. Three of the correlations were selected for testing: Thonon et al. [79], Maslov and
Kovalenko [35], and Rosenblad and Kullendroff [34]. Thonon et al., and Maslov and Kovalenko
encompassed the required Reynolds number range and the Rosenblad and Kullendroff
encompassed the majority of the required range. Because the correlations were developed for water

none of the selected correlations meet the Prandtl number range.

3.1.4. Plate Frame Pressure Drop

In addition to heat transfer, the pressure drop must be carefully considered as a design
aspect. The pressure drop through a heat exchanger is important because it could have a large
impact on system components and overall system performance. The total pressure loss across the
heat exchanger was input to the model from experimental data. The experimental pressure loss
was divided by number of control volumes to set the pressure loss across each control volume:

AP = —Aggal (3.4)

Distributing the pressure loss like this does cause some error. It is likely that the pressure loss is
greater toward the end of the refrigerant flow path where the specific volume is larger. However
it is impossible to experimentally determine how this changes with the current experimental set
up. Therefor the linear pressure loss was accepted.

At the single phase control volume the pressure loss is calculated in two parts: the frictional,
and gravitational pressure losses. For the control volumes with two phase refrigerant, a third loss
was calculated, the acceleration pressure loss due to an increased volume flow rate. The frictional

pressure loss was calculated using a friction factor from the frictional pressure loss correlations
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described in section 3.1.3. The friction factor was then used in Equation (3.5) to calculate the
frictional pressure loss across each control volume.

w0 on G-

The friction factor in the above equation was calculated using correlations from literature.
The Thonon et al. single phase correlation, Equation (3.6), was used to determine the friction factor
for the single phase refrigerant because its valid Reynolds numbers and chevron angle

encompasses the experiments.

f =0.6857-Re™*? (3.6)

The Huang et al. [19] correlation was used to determine the two phase frictional pressure

drop through the core. As discussed in the following chapters, the refrigerant side pressure drop
could not be validated, therefore the Huang et al. correlation was selected because the development
encompasses the majority of the desired operating parameters. The correlation used equations (3.7)

through (3.8) to calculate the friction factor.

2
FR=0.183-(£} —0.275-(£j+1.1 (3.7)
30 30
38100- FR
fz—09 T (3.8)
Reeé’r-(ﬁi)

The gravitational pressure loss was calculated as a function of density, gravity, channel

length, and the change in vertical head, see Equation (3.9).

AP = p : g . Lplate (39)

grav
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The acceleration pressure loss in the two phase control volumes was calculated using
Equation (3.10). This loss accounts for the increase in fluid volume as more refrigerant changes
form liquid to vapor. The equation is a function of inlet and outlet quality to the control volume,
the mass flux G, and the saturated liquid and vapor densities. The increase volume leads to an

increased fluid velocity and subsequent pressure loss.

APaccel :GZ.(Xout_Xin).(psivl_psill) (310)
The sum of all the pressure losses from the model was the predicted pressure loss of the

evaporator plate, Equation (3.11).

AP, = AP,

total fric

+AP__.+AP 3.11)

accel grav
The core pressure drop portion of the model was primarily used in the evaporator optimization
effort as opposed to the model validation effort.

The second part of the pressure drop predictive capabilities of the model was the manifold
pressure loss portion. For the model validation effort, the predicted manifold pressure loss was
compared to the measured manifold pressure loss to justify the uniform distribution assumption.
If the manifold pressure was loss small relative to the total pressure loss, the assumption could be
made. In the evaporator optimization effort, the manifold pressure loss was included in the heat
exchanger pressure loss and was used when reconsidering the uniform distribution for some of the
conditions calculated.

The manifold pressure loss was calculated as the sum of two parts, the frictional loss from
the fluid flowing through the manifold, and the minor loss from the fluid separating in a “T”, see

equation (3.12) below. For ease of modeling, both contributions were calculated based on the
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average conditions of the manifold, and the flow rate used in the calculations was assumed to be

half of the total flow rate.

_y — Depth
:OSKT .pr .‘/rz + manifold .pr .V2 ’

T

AP

manifold

(3.12)

manifold

In the frictional loss portion of the calculation, the friction factor was determined using the Fanning

friction factor correlation, shown in Equation (3.13).

Fanitoa = 0.316- Re.*% (3.13)
The Fanning friction factor correlation used in the present investigation is for Reynold’s numbers
greater than 2300, and for both the inlet and outlet manifolds in both the model validation and the
optimization study, the refrigerant in the manifolds was turbulent. Therefore, the pressure drop

was calculated this way for both the inlet and outlet manifolds.

3.1.5. Property Distribution and Thermal Resistance Network

A thermal resistance network was developed at each control volume that related the
geometric characteristics of the heat exchanger core to the thermodynamic fluid changes. The
thermal resistance network concept was described in Incropera and Dewitt [82]. A thermal
resistance is analogous to an electric resistance network where voltage differential drives current
across a resistance, govern by Ohm’s law. Current is analogous to heat transfer rate, voltage
differential analogous to a log mean temperature difference, and the resistance analogous to the
inverse of UA, a function of heat transfer coefficient and geometry. The UA LMTD thermal

resistance equation can then be described with Equation (3.14).

g=UA-LMDT (3.14)
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An alternative thermal resistance equation for relating the fluids’ temperatures is to use the e-NTU
method, Equation (3.15), which relates the maximum amount heat transfer to the actual amount
by using effectiveness (g). The effectiveness value is used to calculate the UA though the counter

flow &-NTU correlation (3.16) and then the NTU Equation (3.17).

g=¢-C,,-(T,-T,) (3.15)

NTU = ln( ¢-1 j (3.16)
Cr-1 c-Cr-1

UA=NTU -C, (3.17)

Where Cmin and Cr are defined by Equations (3.18) and (3.19) respectively.

C,y;, =min (ri, - Cp, .11, - Cp, ) (3.18)
o

Cr = Zmin 3.19

c (3.19)

max

Each control volume is defined by a change in refrigerant enthalpy, and because the mass flow
rate of the refrigerant remains constant throughout the heat exchanger, the heat transfer rate for
each control volume in each phase region is the same. The heat transfer rate can be calculated as

shown below:

q = M ) (ir,oul - ir,in ) (320)
Now that the heat transfer rate is known, the change in glycol temperature across each control

volume is calculated using the Equation (3.21).

q=M,-cp, (T, ~T,..) (3.21)

The minimum heat capacitance rate, Cmin, was calculated, and by knowing the heat transfer

rate and entering temperature difference, equation (3.15) was solved for effectiveness.
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Subsequently, the UA was calculated using equations (3.16) and (3.17). The UA was then used
along with a thermal resistance network and heat transfer coefficients calculated from correlations
to predict the length of the heat exchanger, all further discussed below.

There are five factors that will resist the transfer of heat between the water-glycol and the
refrigerant: the convective heat transfer between the water-glycol and the plate wall, the fouling
on the water-glycol side wall, the conduction through the plate wall, the fouling on the refrigerant
side of the wall, and the convective heat transfer from the wall to the refrigerant. For this
investigation, the two fouling resistances were neglected because the heat exchanger is new and
has had limited time for fouling to occur. Thus, the two convective resistances and the conductive
resistance need to be determined to calculate UA or overall conductance. The flow of heat modeled
is shown in Figure 3-5, where the three resistances are in series, because the heat transfer does not

split between resistances.

R

convect,g Rconduct Rconvect,r

>

Figure 3-5. Plate frame thermal resistance network.
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Therefore the total resistance is simply the sum of the three individual resistances and the UA can

be calculated using Equation (3.22).

1

UA (3.22)

"R AR, +R,

wall

The convective thermal resistances, R; and R,, are calculated using Equation (3.23), and
are a function of heat transfer coefficient and area. Correlations found from literature are used to
predict the heat transfer coefficients as was discussed previously. Separate correlations are
required for the glycol and refrigerant side heat transfer coefficients as well as for single and two
phase refrigerant coefficients. The heat transfer area is the plate area in each control volume, where
L is the control volume length, and W is the effective plate width as is shown in the equation below:

11
h-A, h-L-W

R (3.23)

The wall thermal resistance due to conduction was calculated using the Equation (3.24), which is

a function of steel thermal conductivity, heat transfer area, and the plate thickness (dwar).

0,

wall

R, = _ O (3.24)
Kwall 'Aht K, LW

wall

The UA can be represented as a single variable, the inverse of the total resistance, or in
special cases as two separate variables multiplied together, total heat transfer coefficient multiplied
by area. To split the variables, the heat transfer areas in all of the resistances must be equal to be

factored out.
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UA = (3.25)
1 1) 1
- 4+ +—
hr Kwall hg

The area portion of the UA becomes equal to the heat transfer area and the U portion can be

described using Equation (3.26).

U= (3.26)

1
1 o 1
- 4
hr Kwall hg

This special case can be applied to this investigation because the heat transfer area for all three

resistances is equal to the plate area of each control volume, Equation (3.27).
A=L-W-2 (3.27)

Equation (3.27) was used to calculate the length of each control volume, and by summing all
control volume lengths, the predicted length of the heat exchanger was calculated and then
compared to the actual length.

It was assumed that all of the heat transfer was between the two fluids and no heat was lost
to the ambient. To prove this assumption valid, an order of magnitude calculation was made to
determine the magnitude of heat that left the plate frame core due to natural convection compared
to the amount of heat transferred between the two working fluids. Radiation heat loss was
neglected because the 5 °C temperature difference between the ambient and the water-glycol was
too small for any significant radiation heat transfer. The heat loss due to natural convection was
the sum of three components, the heat loss through the sides of the heat exchanger through the
splash shield, the heat lost through the front and back through the end plates, and the heat lost

through the top of the core. Figure 3-6 shows the thermal resistances accounted for in this analysis.
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The natural convection heat transfer coefficients were calculated using the Churchill and Chu [110]
vertical plate, and Lloyd and Moran [111] horizontal plate correlations. The case with the largest
temperature difference was used for this analysis because it would lead to the most heat lost. The
outside wall temperature of the core was assumed to be the high side temperature of the water-
glycol for a conservative calculation. It was found that the heat loss to the environment was less

than 0.1% of the heat transferred between fluids, meaning the assumption is valid.

Tair
\ Rconduct, ﬁﬁ
splash plate
Tair P p q
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Rnatu ral convect convect conduct,
end plate
Rconduct, /
splash plate Twall
/ q
Rconduct,
end plate Twall
R @)
natural convect
/ Rconduct,
T / splash plate
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Q Q Rnatural convect
\/ q Tair
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Figure 3-6. Plate frame ambient heat loss thermal resistance networks

3.2.Bar Plate Heat Exchanger
The bar plate evaporator consists of a heat exchanger core, inlet and outlet refrigerant
manifolds, and water-glycol inlet and outlet diffusers. The bar plate core is comprised of aluminum

plates separated by serpentine fins that create fluid channels, shown in Figure 3-7.
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(a) (b)
Figure 3-7. Bar plate heat exchanger construction. (a) Exploded view, Picon-Nunez [8]. (b)
Cross flow cut away where red represents the water-glycol flow path and blue the refrigerant
flow path.

These channels alternate between a propylene glycol water mixture and R134a. The water-glycol
side channels run straight from the inlet expander of the heat exchanger to the outlet diffuser,

denoted by the red arrows in Figure 3-8.
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Figure 3-8. Bar plate heat exchanger control volume discretization pattern and
fluid flow directions. Red represents water-glycol and blue represents refrigerant.
(a) Discretization pattern for model validation. (b) Discretization pattern for vapor

compression cycle evaporator optimization.
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The refrigerant flows in a cross-counter pattern compared to the water-glycol channels, as shown
by the blue arrows in Figure 3-8. The refrigerant heats as it enters the evaporator core and becomes
a two-phase fluid. As the refrigerant flow, the density decreases as more of the fluid becomes vapor
which would increase pressure drop. To accommodate fluid expansion and reduce the pressure
drop, the cross sectional area of the serpentine refrigerant channels increases along the length of
the core. The refrigerant enters at the bottom of the heat exchanger and moves upward against
gravity, and the water-glycol enters the core from the top moving in the direction of gravity. Figure
3-8 1s shown upside down with respect to orientation in the facility, so the refrigerant inlet is

denoted as [1, 1].

3.2.1. Bar Plate Heat Exchanger Discretization

To account for variation in local pressure drop and heat transfer, the evaporator was
subdivided to capture the effects of changing fluid transport and thermodynamic properties as well
as to capture the serpentine cross counter flow configuration. Uniform distribution of flow into
each channel was assumed for each side. The assumption was justified by comparing the total
pressure loss to the predicted manifold pressure loss for both sides. The manifold pressure loss
was 2.2% and 6.3% of the total pressure loss for the refrigerant and water-glycol sides respectively.
Because the manifold pressure loss was a small portion of the total pressure loss for each side, the
two fluids are evenly distributed across all the channel sets. Each channel set was then divided
further into a finite number of control volumes. Two control volumes account for the inlet
subcooled liquid, twenty-six control volumes account for the two-phase region, and four account
for the superheated refrigerant. The division of control volumes was based on estimated portions

of heat transfer area.
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The thirty-two control volumes form a four by eight grid. The CVs in the grid were named
based on their vertical and horizontal position. The z direction indicates a single refrigerant row
and vertical position. The rows alternated flow directions, left to right then right to left. The
horizontal CVs are denoted as j, and the number of horizontal CVs was jn. The discretization
pattern was slightly changed from the model validation effort to the evaporator optimization effort.
Adding multiple control volumes along each refrigerant channel was necessary to accurately
account for phase change. When looking at figure 3-8, the liquid CVs were set between j = 1 and
J = 2 for z =1. The subcooled heat duty is minimal in the evaporator, likely limiting itself to the
first refrigerant row. The two phase region was between [1,3] and [7,4]. This leaves the last
refrigerant row for superheated vapor.

The number of refrigerant rows, the control volumes in the z direction, was decreased from
8 to 4 for the optimization effort, Figure 3-8 shows the modified discretization pattern. The heat
exchanger in the test facility contains 8 refrigerant rows, however, 8 rows lead to an unrealistically
slim core in the optimization process. Therefore, the reduction in rows allowed for a more realistic
aspect ratio when determining the core volume in the simple vapor compression cycle.
Furthermore, all of the control volumes in pattern contain two phase refrigerant.

Similarly to the plate frame model, the bar plate model fixed the heat duty at each control
volume to calculate a required geometry which was compared to the actual heat exchanger
geometry. The heat duty was not divided evenly between every control volume. The subcooled
control volume heat duties were defined by the difference between inlet enthalpy and saturated

liquid enthalpy divided by the number of subcooled control volumes as seen below:

iy—i, ) .
== .} 3.28
q [CVI ] s (3.28)

70



The superheated control volumes were calculated similarly with the saturated vapor and the outlet

enthalpies:

g= [_‘SVC_VZOM Jm (3.29)

The heat duty for the two-phase control volumes did not fallow this same pattern. If the
heat duty of the two phase region were evenly distributed, the predicted areas at low vapor qualities
would be much smaller than the areas for higher vapor qualities. This results in an unrealistic
property profile of the refrigerant relative to the water-glycol. Therefore the two phase heat duty
at each control volume was defined by Equation (3.30), where the heat duty is larger at lower vapor

qualities, or at smaller i values, and decreases along the length of the core.

y=sv 7

ZZyJ.jov_jsl_jsv.Zov

y=sl

glz, jl1= { (4 ~h)-2 i, (3.30)

In Equation (3.30), zov and jov are the total number of control volumes in the vertical and horizontal
directions, 8 and 4 respectively. This uneven distribution of heat duties prevents the first channels
from being predicted much smaller than the last. The model calculated a lower heat duty earlier in
the core for control volumes with a low vapor quality, and the heat transfer coefficient generally

increases as the refrigerant boils.

3.2.2. Bar Plate Heat Exchanger Geometries
The bar plate heat exchanger is constructed by stacking aluminum plates with fins
separating each plate. The space between the plates form fluid channels which alternate between

water-glycol and refrigerant. On the water-glycol side, the fins run straight from the top of the core
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to the bottom. On the refrigerant side the fins are accompanied by bars and form a serpentine flow
pattern in either cross counter or cross parallel flow relative to the water-glycol channels. As the
refrigerant boils in the evaporator, the density decreases which will increase the volume flow rate
for a fixed mass flow rate. As the volume flow rate of the refrigerant increases, the pressure drop
through the core will also increase. To accommodate the higher volume flow rate and pressure
drop, the cross sectional area of the channels increases along the core length by increasing the

channel width.

3.2.3. Bar Plate Correlations

Some of the correlations discussed in chapter two for micro channel heat transfer were used
to predict the heat transfer coefficients used in the thermal resistance calculations. Table 3-3
depicts relevant heat transfer correlations for the boiling heat transfer in micro channels. The
parameters which are highlighted in green encompasses the range tested in the present
investigation. Parameters highlighted in blue only partially encompass the present study range.
Three correlations, Bertsch et al. [44], Kuznetsov et al. [49], and Li and Wu [52], were selected to
predict the two phase refrigerant heat transfer coefficient. The Bertsch et al. and Li and Wu
correlations encompassed all parameters and were therefore chosen to be tested. The Kuznetsov et

al. correlation encompassed every parameter except hydraulic diameter which differed by 18%.
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Table 3-3. Microchannel boiling heat transfer correlations, highlighted. Green represents parameters that the correlation fully
encompasses the present investigation’s test parameters, Blue represents correlations which only partially encompass the test

parameters.
. Mass Mass Heat Heat . .
Correlation Fluid Cshlf‘;‘;‘eel %ﬁfﬁl‘: Flux Flux Flux  Flux Q;‘:Vlv‘ty Q}‘I‘fgl;lty E) - I-’II‘lgth
Low High Low High
- - mm Kg m?s! W cm? °C
Test conditions R134a Rectangular 1.193 25 115 0.3 0.5 0 1 5 20
Agostini et al. R134a Rectangular 0.77,2.01 83 467 0.44 1.5 0 1
[92,93] R236Fa R245fa Rectangular 0.34 281 1501 0.7 42 0.02 0.78 25 43
Bertch et al. [94] R245Fa R134a  Rectangular 0.54-1.09 20 350 0.5 22 0 0.95 8 30
multi Rec/
Bertch et al. [44] (14) R134a  Circular 0.16-2.92 20 3000 0.3 115 0 1 -194 97
Cooper [32] Multi Pool 0 0 0.01 60 0 1
Hamdar et al.[95] R152a Square 1 200 600 0.1 0.6
Kandlikar [96] Multi(8) 4.0-32 13 8179 0.03 228 0.001 0.987
Kuznetsov et al.
[49] R134a r21 Rectangular 0.975 23 190 0.1 1.6 0 1
Lazrek and Black
[97] R113 Circular 3.1 125 750 1.4 38 0 0.6
Lee and Lee [98] E113 Rectangular 0.78-3.63 50 200 0 1.5 0.15 0.75
Rec /

Li and Wu [52] Multi R134a  Circular 0.2-3 20 3500 0 800 0 1 0 31
Liu and Winterton — Multi
[99] ) Circular 2.95-32 124 8179.3 0.035 262 0 0.948
Lovegrov and
Robertson[100] R11 Serrated fin 150 0.04
Raju et al.[101] R134a Strip fins 1.1894 50 82 0.14 0.22 0.32 0.75 -1 5
Thome et al. [46]  Multi R134a  Circular 0.7-3.1 50 564 0.5 17.8 0.01 0.99
Tran et al. [54] R12 Rectangular 2.4 44 832 0.036 1.29 0 0.94
Warrier et al. [S3] R84 Rectangular 0.75 557 1600 0 0.599 0 0.55 26 60
Yun et al. [102] 410 Rectangular 1.36-1.44 200 400 1 2 0 0.85 0 10
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Table 3-4 presents single phase correlations relevant for use in the present study. The green
highlighted parameters indicates the correlation fully encompasses both the required refrigerant
and water-glycol ranges, the brown indicates the refrigerant range is fully encompassed, the purple
indicates the water-glycol range is fully encompassed, the red indicates the refrigerant range is

partially encompassed, and the blue indicates the water-glycol range is partially encompassed.

Table 3-4. Single phase bar plate correlation review, highlighted. The greed highlighted boxes
indicate the correlation encompasses both the water-glycol and single phase refrigerant test
conditions for the parameter. The purple highlight indicates the parameter is fully encompassed
for the water-glycol. The brown highlight indicates the parameter is fully encompassed for the
water-glycol. The blue highlight indicates the parameter is partially encompassed for the water-
glycol. The red highlight indicates the parameter is partially encompassed for the refrigerant.

Working Channel
Name Fluid Shape dh Re Pr
- - mm - -
Test Refrigerant R134a Rectangular 1.193 540 5400 0.82 3.5
Test Water-
Glycol Water-Glycol Rectangular 0.950 5§ 205 30 67
Shah and London
[59] >0.1 0 2300
Sieder and Tate
[63] >0.1 0 2300 048 1670
Hartnett and Kostic
[83] Rectangular >0.1 0 2300
Dittus Boelter [11] Circular 10000 0.7 160
0.003-
Choi et al. [62] Nitrogen Circular 0.081 30 2000
Churchill [65] Circular 0 1077 0.2 9810
Garimella et al.
[64] Water-glycol Rectangular 118 10671 0.243 16.2
Peng and Peterson 0.155-
[61] Rectangular 0.747 0 2200
Stignor et al.[103] Glycol Rectangular 2.1-4.7 0 2300
Benjan Rectangular 0 2300 0.7 0.7
Kays and Crawford
[51] Rectangular 0 2300
Gnielinski [64] Circular 3000 5x107"6 0.5 2000
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As discussed further in the Chapter 4 Section 3, the correlation used to represent the water-glycol
side heat transfer coefficient could not be experimentally validated. Therefore a correlation was
selected based on similarities in heat exchanger geometry and flow conditions. Correlations
considered for the water-glycol heat transfer were Churchill [65], Hartnett and Kostic [83],
Garimella et al. [57], Shah and London [59], Bejan et al. [60], and Sieder and Tate [63], and Peng
and Peterson [61]. These correlations were selected due to the closeness in their valid parameter
ranges compared to the operating ranges for the present study. However, the Hartnett and Kostic
correlation was selected because it accounted for the aspect ratio of the channels, where the other
correlations only accounted for the hydraulic diameter.

The single phase refrigerant region was represented by the Garimella et al. [57] correlation.
Due to its small contribution to the total heat transfer, the single phase correlation was not varied,
and only the boiling correlations were tested for accuracy. A 10% change in single-phase heat
transfer coefficient leads to less than a 0.5% change in weighted average heat exchanger width.
The correlation was selected because it encompassed the entirety of the refrigerant side Reynolds
numbers, and was development for rectangular channels. It was developed using water-glycol and
not refrigerant, but no correlation was found that tested R134a under the required conditions, and

the valid Prandtl ranges for the correlation encompassed the refrigerant tested range.

3.2.4. Bar Plate Heat Exchanger Pressure Drop

When validating the model for accuracy, the refrigerant pressure loss though the core was
set to the experimental value and the pressure loss was evenly divided between all control volumes.
Though this did present a level of error, it significantly aided in the ease of model operation,
reducing diverging results and run time. The model calculated the total core pressure loss as the

sum of the predicted pressure loss across each control volume. At the single phase control volumes
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the pressure loss is simply the frictional and gravitational losses, while at the two phase control
volumes the pressure loss is the sum of the frictional and acceleration losses. Because the
refrigerant rows run parallel to the ground, the gravitational losses are not accounted for at each
control volume. Only where the refrigerant turns into a new row, moving vertically, was the
gravitational loss accounted for. The empirically developed Tran et al. [54] correlation was used
to determine the frictional pressure losses. The Tran et al. pressure drop correlation, Equation
(3.31), 1s a function of the liquid only frictional pressure drop, the confinement number, the quality,
and a Gamma squared parameter. The liquid only pressure drop is calculated by the laminar flow
in circular tubes as shown in Equation (3.32). The confinement number relates the bubble diameter
with the hydraulic diameter and accounts for the micro size of the channels. The Gamma squared

parameter is the ratio of gas only pressure loss to liquid only pressure loss.

AP,

fric

=AP,

0.875
fric, sl )

(143 (02 =1))-(Co- X" (1-%)" 4 X7 (3.31)
f, =64-Re; (3.32)

The same gravitational and acceleration pressure loss equations used in the plate frame
model were used for the bar plate model, but the geometric parameters and the gravitational
components were altered.

It was also important for the model to be able to predict the pressure drop through the inlet
and outlet manifolds. For the model validation effort it was important because the model assumed
uniform distribution of flow, which can only be assumed when the manifold pressure loss is small
relative to the core pressure loss. In the VCC optimization study it could be the case that the
manifold pressure loss is significant when the number of channels becomes large.

The manifold pressure loss was calculated as the sum of the frictional loss of fluid flowing

through the header and the minor loss of fluid leaving through a “T”, Equation (3.33) below. For
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ease of modeling the average of the manifold was used in the calculation, ie the flow rate of fluid

was assumed to be half of the total flow rate.

= — Depth
:OSKTpr‘/rz_'_ manifold.prlvz' ep

T

AP

manifold

(3.33)

manifold

In the equation above, the minor loss coefficient, KT, was determined using the minor loss
calculator within Engineering Equation Solver [76]. The Fanning friction factor correlation was

used to determine manifold friction factor, and shown in Equation (3.34) below.

Franita = 0.316- Re*% (3.34)
The Fanning friction factor correlation used in the present investigation is for Reynold’s numbers
greater than 2300, and for both the inlet and outlet manifolds in both the model validation and the
optimization study, the refrigerant in the manifolds was turbulent. Therefore, the pressure drop

was calculated this way for both the inlet and outlet manifolds.

3.2.5. Thermal resistance network

A thermal resistance network was constructed at each control volume and used with the
three energy conservation equations to connect the geometry of the heat exchanger to the
thermodynamic profile. The continuity equations described in section 3.2.3 result in an
effectiveness that was used to calculate the NTU and subsequently a UA. The e-NTU relations were
used in the bar plate design as opposed to the UA-LMTD method because of the inaccuracy of
calculating the log mean temperature difference in cross flow. The cross flow e-NTU relationship,

shown in equation (3.35) was used in this investigation:

e=1 —epoCLJ .NTU"* .{exp[—Cr.NTU(”S] —1}} (3.35)

T
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Where C: is the ratio of Cmin over Cmax. The UA was then calculated from the NTU using

equation4.19:

A thermal resistance network was constructed at each control volume alongside the three
energy equations to connect the geometry of the heat exchanger to the thermodynamic profile. The
network consists of three thermal resistances in series: water-glycol convection including fin
effects, conduction through the aluminum wall, and refrigerant convection including fin effects.
The convection resistances, R, were calculated using Equation (3.36), where 4 is the water-glycol
heat transfer coefficient. The conductive wall resistance was calculated using Equation (3.37).
Fouling resistance was neglected from the resistance network. Fouling resistance was neglected
from the resistance network due to the test heat exchanger being new and having few operating

hours.

R, =[h-(A+A 1)) (3.36)
R = 5wall_ (3.37)
Kwall : Abase

The three thermal resistances are inversely summed to calculate the UA, as shown in Equation

(3.38), then the UA was related to the NTU with Equation (3.39).

1
UA=——— (3.38)
R +R_, + Rg
NTU = éj_A (3.39)

min

The resistance network equations above are used to solve for the required heat transfer
area. Because the model has a fixed row width and depth, the row length of each control volume

is easily calculated. The thirty two calculated row lengths where combined to form a single metric
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of comparison, the weighted width Equation (3.40). The weighted width could be compared to the
actual core width. Although the model determines the required heat transfer area, the total heat
transfer area is difficult to visualize because the area per unit channel length changes as the channel
width increases through the core. As such, the weighted average core width was used as a proxy

metric to determine model accuracy as shown below:

Wieighiea = m (3.40)
Lyx

It was assumed that all of the heat was transferred between fluids, and that there was no ambient
heat loss from the heat exchanger. This assumption was proven valid by performing an order of
magnitude heat transfer calculation on the walls of the bar plate heat exchanger to the environment
at a high temperature difference condition. Even at the condition, temperature difference of 18 °C,
radiation heat transfer was negligible due to the temperature difference being relatively small for
radiation to occur. Therefore only natural convection was accounted for. The laminar flow Nusselt
correlation for natural convection on vertical plate presented by Churchill and Chu [110] was used
to determine the natural convection heat transfer coefficient. The total heat transfer calculated to
be lost to the ambient was 143 W. This was less than 0.2% of the total heat transfer between the

fluids, an insignificant amount, allowing for the assumption to be made.

3.3.Vapor Compression Model
The goal of this portion of the investigation was to determine the optimum size and
configuration of evaporating heat exchanges in a vapor compression cycle. This section elaborates

on the methods and assumptions used in the cycle modeling. Two types of evaporators were
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modeled: bar plate and plate frame compact heat exchangers. The core pressure loss was used as
the optimization parameter for the evaporator size within a vapor compression cycle (VCC) model.

The VCC model was developed using Engineering Equation Solver [76]. The present cycle
consists of four components: compressor, condenser, expansion valve, and evaporator, as shown

in Figure 3-9.

@ Evaporator
[j Compressor Throttle
valve
Condenser —

Figure 3-9. Schematic of a simple vapor compression
cycle used in the current study.

The state points are listed in Table 3-5. The condenser was assumed to be ideal, where there was
no pressure loss through the device, and the refrigerant exiting was fixed as a saturated liquid. The
compressor was assumed to have an isentropic efficiency equal to 0.675, comparable to centrifugal

compressors [84], and a fixed work which allowed for the cycle to have a COP equal to 5.

Table 3-5. Vapor compression cycle state points.

State Points Temp Pressure
°C °C

1 52.43 1,222

2 47.01 1,222

3 Floating Floating

4 5.5 356

The evaporator was set so that the refrigerant exiting the device was a saturated vapor. Points one,

two, and four were there by fixed in the model, so that the compressor and condenser performances
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were not affected by the changing evaporator conditions. Point three was varied depending on the
evaporator pressure loss, thus, the expansion valve accommodated the remaining pressure drop

not lost through the evaporator. The input parameters to the cycle model are listed in Table 3-6.

Table 3-6. Vapor compression cycle conditions.

cop 5
Refrigerant Mass Flow Rate 2.27
(kg s']

Evaporator Water-Glycol Mass 16
Flow Rate [kg s!]

Condenser Water-Glycol Mass 11.85
Flow Rate [kg s!]

Evaporator Water-Glycol 12,7
Temperature in, out [°C]

Condenser Water-Glycol 29, 37
Temperature in, out [°C]

Compressor Efficiency 67.5%
Evaporator Heat Duty [KW] 306

It was assumed that this change in pressure drop does not affect the expansion valve size. The
throttle valve was assumed to be isenthalpic. Each component in the cycle was modeled with the
inlet fluid conditions set equal to the outlet conditions of the previous component along the
refrigerant flow path, neglecting the effects of pipe roughing.

The thermodynamics of the evaporator were modeled first. The coolant was a 70-30 by
volume mixture of water and propylene glycol. The evaporator heat duty was calculated using the

equation below:
qEvap = mg ’ Cpg ' (T;g,in - T;;,out ) (341)
The water-glycol inlet and outlet temperature were set to 12°C and 7°C, respectively,

which are standard for space conditioning applications [85]. The water glycol flow rate was fixed

to 16 kg s thereby setting the heat duty of the evaporator to 305.8 kW. All heat transfer occurred
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while the refrigerant was a two-phase mixture, since the outlet quality was set to 1.0. Therefore,
only one set of continuity equations was required, shown in Equations (3.41) - (3.43).

iy =11, (10— 13 (3.42)
The enthalpy at the heat exchanger inlet, /3, was set via the outlet enthalpy of the expansion valve,
state point 3. The exiting enthalpy, /4, was determined using the saturation condition at the outlet
temperature of the evaporator. Equation (3.42) was used to calculate the refrigerant mass flow rate
through the vapor compression cycle. The final continuity equation, Equation (3.43), was used to
couple the thermodynamic model and heat exchangers via the evaporator effectiveness. In
Equation (3.43), minimum heat capacity rate (Cmin) Was the water-glycol stream because the

refrigerant side is a two-phase mixture which has a heat capacity rate diverging to infinity.

qEvapopg-Mg-g~(T

v —Ts) (3.43)
After the refrigerant exits the evaporator, it enters the compressor, labeled as state point 4

in Figure 3-9. The compressor efficiency, 67.5%, along with the inlet enthalpy, is used to determine

the compressor outlet enthalpy in Equation (3.44).

Moo = 221 (3.44)

L=
The isentropic enthalpy was calculated using the entropy at state 4 and the pressure at state 1. The
high side pressure at state 1 was determined from the condenser.
The condenser was a liquid coupled heat exchanger and used a coolant loop of 70-30 by
volume mixture of water propylene glycol. The inlet and outlet temperatures were set for the water-
glycol side, 29°C and 37°C respectively. The heat exchanger was split into two regions, super-

heated and two phase, requiring two sets of continuity equations. Equations (3.45) through (3.47)
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were solved simultaneously to determine the state points into and out of the condenser superheated

region along with the mass flow of the water-glycol.

Geasn =11, (i ~irs,) (3.45)
qun,sh = ’/hg ’ Cpg ’ (Yngld _T‘ig,oul> (346)
Yconsh = Crin '5'(];;,mjd _Tr,l) (3.47)

The condenser two phase region was solved for using Equations (3.48) through (3.50).

Geongp =M1, iy =iy ) (3.48)
Geony =11y CP (T = Tyia) (3.49)
qun,tp = Crnin € (’Tg,in - T;,sl ) (350)

After the condenser, the refrigerant passes through the expansion valve. The valve is
assumed to be isenthalpic, so Equation (3.51) is used to close the cycle.

iy =i, (3.51)

T,

The coefficient of performance was fixed at 5, and defined using Equation (3.52).

cop = Lew (3.52)

comp

The previous sections presented the methods and equations used to develop the two
evaporator models, one for a plate frame heat exchanger and one for a bar plate heat exchanger, as
well as the methods and equations used to develop a vapor compression cycle model. The chapter
also presented several correlations to be tested in the heat exchanger models. The next step in this
investigation was to experimentally test the heat exchangers and compare the results to the
empirical correlations found from literature. The following chapter will elaborate on the test

facility as well as the testing methods used to collect the necessary data around the evaporators.
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To determine the pressure drop, core volume relationship for the bar plate and plate frame
heat exchangers operating in both parallel and counter flow, the heat exchanger models were
integrated into the full vapor compression cycle system model. The state points at 3 and 4 were
entered as boundary conditions to each heat exchanger model which calculated the length, width,
and depth of the required core size.

The water-glycol side boundary conditions were set and held constant throughout the
optimization. The outlet of the refrigerant was also set, leaving the inlet, state 3, to be varied. State
3 was varied by parametrically increasing the pressure drop through the core. This was
accomplished physically by decreasing the number of channel sets, which decreased the core
depth. To accommodate the required heat transfer area, the length of the plate frame core and the
width of the bar plate core increases. As the pressure drops were parametrically tested for each
core configuration, the core volume was calculated. This effort lead to the determination of the

configuration and pressure drop resulting the minimum evaporator core volume.

84



Chapter 4. Experimental Set Up

This study aims to develop validated heat exchanger sizing models which required
experimental data collection. The data collected for this study was from two evaporative heat
exchangers in a preexisting turbo-compression cooling test facility which employed real world
constraints. A turbo-compression cooling system (TCCS) is a thermally activated cooling system
that is designed to generate cooling from low grade waste heat [86]. The system operates as an
organic Rankine cycle (ORC) directly coupled to a vapor compression cycle (VCC) as shown in
Figure 4-1. The test facility was designed to recover waste heat from the flue gas exhaust of a
power plant to generate cooling which can offset water consumption of evaporative cooled power

plants.

Magnetically-Coupled
Waste Heat Turbo-Compressor Dry Air

Boiler #* * * q -:; - f 1 f‘f Condenser

Recuperator % Power Fluid Cycle Cooling Fluid Cycle Expansion
X Valve

R

Dry Ai Liquid-Coupled
Conrgenger & 4‘ + 4‘ 1 t f T IcllEl:.rl.-apofa‘;g:

Figure 4-1. Turbo-Compression Cooling System test facility block diagram. The liquid-
coupled evaporator is the primary focus of the present investigation, circled in red.

The organic Rankine power cycle in the facility consists of a waste heat boiler, centrifugal
turbine, air coupled condenser, side channel pump, and recuperative heat exchanger. A flue gas
simulation loop adds heat energy to the cycle which is used to vaporize the working fluid. The

superheated working fluid is expanded through a centrifugal turbine which generates mechanical
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power. The mechanical power generated from the ORC turbine directly drives a centrifugal
compressor on the vapor compression cycle. The superheated working fluid at the turbine outlet
preheats the subcooled fluid entering the waste heat boiler in a recuperative heat exchanger. Next,

the fluid is condensed using air-coupled heat exchangers and then pressurized with the pump.

The vapor compression cycle in the facility generates the useful cooling effect. After the
working fluid is compressed to a high pressure, it is passed through air coupled condensers to reject
heat to the ambient. The condensers on the power and cooling cycles have a similar design. The
R134a working fluid is then throttled in an expansion valve and sent to the evaporators. The test
facility employs two expansion valves, one for each evaporative heat exchanger. One evaporator
is an aluminum bar plate style device and the other is a stainless steel plate frame type heat
exchanger. The working fluid evaporates in the heat exchangers which generates a cooling effect
for an external water stream. After the working fluid is evaporated, it is sent back to the
Compressor.

This study focuses on the evaporators in the VCC. The cold, vapor compression side of the
evaporators uses an R134a refrigerant, while the hot side consists of a 70-30 by volume mixture
of water and propylene glycol. The water-glycol circulation skid consists of a centrifugal pump,
two flow control valves, the evaporators, and a heater. The flow control valves were used to
modulate the flow rate of the water-glycol through each heat exchanger. The heater was a simple
plate frame type heat exchanger that was connected to a hot water circulation loop as shown in
Figure 4-2. Both evaporators were oriented vertically in the loop. Water-glycol flowed down
through the cores, while the refrigerant entered the bottom of the cores and flowed upward as it

evaporated. Figure 4-3 shows photos of the two evaporates integrated into the test facility.
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Figure 4-2. Facility process flow diagram of the vapor compression cycle and chilled
water circulation loop. Positions of measurements shown.

(a) (b)

Figure 4-3. Test facility photos. (a) Evaporator images in the facility, also showing the
water-glycol circulation loop. (b) Plate Frame frontal view.
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The facility was instrumented with T-type thermocouples on the heat exchanger inlets and
outlets as well as before the expansion valve. Absolute pressure measurements were made with
Ashcroft type G1 pressure transducers at both evaporator inlets and before the expansion valve. It
is important to know the conditions before the expansion valve because the refrigerant at the
evaporator inlet was theorized to be two-phase. Therefore, the enthalpy cannot be determined from
temperature and pressure alone. However, in all cases for the TCCS operation, the refrigerant
enters the evaporator slightly sub-cooled and therefore the inlet temperature and pressure were
sufficient to determine inlet enthalpy. Another absolute pressure measurement was taken at the
plate frame evaporator outlet to determine refrigerant pressure drop. On the bar plate evaporator,
refrigerant pressure drop was measured with a differential pressure transducer. The refrigerant
mass flow was measured using an inline Coriolis mass flow meter placed just upstream of each
expansion valve.

The water-glycol sides of the evaporators were similarly instrumented with T-type
thermocouples placed at the inlet and outlet of the heat exchanger. An Ashcroft type G1 pressure
transducer was placed at the inlet and a differential pressure transducer was placed between the
inlet and outlet of the water-glycol side to measure pressure drop through the device. The flow rate
of the water-glycol was measured using a paddle wheel volumetric flow meter. The meter was
calibrated to the 5 pipe diameter and was placed at the outlet of the evaporator. However, it was
found that the paddle wheel volumetric flow meter presented too much uncertainty in
measurement, discussed further below, so the mass flow rate of the water-glycol was calculated

using an energy balance around the heat exchanger.
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4.2. Data collection

During prior investigations [86], the TCCS test facility was operated under a specific power
plant system design condition which resulted in the refrigerant outlet temperature converging to
the inlet water-glycol temperature in both evaporators. This implied that the evaporators were
oversized for this design point. Data collected under these conditions did not allow for model
validation because instruments were only placed at the inlets and outlets of the heat exchangers.
Therefore, the exact location in the heat exchanger where the temperatures converged is unknown.

Figure 4-4 presents possible temperature profiles for an oversized heat exchanger where only the

endpoint conditions are measured.

B Water-Glycol

B Refrigerant

Temperature

Position in Heat Exchanger

Figure 4-4. Counter flow temperature profile of an oversized evaporative heat exchanger
where the temperatures converge.

Each of the blue lines represent a potential temperature profile along an arbitrary counter flow heat

exchanger. The position at which the refrigerant reaches its maximum temperatures, the point after
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which no appreciable heat transfer occurs, is unknown, removing one of the required boundary
conditions required for model validation. In the case where the temperatures do not converge, the
position where the refrigerant reaches a maximum energy value is known to be the outlet and all
of the heat exchanger length is utilized. Slight modifications to the previous investigation’s [86]
testing procedure were required to collect data which could be used for model validation. In the
test facility, the refrigerant mass flow rate was maximized to prevent temperature convergence
while maintaining superheat entering the compressor. This was achieved with a balance of two
operations: increasing compressor work via an increase in power cycle power output and opening
the expansion valve. This maximization was performed over a range of water-glycol inlet
temperatures and heat loads: 15°C — 25°C and 60 kW — 95 kW. The refrigerant and water-glycol
temperatures often converged at heat loads below 60 kW and when the temperature difference
between the water-glycol and the ambient temperature fell below 2 °C.

Not all steady state data points collected were used in model validation due to the
temperature convergence phenomenon. The only steady state data points used were points in which
the water-glycol inlet temperature was at least 0.5°C higher than the outlet refrigerant temperature
and the outlet water-glycol temperature was at least 0.5°C higher than the inlet refrigerant

temperature.

4.3. Wilson Plot Experiments

A Wilson plot experiment [87,88] was used to determine the water-glycol side heat transfer
coefficient. The experiment varied the water-glycol flow rate over a range of conditions, while
maintaining the same refrigerant side conditions. If the refrigerant convective resistance and wall
conductive resistance remain constant across all of the collected points, then the water-glycol

convective resistance would be the only resistance that will change in the overall thermal resistance
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calculation as a function of the water-glycol flow rate. The method then reduces the water-glycol
flow rate to a velocity term and plots the overall thermal resistance of the heat exchanger as a
function of the water-glycol velocity to the power of negative N, for all the points collected. A
linear regression was then performed on the data. The value of N was varied in order to maximize
the R? value of the regression, this results in the best fit for the data. The regression was then set

equivalent to Equation (4.1).

1 1
Rov = __N+C1 (41)
C,-A, V,

The regression was used to determine C; and C». The sum of the refrigerant and wall resistances
is equal to C1, Shown in Equation (4.2).

C,=R +R (4.2)

wall

The C; parameter was used to determine the water-glycol heat transfer coefficient for each of the

data points collected, using Equation (4.3).

h,=C,-V}" (4.3)

8 8
The coefficients were then compared to coefficients calculated for the same data points using the
single phase correlations discussed in Section 2.

To collect the data for the Wilson plot experiment, the TCCS test facility was brought to a
steady state condition. It was important that for the entirety of the experiment the outlet refrigerant
temperature did not converge to the inlet water-glycol temperature, as described above. With a
non-converging evaporator steady state condition met, data were collected for three minutes. After
the three minutes, the next condition was set. This was accomplished by closing the water-glycol
throttle valve, decreasing the mass flow rate. Heat was added to the water-glycol to raise the inlet

temperature, accounting for the decrease in mass flow to maintain a constant heat duty. The
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condition was held for three minutes, then the next condition was set in the same manner. For all
the points collected, the refrigerant side inlet and outlet conditions, as well as the refrigerant mass
flow rate were held as constant as the facility could allow. The minimal variability allowed for the
assumption that the refrigerant thermal resistance was constant across the experiment. This

assumption was also made by Yanik and Webb [89] when performing similar experiments.

4.4. Uncertainty Analysis

The uncertainty of the experimentally calculated values used in the model validation effort
was an important aspect in determining the relevance of the effort. The four parameters of interest
for the uncertainty propagation study were: the overall heat transfer rate, the water-glycol side heat
transfer coefficient, the water-glycol mass flow rate, and the refrigerant pressure drop. The overall
heat transfer rate was of interest because it added certainty to the refrigerant heat transfer
correlation comparisons. The two water-glycol parameters were added to the uncertainty study to
determine the reliability of the Wilson plot experiments. Finally the refrigerant pressure drop
measurement was added to determine if a pressure drop analysis could be performed. To determine
the uncertainty of these parameters, the built in uncertainty propagation function in Engineering
Equation Solver [76] was used. The function uses the standard method of error propagation in

Equation (4.4).

4.4)

In this equation, Sy represents the variable of interest and Sx represents each variable used
in the calculation of Sy. Table 4-1 presents the uncertainty associated with the instruments used in

data collection.
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Table 4-1. Instrumentation uncertainty.

Instrument Type Range Accuracy
Thermocouple All 0.6 °C
Diff. Pressure Transducer ~ 0-15 PSI 1.5 %FS
0-35 PSI 1.5 %FS
Pressure Transducer 0-200 PSI 0.25 %FS
Mass Flow Meter 0-7.5kgs! 0.15 %MV

These uncertainties, along with the actual data collected were used as inputs to the uncertainty
analysis. These inputs were propagated through to calculate the uncertainty of the three
experimentally determined parameters of interest. For example, to calculate the overall heat
transfer rate of either heat exchanger, the measured refrigerant temperature and pressure were used
to determine the enthalpies at the heat exchanger inlet and outlet. The uncertainty of the measured
values was propagated through to the enthalpy calculations. Next, the inlet and outlet enthalpies,
along with the measured refrigerant mass flow rate were used to calculate the total heat transfer
rate using Equation (4.5).
q =11, (irg — i) (4.5)
The three parameters and associated uncertainties, are used as inputs into the right hand
side of Equation (4.4) to determine the uncertainty of the experimentally calculated heat transfer
rate. A similar process was performed to determine the uncertainty of the water-glycol flow rate
calculation, and water-glycol heat transfer coefficient calculated from the Wilson plot experiment.
Table 4-2 presents the results of the uncertainty study for the plate frame heat exchanger.
When analyzing the plate frame heat exchanger, the uncertainty of the heat transfer rate was small,
0.54% to 0.55% for the data. This level of uncertainty supports that the calculated parameter

accurately represents the experimental data.
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Table 4-2. Plate frame heat exchanger uncertainty results.

Total heat transfer Water-Glycol mass Water-Glycol heat Refrigerant Pressure

Rate [kW] flow rate [kg s7'] transfer coefficient drop [kPa]
[kW m~ k']

Value Uncertainty Value Uncertainty Value Uncertainty Value Uncertainty
185 1.016 66.61 94.03 3.602 2.369 7459  4.23
186.4 1.016 55.29 60.35 3282 1.71 7.067 4.23
187.9 1.023 4393 36.01 2925 1.166 7.04 4.23
186.3 1.013 22.16 8.749 2.078 0.4073 7.005 4.23
2157 1.173 2212 7.499 2076 0.35 6.337 423
2133 1.17 31 15.11 7465 423
2155 1.183 4471 32.04 6.906 4.23
2152 1.182 4936 39.63 6.74 4.23
2144  1.18 5242 453 6.256  4.23
2113 1.17 53.81 48.78 7.167 423

The accuracy of the water-glycol flow rate measurement was unknown due to the position
of the measurement device. The paddle wheel flow meter was placed soon after a large bend, not
allowing for fully developed flow at the point of measurement. Further the measurement device
was never calibrated. The random error associated with the device was low, + 1.8 [kg s7'], however
because the device was not calibrated, the bias uncertainty was unknown, and the actual flow rate
could be significantly different from the measured flow rate. An alternative to using the paddle
wheel flow meter, would be to determine the flow rate from the pump curves. This could be
accomplished for the plate frame heat exchanger because the tests were conducted with only the
one evaporator in use, therefore all of the flow went through the pump and the plate frame heat
exchanger. Differential pressure measurements were not taken around the pump, but the power
draw from the pump was measured. Accounting for motor efficiencies provided by the pump
manufactures, the volumetric flow rate of the water glycol could be graphically determined.
However when using this method of determining flow rate, the same trend between data points

was not shown as it was from the flow meter. Figure 4-5, shows the predicted water glycol flow
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rates using the two methods as well as an energy balance method. The pump curve method does

not show any variability in flow rates across the data while the other two methods do.
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Figure 4-5. Predicted plate frame water glycol mass flow rates using energy balance
calculations, paddle wheel flow meter measurements, and pump curves.

Because of the unknown uncertainty of the paddle wheel flow rate measurement and the lack of
variability of the pump curve calculation, the water-glycol flow rate was calculated via an energy
balance across the heat exchanger. This had an uncertainty larger than the heat transfer rate. The
lowest uncertainty was 33% while the highest was over 100%. The lower uncertainty occurred
when the water-glycol mass flow rate was small, which allowed for a larger temperature change
between the inlet and outlet. Because the flow rate was calculated through an energy balance
around the heat exchanger, the parameters and associated uncertainties used on the right had side
of Equation (4.5) are the heat transfer rate, water-glycol specific heat, and the water-glycol
temperature difference. As discussed above the uncertainty of the heat transfer rate was low, and

therefore was not the cause of the high uncertainty of the flow rate. The uncertainty of the specific
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heat was less than 1% but the uncertainty of the temperature change was high. The change had an
absolute uncertainty equal to that of the thermocouples, +£0.6 °C, and when the temperature change
was 2 °C, the relative uncertainty was 30%. However, when the temperature change was 0.5 °C,
as it was in some for the data, the relative uncertainty of the change exceeds 100%. This high
uncertainty was propagated through to the water-glycol mass flow calculation. The implications
of this high uncertainty was that it lead to an uncertainty in determining the water-glycol heat
transfer coefficient, both in the Wilson plot experiment, discussed below, and the correlation
calculated coefficient. There are two solutions to reduce the uncertainty for future work. The first
would be to run experiments at much lower flow rates, allowing for a larger temperature change
to occur. This would require an increased temperature differential between the refrigerant and the
water-glycol to maintain the high heat transfer rate. All of which would change the system
operating conditions significantly away from its realistic operation. The second solution would be
to use more accurate thermocouples. If the thermocouples were calibrated to +0.1 °C, the relative
uncertainty of the flow rate calculation can be reduced to +5% to +20%. Realistically T type
thermocouples could not achieve this accuracy, however with the use of thermistors the high level
of accuracy can be achieved.

The third parameter of interest in the uncertainty study was the water-glycol heat transfer
coefficient calculated from the Wilson plot experiment. This uncertainty ranged from 16% to 65%,
where the higher uncertainty occurred when the water-glycol mass flow rate was highest. The
uncertainty of the flow rate was the largest contributor to the coefficient uncertainty. The
uncertainty is high, and its significance is discussed further in the following section. The

uncertainty could be reduced with the same methods described for the water-glycol mass flow rate.
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The final parameter studied in this analysis was the refrigerant side pressure drop. The
pressure drop across the refrigerant side of the plate frame heat exchanger was measured with two
absolute pressure transducers. Each had an absolute uncertainty of 3 kPa. This resulted in a
differential uncertainty equal to 4.23 kPa. With the absolute values of the pressure drop
calculations ranging from 6.2 kPa to 7.5 kPa, the uncertainty of the measurement is larger than the
deviation of the data. This did not allow for an accurate calculation and therefore the pressure drop
for the plate frame heat exchanger could not be experimentally validated and had to be assumed.
In a future study, the uncertainty of the pressure drop calculation could be reduce with the use of
a differential pressure transducer measurement, rather than two absolutes.

Table 4-3 presents the results of the uncertainty study for the bar plate heat exchanger for

the data collected in the Wilson plot experiment.

Table 4-3. Uncertainty results for the bar plate heat exchanger Wilson plot experiment.

Total heat transfer Water-Glycol mass ~ Water-Glycol heat Refrigerant Pressure
Rate [kW] flow rate [kg s™'] transfer coefficient drop [kPa]
[kW m?2 k']

Value Uncertainty Value Uncertainty Value Uncertainty Value Uncertainty
76.1 04 25.0 313 1.57 222 9.04 0.225

733 04 238 294 1.49 2.07 9.48 0.225

729 04 21.7 238 1.34 1.66 9.51 0.225

71.1 04 204 214 1.26 1.48 8.87 0.225

71.6 04 192 185 1.17 1.27 8.76 0.225

712 04 16.7 13.8 1.01 0.93 8.84 0.225

This is used as a representation of the uncertainty for the rest of the collected data. When analyzing
the heat exchanger, the uncertainty of the heat transfer rate was small, 0.53% to 0.56% for the data.
This level of uncertainty supports that the calculated parameter accurately represents the

experimental data.
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In the same way that the uncertainty in the water glycol mass flow rate was high for the
plate frame heat exchanger, the uncertainty was high for the bar plate. The flow rate was
determined using an energy balance around the bar plate heat exchanger as opposed to the paddle
wheel flow meter or the pump curves. Like with the plate frame heat exchanger the flow meter
was not calibrated and the bias uncertainty was unknown. However unlike the plate frame heat
exchanger, the bar plate heat exchanger was always operated in parallel with the plate frame heat
exchanger, not allowing for the use of pump curves to predict the flow rate. The relative uncertainty
when using the energy balance method was almost at or above 100% for the data collected. The
same factors such as the small water-glycol temperature change lead to the high uncertainty here
as they did with the other heat exchanger. However, it was more significant because the bar plate
heat exchanger operated with an even smaller temperature change in the water-glycol temperature.
This lead to significant uncertainty in the water-glycol heat transfer coefficient calculation for the
Wilson plot experiments. The uncertainty of the calculated heat transfer coefficients was larger
than the difference between data points. This meant that the Wilson plot could not be used to
validate the water-glycol heat transfer coefficient correlation. Due to difficulties operating the
facility for the Wilson plot experiments, particularly varying the water-glycol flow rate over a
large enough range, the experiment could not be reconducted, and the heat transfer coefficient had
to be assumed. Thermistors could be used at the water-glycol inlet and outlet to reduce the
uncertainty. Even then, if the thermistors had an accuracy to +0.1°C, the uncertainty would be
+16% to £20% and the difference between points is +5% to +7%, and the experiment would still
not be reliable. The only way to reduce this uncertainty to a necessary level would be to install a
reliable flow rate measurement device. To use the paddle wheel flow meter, a long strait section

of pipe would be required for fully developed flow at the point of measurement.
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Because the bar plate heat exchanger was instrumented with a differential pressure
transducer on the refrigerant side, the pressure drop could be accurately measured. The uncertainty
of the device is £0.225 [kPa]. The uncertainty of the pressure loss measurement was tabulated in
Table 4-3. The error of the measurement is small relative to the distribution of the data leading to
a strong belief in the measurement. This allowed for an accurate pressure drop study to be
conducted for the bar plate evaporator.

Chapter Four described the turbo-compression cooling system test facility, particularly the
vapor compression cycle component and the water-glycol circulation loop in detail. The Wilson
plot method was used to determine the water-glycol side heat transfer coefficient correlation.
Finally, the data selection technique was presented that allowed for refrigerant side heat transfer
validation. The following chapter presents the results of the data collection, how each correlation
compared to the data, and which correlations were selected for the models. The chapter will also
present the result for the evaporator minimization effort in a standard vapor compression cycle,

determining the evaporator core volume versus pressure loss relationship.
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Chapter 5. Results

The following chapter will present the results for the model validation for the plate frame
and bar plate evaporators as well as the optimization results for the simple vapor compression

cycle.

5.1. Heat Exchanger Validation

The two heat exchanger models developed in the present investigation were compared to data
collected in the TCCS test facility. For the plate frame evaporator, the model was compared using
the required plate length, while for the bar plate heat exchanger, the weighted core width was
compared. After the bar plate model was validated, the total pressure drop on the refrigerant side
was compared to the pressure drop predicted by the model. The following sections will describe
the model validation in terms of each correlation tested, as well as the final combination of
correlations which was chosen to represent the heat transfer and pressure drop of the two heat

exchangers.

5.1.1. Plate Frame Heat Exchanger

The water-glycol side and refrigerant side heat transfer had to be experimentally validated
which was accomplished by comparing the experimental data to predictions from the empirical
correlations discussed in Chapter 3.

The model was first validated for the water-glycol side heat transfer coefficient using the
Wilson plot experiment. Several steady state data points were collected and the overall thermal
resistance was plotted as a function of the water-glycol velocity to the negative N power, as shown

in Figure 5-1.
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Figure 5-1. Plate Frame Wilson plot results; overall thermal
resistance vs the inverse water-glycol velocity to the power of N.

N was first assumed to be 0.8 and then was varied until the linear regression achieved an R* value
greater than 97.5%. The resulting N value was equal to 0.5. The water-glycol heat transfer
coefficient was then calculated from the regression equation. These coefficients were then
compared to seven single phase heat transfer correlations: Muley [39], Thonon et al. [79], Maslov
and Kovalenko [35], Rosenblad and Kullendroff [34], Emerson [80], Talik et al. [78], and Kumar
[81] as presented in Chapter 3. Table 5-1 shows the mean absolute error (MAE) of the model
predicted heat transfer coefficient compared to the Wilson plot generated coefficients. Muley [39]
resulted in the lowest MAE, equal to 0.136%. As discussed in the Chapter 4 section 4, the
uncertainty in the water-glycol heat transfer coefficient calculated from the Wilson plot was high,

reaching 65%. This was considered when comparing correlations.
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Table 5-1. Plate frame single phase heat transfer correlation predictions compared to Wilson

plot results.

Wilson Thonon Muley  Taliket Kumar Maslov&  Emerson Rosenblad &
Plot al. Kovalenko Kullendroff
3.629 6.51 3.62 7.650 6.886 4.935 6.544 6.264

3.317 5.77 3.32 6.719 6.104 4.520 5.888 5.558

2.957 4.92 2.96 5.663 5.202 4.032 5.124 4.743

2.596 4.10 2.60 3.405 3.231 2.871 3.388 2.958

2.101 3.06 2.11 3.464 3.290 2.896 3.435 3.011
%MAE  64.7 0.14 80.183  66.149  31.408  65.023 51.565

Figure 5-2 shows the water-glycol heat transfer coefficient as a function of water glycol velocity

for each of the correlations tested as well as the four Wilson plot points with associated error bars.
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Figure 5-2: Comparison of Wilson Plot calculated water-glycol heat transfer coefficient

to correlation calculated coefficients as a function of water-glycol fluid velocity. The dots
represent the Wilson plot calculated heat transfer coefficients based on an energy balance
calculated water-glycol flow rate. The triangles represent the Wilson plot calculated heat
transfer coefficients based on the flow meter measured water-glycol flow rate.

Though some of the correlations, particularly Rosenblad and Kullendroff [34], and Maslov and

Kovalenko [35], are within the upper end of three of the error bars, the correlations fail to capture

102



the lowest coefficient. Furthermore, the lowest coefficient is the most significant to accurately
predicting the trend because this point has the least uncertainty. The Muley correlation followed
the trend of both the energy balance calculated and flow meter measured water-glycol flow rate to
the highest level of accuracy, so further model validation was performed using the Muley
correlation to represent the water-glycol side heat transfer coefficient.

Wall resistance was calculated from known parameters so the refrigerant side thermal
resistance was the only remaining variable to be experimentally validated in the heat transfer
model. Three single phase heat transfer correlations and four boiling heat transfer correlations were
tested in a matrix to determine the most accurate combination. The correlations were used to
predict the required plate length of the heat exchanger core which was compared to the actual plate
length for the collected working fluid conditions. The three single phase correlations tested were
Thonon et al. [79], Maslov and Kovalenko [35], and Rosenblad and Kullendroff [34]. The single
phase heat transfer coefficient had a minor impact on the predicted plate length relative to the
boiling heat transfer coefficient. This is because less than 1% of the heat transfer occurs in the
single phase region, and a change in single phase correlation only resulted in about a 0.2 m change
in predicted plate length. The boiling correlations discussed next used the Maslov and Kovalenko
single phase correlation for representative result values. This is because the correlation was a part
of the combination resulting in the lowest MAE.

Four two phase heat transfer correlations, discussed in Chapter 3, were tested for accuracy
within the model: Huang et al [90], Cooper [32], Hsieh et al. [26], and Han et al. [18]. The
correlations were used to predict the required plate length of the core for given inlet and outlet
conditions. The Huang et al. [19], and Hsieh et al. [26], correlations were chosen because their

boundary conditions were representative of at least three of the following test parameters; heat
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flux, mass flux, and saturation temperature, seen in Table 3-1 found at the end of the chapter. The

Han et al [18] correlation was selected because of its strong dependence on geometric parameters.

The Cooper correlation was tested because of its recommendation by Longo and Gasparella [31],

who tested the pool boiling correlation against data collected for low mass flux boiling in plate

heat exchangers.

Figure 5-3 presents the results comparing the matrix of refrigerant heat transfer correlations

tested. In the box and whisker plots, the center ‘X’ represents the mean of the data points and the

center horizontal line represents the median of the data. The box represents the variability of the

data within one quartile on either side of the median and the whiskers show the variability of the

outer two quartiles of results. Any statistical outliers are represented with the black dots outside

the whiskers.
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Figure 5-3. Results of boiling heat transfer correlations tested for the plate frame heat
exchanger. (a) Figure showing results as predicted plate length with the black bar at 1.2m
represents actual heat exchanger length. (b) Present error comparted to the actual plate length.
Black bar at 0% error.

Of the four boiling correlations selected, Huang et al. and Hsieh et al. correlations under

predicted the heat exchanger plate length. When used to represent the two-phase boiling region,
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the Huang et al. correlation predicted the plate length on average to be 0.413 m, 65.6% lower than
the actual length. The Hsieh et al. correlation predicted the plate length on average to be 0.603 m,
49.8% lower than the actual length. The Han et al. correlations over-predict the core length as
shown in Figure 5-3. The correlation over predicted the plate length due to an under prediction of
the heat transfer coefficient, and not due to temperature converging. As shown in Table 5-2, the

effectivenesses of each of the three regions were between 0.2 and 0.7.

Table 5-2. Effectiveness values for the subcooled, two phase, and superheated regions of the
plate frame evaporator for the data.
€ Sub cooled € Two Phase & Super Heated

0.22 0.24 0.05
0.24 0.27 0.62
0.24 0.32 0.59
0.20 0.46 0.49
0.26 0.49 0.70
0.27 0.43 0.50
0.30 0.35 0.60
0.30 0.33 0.55
0.29 0.32 0.42
0.27 0.32 0.11

Figure 5-4 shows the two phase region dominates the UA requirement of the heat exchanger. This
means the large predicted plate lengths were not caused by small differences in high
effectivenesses resulting from the uncertainty of the heat transfer rate calculation. For heat
exchangers with high effectiveness values, small changes in the effectiveness will result in a large
change in required heat transfer area. Therefore, if in this study the effectiveness was on the order
of 0.95, a large deviation in overall heat transfer rate could lead to a change in effectiveness, and
subsequently the cause for the over prediction in plate lengths. However, because the effectiveness

and uncertainty of the overall heat transfer rate are low, this could not be the case. The Han et al.
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correlation likely under predicts the heat transfer coefficient due to extrapolation errors associated

with using the correlation outside of the developed heat and mass flux range.
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Figure 5-4. Distribution of UA along the heat exchanger control volumes for a single
plate set. The different colors represent separate data points. The three refrigerant phase
regions are separated by the vertical black bars. The majority of the overall heat
exchanger’s UA is in the two phase refrigerant region.

The Cooper correlation was able to accurately predict the plate length of the core. The core
length was predicted to be 1.23 m with a MAE equal to 7.9%. Longo and Gasparella accredit its
use in plate evaporators at low mass fluxes, and the current experiment further justifies its use. It
is likely the case that the two phase refrigerant heat transfer is dominated by nucleate boiling. The
Hsieh et al. correlation does account for a weighted proportion of nucleate and convective boiling,
even using the Cooper correlation to predict the nucleate component. However the correlation was
developed at a much higher mass flux range. This means the weighting function based on quality,

does not accurately represent the proportions of each component.
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The Huang et al. correlation was developed for similar mass flux ranges as the experiments,
however did not predict the data well. It is unclear to why this correlation under predicts the data.
Like the Longo and Gasparrella investigation, the Huang et al. study found that at low mass flux
ranges the two phase heat transfer is dominated by nucleate boiling. The correlation was therefore
developed with no flow parameters such as Reynolds number, and focused on parameters such as
enthalpy of vaporization and thermal diffusivity.

The combination of a Cooper [32] boiling, and Maslov and Kovalenko [35] single phase
heat transfer correlation, were used to represent the refrigerant side heat transfer, while the water-
glycol side was represented with the Muley [39] single phase correlation. The combination resulted
in the lowest MAE of any other, MAE equal to 7.9%, and was therefore chosen to represent the

plate frame heat exchanger in the optimization study.

5.1.2. Bar Plate Heat Exchanger

As described in Chapter 4, the uncertainty of the calculated water-glycol heat transfer
coefficients from the Wilson plot experiment were unacceptably high. As shown in Figure 5-5,
the error bars for each of the collected points vary more than the deviation of the points themselves.
Therefore there is little certainty in the calculated coefficients. To move forward with the
investigation, heat transfer coefficients were assumed based on the Hartnett and Kostic [83] single
phase heat transfer correlation. The correlation was chosen because it was developed for laminar
flow through rectangular channels. Many correlations are developed for these conditions, but the
Hartnett and Kostic correlation was the only to include an aspect ratio term, accounting for more

detail about the heat exchanger geometry when calculating the heat transfer coefficient.
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Figure 5-5. Bar plate Wilson plot results, water-glycol heat transfer
coefficient as a function of water-glycol velocity. The associated error bars

are for the heat transfer coefficients are large and encompass the deviation
of the collected data points.

With the wall resistance calculated from known parameters, the refrigerant side convection

resistance is the only remaining parameter to be validated for the heat transfer model. The single
phase refrigerant heat transfer was represented with the Garimella et al. [57] correlation for flow
in rectangular micro channels, because it encompassed the experienced range of the Reynolds
numbers, as seen in Table 3-4. This leaves only the boiling refrigerant resistance. The data
collected around the heat exchanger were used as inputs into the model to calculate the weighted
width of the heat exchanger core. As described in Chapter 3, the primary method used to determine

model accuracy was to compare the model-calculated weighted average of row lengths and the
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actual heat exchanger core width. The weighting was used to normalize the row lengths to the row

widths, as shown in Equation (5.1).

Wieighea = PIUALY (5.1)
Lyx

The total heat transfer area was difficult to visualize, while a width dimension can be easily
understood not unlike the length term for the plate frame model. As such, the weighted average
core width was used as a proxy metric to determine model accuracy. Figure 5-6 depicts the model
predicted heat exchanger core width for each boiling correlation tested. The actual heat exchanger
width is represented by the solid black line across the Figure at 0.385 m. All three boiling
correlations under predicted the heat exchanger core width. It was unlikely that the under
prediction was caused by an added fouling or brazing resistance. The core was cleaned before
installation and has less than 100 operating hours. It was also unlikely that the cause to the under
predicted core width was due to the flow distribution assumption. To determine the accuracy of
the assumption the manifold pressure loss was calculated and compared to the channel loss. It was
found that the manifold pressure loss was between 35 and 70 Pa, nominally one-percent of the
total loss. The small percentage supports the assumption of well distributed flow. Thus, the model
had to be over predicting the refrigerant side heat transfer coefficient. Figure 5-6 presents the MAE
of each prediction method. The Kuzentsov et. al. [49] boiling correlation leads to the closest width
prediction on average, however does have the greatest variability in results. On the other hand, the
Li and Wu [52] correlation significantly under predicts the core width by an average error equal
to 89.1%, but had the lowest variability. The Bertsch et. al. [44] correlation was in the middle of

the other two for error and variability.
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Figure 5-6. Predicted bar plate heat exchanger core width for each boiling heat
transfer correlation tested. Black bar represents the actual core width at 0.38 m.

The Bertsch et al. correlation is a weighted proportion of convective and nucleate boiling
components. When used, the convective heat transfer term dominates over the nucleate boiling
heat transfer term throughout the two-phase region. This is supported by a large enhancement
factor because the bubble diameter is large relative to the channel size, represented by a
Confinement number > 0.5.

The Kuzentsov et al. correlation is also a weighted correlation like the Bertsch et al. The
Kuzentsov et al. correlation however offers additional multiplication factors for the nucleate
boiling term. This investigation used the developing and suppression factors but omitted the
secondary suppression factor. The secondary suppression factor requires further understanding or

boundary layer characteristics, which were not experimentally measured as part of this study.
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Though the correlation was developed with some or all of the additional factors, the secondary
suppression factor could help reduce error, or reduce the variation of the results. In future
investigations the secondary suppression factor could be tested when the boundary layer
information could be experimentally collected.

The Li and Wu correlation under predicted the required core width on average to 0.0421m,
11% of the actual width, 0.385 m. It is likely that the correlation over predicted the heat transfer
coefficient which is caused by a high variance of the development of the correlation. The present
investigation uses Reynolds, Boiling, and Bond Numbers within the recommended correlation
bounds and yields predicted Nusselt numbers comparable to those found in the original study. In
the development of the correlation, 85.8% of the data used in the correlation development was
within £50% error, some approach 100% error with the MAE for the data bank equal to 26.1%. It
is likely that the data collected in this investigation is on the outer bounds of the correlation.

In an effort to continue on to the optimization effort with an accurate model, a correction
factor was applied to each correlation to match the average predicted core width with the actual
core width of 0.385 m. Table 5-3 shows each correction factors and associated results for the three

correlations centered on the actual width.

Table 5-3. Bar plate refrigerant heat transfer coefficient correction factor and
associated error.

Two Phase Boiling Correction %
Correlation Factor MAE
Bertsch et. al. 0.365 13
Kuzentsov et. al. 0.61 14
Li and Wu 0.085 13

Figure 5-7 depicts the distribution of the corrected width prediction. The corrected Kuzentsov et
al. correlation resulted in 91% of the data falling within £25% error which was similar to the other

two correlations, however the correlation required the least amount of correction with a factor
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equal to 0.61. The Kuznetsov et al. [49] correlation was therefore selected for use in the heat

exchanger model.
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Figure 5-7. Bar plate exchanger core width for each boiling heat transfer
correlation tested including correction factor. Black bar represents the actual
core width at 0.38 m.

The resulting bar plate heat transfer model used the Hartnett and Kostic correlation to
represent the water-glycol heat transfer and Garimella et al. correlation to represent the single
phase heat transfer coefficient calculations. A corrected Kusentsov et al. correlation was used to
represent the refrigerant two phase region. The following pressure drop validation used these heat

transfer correlations.
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The refrigerant pressure drop was calculated and compared to the total pressure loss across
the bar plate evaporator. The predicted pressure loss was the sum of the calculated pressure losses
of each control volume. This analysis was not performed until after heat transfer model was
validated because the fluid travel length is a key factor in determining pressure loss. The three heat
transfer correlations Kuznetsov et al. [49], Bertsch et al. [44] and Li and Wu [52], did not include
pressure loss correlations. The pressure loss correlation from the Tran et al. [54] investigation was
evaluated to calculate the boiling pressure drop through each two phase control volume of the bar
plate design. In the single phase regions, the Churchill friction factor correlation [65] was used to
determine pressure loss. Figure 5-8 depicts the measured refrigerant pressure drop against the

model predicted pressure drop.
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Figure 5-8. Measured refrigerant pressure loss versus predicted refrigerant pressure drop. The
red circle indicates points that lie outside the 25% error bars.
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The 0% and +25% error bars are shown. 85.7% of the collected data lay within £25% error and
the MAE = 13.9%. At higher pressure losses, above 15 kPa, the model significantly under predicts
the experiment. The seven measured data points collected at the high pressure loss do not have the
same linear relationship to mass flow rate or heat flux as the rest of the data set does, seen in Figure
5-9 (a) and (b). It is not the case that the high measured data points are a result of increased fictional
loss due to a large mass flux or caused by an increased acceleration loss due to a high heat flux
evaporating the fluid earlier in the heat exchanger. This trend is not accounted for by the model.
This investigation lies on the bounds of the valid parameter ranges for the Tran et al. correlation.
The mass flux is close to the lower bound of the correlation, leading to a strong dependence on
mass flux. However as a whole the correlation was able to predict a high percentage of the data

within +25% error, and therefore the correlations were accepted for the model.
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Figure 5-9. Bar plate heat exchanger pressure drop analysis. (a) Measured refrigerant mass
flow rate versus measured refrigerant pressure drop. The green circle indicates the data
exhibiting a linear relation and the red circle indicates data not exhibiting the linear relation.
(b) Measured refrigerant pressure loss versus refrigerant heat flux.

The validated model utilized a combination of correlations to accurately predict
performance. For the water-glycol heat transfer, the correlation selected was the Hartnett and
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Kostic [83] laminar flow correlation in rectangular channel. The single phase region of the
refrigerant was represented by the Garimella et al. correlation and for the boiling region, the
Kuznetsov et al. [49] correlation was used to predict the heat transfer and calculate the required
width of the core. Correction factors were added to the water-glycol and two phase refrigerant heat
transfer coefficients to increase model accuracy. The refrigerant side pressure loss was modeled
using the Tran et al. [54] boiling pressure loss correlation and Churchill [65] friction factor
correlation for the single phase regions. The next step is to present the bar plate and plate frame

heat exchanger results in the VCC.

5.2.  Heat exchanger size optimization in VCC

It was theorized that an optimum pressure loss in the evaporator would lead to a minimum
evaporator core volume. As mentioned in Chapter 2, Picon-Nunes [8] showed that increases in
pressure drop through surface augmentations increased the heat transfer coefficient, reducing the
required volume of a bar plate core. However the present study focuses on evaporators where the
two phase refrigerant temperature is dependent on the pressure loss, opposed to the liquid to liquid
heat exchangers in the Picon-Nunes study. This added relation is a key aspect in the optimization
effort. The results of the modeling will be examined in the following sections for both plate frame

and bar plate heat exchanger types.

5.2.1 Plate Frame Heat Exchanger Results

When the plate frame heat exchanger model was used to size a core for a fixed refrigerant
outlet temperature over a range of low pressure drops, in both parallel and counter flow
configurations, the core volume decreased with increasing pressure drop, as shown in Figure 5-10.
This was caused by an increased mass flux as the number of channels was decreased to increase
the pressure drop. The increased mass flux, lead to an increase in the heat transfer coefficient for
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the water-glycol. Over the range of refrigerant mass fluxes used, the dominate mode of heat
transfer on the refrigerant side was nucleate boiling, and therefore increase mass flux was
negligible. As a competing effect, the entering temperature difference between the two fluids
decreased as a function of increasing pressure drop. This required an increase in heat transfer area
and the core volume. When the model was run over a range of higher pressure losses, this became

more prevalent, shown in Figure 5-10.
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Figure 5-10. Demonstration of the relationship between volume and the
pressure loss for the gasketed plate and frame heat exchanger. Both the core
and manifold volume, as well core volume alone, are shown

At low pressure drops the effect of increasing heat transfer coefficient dominates over the effect

of reduced thermal driving potential which led to an inverse relationship between volume and
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pressure drop. At 5 kPa pressure drop in the counter flow configuration and 15 kPa pressure drop
in the parallel flow configuration, the effect of the two trends were equally balanced, resulting in
an inflection point. After this point the reduced thermal driving potential dominates, increasing
volume with increasing pressure drop.

The plate frame heat exchanger model was optimized for both counter and parallel flow.
The trends described above were observed in both cases. However, for the counter flow case, the
volume was more sensitive to pressure drop via a change in number of plates. This was observed
by the steeper slope seen in Figure 5-10. The counter flow arrangement was more sensitive, and
had an overall optimum volume of 1.73 m?, compared to the less sensitive 1.34 m? core volume
for the parallel flow arrangement. The counter flow arrangement would be preferred for operation
at or near a VCC design point with little fluctuation in operating conditions. However, the parallel
flow core would be preferred for systems that perform over a range of conditions, because this
configuration was less sensitive to pressure drop.

It is counter intuitive that the parallel flow configuration resulted in a smaller volume than
the counter flow case when thinking about single phase heat exchangers. Figure 5-11 shows the
temperature vs position for counter flow and parallel flow heat exchangers. Looking at the single
phase graphs Figure 5-11 (a) and (b), the counter flow case has a larger temperature differential
for the same inlet and out let temperatures. This is shown by the larger area between the
temperature lines in the counter flow configuration. However in the evaporator case, the parallel
flow configuration Figure 5-11 (d) had a temperature profile more similar to the counter flow
profile for the single phase Figure 5-11 (a). Similarly, the temperature profile of the counter flow
evaporator, Figure 5-11 (c), is more similar to the profile of the single phase parallel flow case,

Figure 5-11 (b). The evaporator refrigerant temperature profiles are caused by the decrease in
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saturation temperature of the refrigerant due to a large pressure loss through the core. Because of

the saturation temperature decrease as the refrigerant evaporates, the parallel flow configuration

will result in a smaller volume than the counter flow configuration.
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Figure 5-11. Temperature as a function of position in the core for (a) single phase
counter flow heat exchanger, (b) single phase parallel flow heat exchanger, (c) counter
flow evaporator, and (d) parallel flow evaporator.

The effects which caused the optimum trends were found to be independent of the

refrigerant outlet temperature for the parallel flow configuration and predominantly independent

for the counter flow configuration. Figure 5-12 shows the pressure vs volume relationship for the

plate frame evaporator over a range of refrigerant outlet temperatures. The curves show the same

optimum trend with the optimum points moving in the direction of smaller volume and larger

pressure loss as the refrigerant outlet temperature reduces. For the parallel flow configuration,

Figure 5-12 (a), all curves showed the trends. For the counter flow configuration, Figure 5-12 (b),
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the 6 °C temperature line did not show an optimum because the temperature differential became

so small than any change dominated over the change in heat transfer coefficient.
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Figure 5-12. Plate fame minimization sensitivity to refrigerant outlet temperature. (a) Parallel
flow configuration (b) counter flow configuration.

It is important to note that through this optimization effort the heat exchanger model was

not used far outside of the developed bounds, particularly mass flux. Figure 5-13 shows the volume

of the plate frame heat exchanger as a function of mass flux, along with the associated bounds

tested in the present investigation and bounds valid for the used two phase correlation.
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Figure 5-13. Volume of the plate frame heat exchanger as a function of
refrigerant mass flux. The mass flux bounds tested in the present investigation
are between the purple shading. The mass flux bounds for the heat transfer and

pressure drop correlation used are between the red shading.

The bounds tested in the present investigation fail to cover much of the optimization range.
However the Cooper [32] correlation, which covers everything between 4 kg m™? s and 50 kg m
2 5'! within the presented results, does encompass the optimum value and the majority of the
parallel flow configuration. Therefore the investigation is confident in the accuracy of the results
for the parallel flow configuration. The counter flow configuration lies below the mass flux bounds
of the correlation’s developed range, and therefore the trend is extrapolated, losing some

confidence in accuracy of the results.
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It was also important to ensure that the uniform distribution assumption made in the
modeling effort remained valid through the optimization effort. Large plate stacks are used to
reduce the pressure drop through the evaporator, therefore at low pressure drop ranges, it is
possible for the manifold pressure drop to dominate. However when looking at Figure 5-14 (a) and
(b), the pressure drop through the manifolds remains to be a minimal portion of the total pressure

drop for both configurations, affirming the uniform distribution assumption, even at the low

pressure drop ranges.
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Figure 5-14. Pressure drop as a function of refrigerant mass flux for the plate frame heat
exchanger. The total pressure loss is shown as well as the core and manifold contributions.
(a) parallel flow heat exchanger, (b) counter flow heat exchanger.

5.2.2 Bar Plate Heat Exchanger Results
For the bar plate evaporator, the optimum relationship between pressure drop and volume
was also observed as it was for the plate frame evaporator. In both arrangements, at low pressure

drop ranges, as the pressure drop increased via channel number reduction, the core volume

decreased. Then at larger pressure drop ranges, the volume increases with increasing pressure drop,

all shown in Figure 5-15.
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Figure 5-15. Demonstration of the relationship between volume and the pressure loss
for the brazed bar plate heat exchanger. Both the core and manifold volume, as well
core volume alone, are shown.

For the bar plate heat exchanger, there was another factor that contributed to the volume
pressure drop relationship. The manifold size relative to the heat transfer core size was significant
at smaller pressure drop ranges where the heat exchanger had many plates that were short. As
channels were added to reduce the pressure drop, the manifolds became larger and the core
shortened and reduced in volume. At lower pressure drop ranges, the change in manifold volume
was greater than the change in core volume. At the minimum volume and greater pressure drop
ranges, the core volume becomes significantly larger than the manifold volume, resulting in the
change in manifold volume being less significant. Around the minimum this was the driving

relationship for the bar plate evaporator, rather than the changing driving potential and heat transfer
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coefficient. With the manifold volume removed, as the pressure drop increased via channel number
reduction, the core volume always increased, Figure 5-15 shown with the dashed lines. This leads
to the conclusion that the decrease in temperature driving potential always dominates over the
increase in heat transfer coefficient, when the pressure loss is increased. At greater pressure drop
ranges, the decreased temperature driving potential is the dominating factor, even when the
manifold volume is included.

When comparing the parallel flow to counter flow cases at a refrigerant outlet temperature
of 5.5°C, the minimum volume of the parallel flow arrangement, 0.123 m?, was smaller than that
of the counter flow arrangement, 0.164 m®. In single phase flow, the counter flow heat exchanger
will always have a smaller required heat transfer area due to a larger log mean temperature different
compared to a parallel flow counterpart. However because of the saturated temperature decrease
of the two phase refrigerant due to pressure drop, the parallel flow arrangement in this investigation
will have a larger log mean temperature difference leading to a smaller required volume. In a
similar manner as the plate frame heat exchanger, the parallel flow bar plate evaporator was less
sensitive to an increase in pressure drop as shown by the flatter slope in Figure 5-15. Therefore,
when considering which orientation should be used when designing an evaporator, the parallel
flow case will likely be preferred to minimize volume. This is because the rate at which the volume
increases with increasing pressure drop was less than that of the counter flow case for the same
outlet refrigerant temperature.

The effects which caused the optimum trends were found to be independent of the
refrigerant outlet temperature for the parallel flow and counter flow configurations. Figure 5-16
shows the pressure vs volume relationship for the bar plate evaporator over a range of refrigerant

outlet temperatures. The curves show the same optimum trend with the optimum points moving in
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the direction of smaller volume and larger pressure loss as the refrigerant outlet temperature

reduces. For both flow configuration all curves showed the same trends.
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Figure 5-16. Bar plate minimization sensitivity to refrigerant outlet temperature. (a) Parallel
flow configuration (b) counter flow configuration.

Like the plate frame heat exchanger, it was important to ensure that the optimization effort
remained within the model developed bounds. The tested conditions for the present investigation,
as well as the boiling heat transfer correlation used, covered a majority of the parallel flow trend,
encompassing the minimum volume, see Figure 5-17.The counter flow trend was also mostly

covered by both the experimentally tested and correlation tested bounds but the minimum value is

near the lower end of both bounds.
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Figure 5-17. Volume of the bar plate heat exchanger as a function of
refrigerant mass flux. The mass flux bounds tested in the present
investigation are between the purple shading. The mass flux bounds for the
heat transfer and pressure drop correlation used are between the red shading.

It was also important to ensure that the uniform distribution assumption made in the
modeling effort remained valid through the optimization effort. Large plate stacks are used to
reduce the pressure drop through the evaporator, therefore at low pressure drop ranges, it is
possible for the manifold pressure drop to dominate. However when looking at Figure 5-18 (a) and
(b), the pressure drop through the manifold remains to be a minimal portion of the total pressure
drop for both configurations, affirming the uniform distribution assumption, even at the low

pressure drop ranges.

125



50 20

45 18

40 } Total 16 } Total
Plate Plate

Header

17
wn

Pressure Drop [kPa]
5
Pressure Drop [kPa]
"
=}

—Header

173
=]
o
(]
T

(%]
=]

«®
T

—
wn

[

=)
T

-

wm
~

>
=l

5 25 45 65 85 105 15 25 35 45 55
Mass Flux [kg m2 s1] Mass Flux [kg m2 s°!1]

(@) (b)
Figure 5-18. Pressure drop as a function of refrigerant mass flux for the bar plate heat
exchanger. The total pressure loss is shown as well as the core and manifold contributions.
(a) parallel flow heat exchanger, (b) counter flow heat exchanger.

This chapter presents the results for the correlations tested in the plate frame and bar plate
models against experimentally collected data, and the results of the evaporator volume
minimization effort for a standard vapor compression cycle. It was found that for the plate frame
model the combination of Cooper [32] boiling heat transfer, Maslov and Kovalenko [35]
refrigerant single phase heat transfer, and Muley [39] water-glycol heat transfer correlations,
resulted in the most accurate model. For the bar plate model the combination of Kuznetsov et al.
[49] boiling heat transfer, Tran et al. [54] boiling pressure loss, and Garimella [57] single phase
refrigerant heat transfer and pressure drop, as well as Hartnett and Kostic [83] water-glycol heat
transfer correlations, resulted in the lowest model error. When the models where used to size the
evaporator in the standard vapor compression cycle, both the plate frame and bar plate heat
exchangers had an optimum value. In both heat exchangers the parallel flow configuration resulted
in a lower volume than the counter flow configuration and the bar plate always resulted in a smaller

volume than the plate frame heat exchanger.
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Chapter 6. Conclusions

The present investigation utilized two heat exchanger sizing models to determine the
minimum volume required for a vapor compression evaporator. The models were developed to
size the cores for an aluminum brazed bar plate evaporator and a gasketed plate and frame
evaporator. A simple vapor compression cycle was modeled to determine the boundary conditions
of the evaporator. All cycle state points remained constant except the evaporator inlet to allow for
a constant compressor and condenser design.

The first step to completing the objective of the present study was to develop a validated
heat exchanger model for a plate frame evaporator. An evaporator in a turbo-compression cooling
system test facility with R134a working fluid and water-glycol coolant was used to collect data for
model validation. The model used empirical correlations found in the literature to determine the
required length of the heat exchanger core and the refrigerant side pressure drop. Wilson plot
experiments were conducted to determine the water-glycol side heat transfer coefficients and the
Muley [39] correlation was most accurate when compared to the other correlations tested, with a
22.8% MAE. Several boiling and single phase heat transfer correlations were tested in a matrix for
the refrigerant side heat transfer, resulting with the most accurate combination being the Cooper
[32] boiling heat transfer, Maslov and Kovalenko [35] single phase correlation. The final heat
exchanger model predicted the heat exchanger length to a MAE of 7.9%. The model used the
Huang et al. [19] correlation to determine the refrigerant side pressure drop, but was not validated
due to high uncertainties in the pressure drop measurement.

The next step was to develop and validate a bar plate heat exchanger model. Wilson plot
experiments were performed to determine an accurate water-glycol side heat transfer correlation.
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However, the uncertainty of experiments were too large for accurate comparisons. Therefore the
water-glycol heat transfer coefficient was assumed using the Hartnett and Kostic [83] correlation.
The correlation was selected because of its development for similar geometric parameters and fluid
properties. The Kuznetsov et. al. [49] correlation was used to predict the two-phase boiling heat
transfer, while the Garimella et al. [57] correlation was used to predict the single phase refrigerant
heat transfer. The model was then used to predict the heat exchanger width for a fixed heat transfer
rate. The model consistently under predicted the width by 34%, implying that the model was over
predicting the heat transfer coefficient. To bring the average predicted width equal to the actual
heat exchanger width, a correction factor was applied to the refrigerant side heat transfer
coefficient. The correction factor was 0.61 and the resulting MAE was 14.2% with 92% of the data
within +25% error. The refrigerant side pressure loss was modeled using the Tran et. al. [54]
boiling pressure loss correlation. The model predicted pressure drop for the pressure side to a MAE
of 14.0% with 85.7% of the data within +25% error.

The bar plate evaporator resulted in a smaller optimum volume than the plate frame heat
exchanger, 0.123 m?® compared to 1.34 m’, respectively. This was expected due to the higher
surface area to volume ratio of the bar plate evaporator compared to the plate frame. The minimum
volume occurred in the parallel flow arrangement for both the bar plate and plate frame designs, a
counter intuitive result as compared to single phase flow experience. In single phase flow, the
counter flow heat exchanger will always have a smaller required heat transfer area due to a larger
log mean temperature different compared to a parallel flow counterpart. However because of the
temperature decrease of the two phase refrigerant due to pressure drop, the parallel flow
arrangement in this investigation will have a larger log mean temperature difference leading to a

smaller required volume. For both heat exchangers the parallel flow arrangement was less sensitive
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to pressure drop increases through the core, which could be important during off design operation.
For systems that endure a varying heat load or operating conditions, the pressure loss through the
evaporator may vary as well. In the counter flow arrangement of the evaporator, a slight deviation
from the optimal pressure loss will result in a large change in required volume, and because these
are fixed volume devices, the evaporator will not be able to transfer the required heat. In the
parallel flow case this effect would be much smaller and will result in lower degradation.

Additional future work will consist of model validation with larger experimentation data
sets. The current data set is small and future experiments may be required to reduce model error,
incorporate a dimensionless parameter rather than the correction factor, or to test new correlations
for single and boiling flow in the both heat exchangers. Future experiments should be conducted
with a differential pressure transducer across the inlet and outlet of the refrigerant side of the plate
frame heat exchanger, and a more reliable flow measurement device should be used on the water-
glycol side of both heat exchangers. These changes would reduce the uncertainty in the refrigerant
pressure drop and water-glycol mass flow rate calculations, leading to the ability to validate the
plate frame pressure drop model and bar plate water-glycol heat transfer.

The present work can be used in future investigations or design situations to quickly
determine the required size of evaporators. Both the plate frame and bar plate models allow for
easy operation and parametric study, so investigations into performance and space tradeoffs of

advanced chiller systems can be performed easily.
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Appendix

The following appendix provides a hand calculation to validate the heat exchanger
models and vapor compression cycle, all calculated in EES.

A.1. Bar Plate Heat Exchanger Calculations

Table A-1. Input parameters use in bar plate heat exchanger hand calculation.

Refrigerant fluid parameters

Parameter Name Parameter Symbol Value Units
Change in Pressure AP; 9.96 kPa
Inlet enthalpy irinix[1,1] 73.8 kJ kg'!
Inlet Pressure Prin P[1,1] 528 kPa
Inlet Temp Trin T:[1,1] 16.1 °C
Mass Flow Rate per M. 0.00796 ke 1
channel
Outlet Enthalpy iro ir[8,1] 261 kJ kg!
Outlet Temp Tro 18.4 °C
Saturated Liquid i 755 KJ kg
Enthalpy
Saturated Vapor 260 W'
Point Temp T:3,2] 17.3 °C
Point Temp T:3,3] 17.3 °C
Point Temp Ti4,4] 17.2 °C
Point Enthalpy ir[3,2] 96 kJ kg!
Point Enthalpy i[3,3] 101 kJ kg!
Point Enthalpy i[4,1] 135 kJ kg!
Point Pressure P:[3,2] 525.8 kPa
Point Pressure P:[3,3] 525.6 kPa
Point Pressure P.[4,2] 524.2 kPa
Point Quality X:[3,2] 0.111 -
Point Quality X:[3,3] 0.136 -
Point Heat Transfer ql4,3] 0.0497 kW
Water-Glycol Fluid parameters
Parameter Name Parameter Symbol Value Units
Inlet Temp Tgin To[8,4] 19.4 °C
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Mass Flow Rate Mg 0.132 kg s
Outlet Temp Too To[1,4] 18.7 °C
Specific Heat Cpe 3.85 kJ kg''K!
Point Temp Ts[2,1] 18.7 °C
Point Temp Ts[3,1] 18.9 °C
Point Temp Ts[4,1] 19.0 °C
Point Temp T,[5,3] 19.0 °C
Heat Exchanger Geometric parameters

Parameter Name Parameter Symbol Value Units
Fin Height Fh 0.003 m
Fin Pitch Refrigerant Fp: 941 X 10°° m
Fin Pitch Water-glycol Fp, 747 X 10°° m
Fin Thickness Ft 1.5X 103 m
Horizontal saturated :
liquid coordinate It 2 )
Horizontal saturated )
Vapor coordinate Je 4 )
Refrigerant Channel
width.1,2,3 Wre 0.025, 0.050, 0.075 m
Total Horizontal )
coordinates o 4 )
Total vertical
coordinates o 8 )
Vertical saturated
liquid coordinate @ ! )
Vertical saturated

Zg 7 -

Vapor coordinate

139




Table A-2. Bar plate property distribution calculation.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Sub-cooled . .
M (i —i. 0.00796-(75.7—-73.8 7.45 7.56
heat transfer qlz, j1= M glL,1]= 5 > ) X103 | X103 kW
rate ZatJ '
Boiling heat M (i —i,)z 0.00796-(260—-75.7)-3
transfer rate qlz, j1=——3 (i) q13.11= = +1( )
R .. - 0.0373 | 0.0389 | kW
J 2 (D) =i = ez 43 ()-7-38
Superheated T ( o
M, -(ilz. jl-i,) 0.00796-(261.3-260) 3.64 | 345
heat transfer qlz, j1= — ql8,1]= ) ] kW
rate (z,—24 ) Ju (8-7)-3 X103 | X103
Refrigerant
Enthalpy dlz. j1 =1, (i 2. /112 j +1) 746x107 =0.00796-(738-i[1,2]) | 748 | 747 |kJkg'
change, +j
direction
Refrigerant
Enthalpy dlz, j1=rm, -(ilz, j+11-[z, 1) 49.7x107 = 0.00796-(i,[4,2]-123) 129 | 128 |KJke!
change, -j
direction
Water-glycol
temperature | glz. jl=1i,-Cp,-(T,[z+1, j1-T,[z. jl) 0.0373=0.123-3.85-(7,[1,4]-18.9) 188 | 190 | °C
change
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Control
volume
Effectiveness
+j Direction

qlz. j1=Cpyy - €lz. j1-(T,[2+1, j1-T [z, j])

7.46x107 =0.0111-¢[1,11-(18.7-16.1)

0.253

0.258

Control
volume
Effectiveness
-j Direction

qlz. j1=C,,, -elz. j1-(T,[z+1. j1-T [z, j+1])

49.7x107 =0.472-£[4,3]-(19.0-17.2)

0.0602

0.0585

Refrigerant
Pressure

Distribution
+j Direction

Plz, j+11= Plz, j1-APlz, j]

P[3,3]=525.8—-0.244

525.6

225.6

kPa

Pressure
Distribution
-j Direction

Plz,j+1]1=Plz, jl+AP[z, j]

P[4,3]1=524.3+0.244

524.6

524.5

kPa

Chmin Single
phase

C,. [z j1=min(M [z, j1-Cp,[z. j1.M, - Cp,)

C.[L1]= rnin(0.00796 -1.39,0.123- 3.85)

0.0111

0.0111

kJ K1

Cuin Two
phase

C,.[z. j1=min(M,[z. j1-Cp,[z. j1.M, -Cp,)

C..[32]= min(0.00796 -00,0.123- 3.85)

0.472

0.474

kJ K1

Average CV
Temp

_Llz j1+ Tz, j+1]
2

7—;,ave[z’ ]]

T [3.2]= 17.3+17.3

r,ave

17.3

17.3

°C

Average CV
Pressure

~_ Plz, j1+Plz, j+1
P [z j]= [z, /] 2[ J+1]

Pacl3.21= w

525.7

525.7

kPa

Average CV
Enthalpy

. R AFAYIESA VAN R
lr,ave[za.]]: r[ ]] 2[ / ]

i [3,2]:M

r,ave

98.4

98.5

kJ kg!

Average CV
Vapor
Quality

o xlz jl+x [z, j+1
e 1z, 71 2[ J+1]

X [3.2]= 0.111+0.136

T,ave

0.124

0.124
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Table A-3. Bar plate two phase refrigerant heat transfer coefficient calculations. The Kuznetsov et al. [49] correlation was used.

EES. Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Refrigerant
channel
W, 1.89 1.89
A =W -FH —-FT -FH A =0.075-0.003 - — -150x10°°-0.003 ) ) 2
Cross o =Wer FH, =0 FT-FH, oax10° x104 | x104 | ™
sectional
area
Refrigerant W 0.075
Channel Per; = Z(W/Cr +FHr)+2' o FHr Pe}'; = 2(0075+0003)+2W0003 0.634 0.634 m
Perimeter f 8
Refrigerant
channel _4-A, 4.1.89x10™ 1.19 1.19
Dhr = h =— m
hydraulic Per. ! 0.634 X104 | X10*¢
diameter
Rlezf Tigerilm p, -zl o2l 0.128 | 0.128
eauce red B:ril red 4058 . . -
Pressure
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Refrigerant

iqui 4-0.00796
liquid e, = — 234 234
Reynolds " 0.634-215%10
Number
Refrigerant _
: 4-0.00796
vapor — e, = — 4320 4330
Reynolds Per- ©0.634-11.6x10
Number
Refrigerant
4-0.00796
Weber e = 5.52 5.52
0.634-0.00909
Number
Two phase 6
heat transfer o comves = M 0.321 | 0.322
. w 1.19x10™
coefficient
124
Enhanceme F= {1 +X F= {1 +0.95-3.44- (—0 ~1 587 | 5.88
nt Factor 25.3




Suppression

S =(1+055-F*'- R’ S =(1+0.55-5.87"-234°1°)" 0.389 | 0.389
Factor ’
Secondary 12 12
: A=1+ - A=1+ '
Suppression exp (0_ 8- W ) exp (0.8 .5.50035 ) 1.28 1.28
Factor
Nucleate 0.55. PO‘25 075 O 55 40580.25
_ . r,crit . . g _ . . 0.75
boiling heat b W (q IOOO) wab 1010875 102015 '(0‘0994'1000) 0.551 0.551
transfer 02 0.8°2-(0.14+2.2-0.128
coefficient sr02-(0.14+22-R,,) 0.8%-(0.14+2.2-0.128)
Refrigerate
ide h 0.5
Slde eat hr = Y ) ((A "8 hr nb )2 + (F ’ hrt convec )2 ) 2 2\ 1'40 1'50
transfer : . h =079-((1.28-0389-0.552)" +(5.87-0321)’ )
coefficient
Refrigerant -6
FT 150%10
=2-W _-L |1-—< =2-0.075-0.0969| | - ——— . .
Channel A, i m( FP,] A, ( 04 1x1 O‘GJ 0.0122 | 0.0122
base area

144




Refrigerant 581 581
.=2-L -FH - =2-0.0969-0.003 2
fin area e =2 b FH, e x10¢ | x10¢ | ™
Refrigerant -1 ,.
W 0.075
Thermal R = {hr -(Aw +17 Ag ﬁﬂ R = [1.40 . (0.0122 +0.746-581x10" - - ﬂ 15.3 153 | KkW!
resistance r 94110
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Table A-4. Bar plate Refrigerant two phase pressure drop calculations. The Tran et al. [54] correlation was used.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Refrigerant
liquid only fo= 64 64
=5 =— 0.274 | 0.274 -
friction ! Re,, Ju 234
factor
Refrigerant
vapor only fo= 0.316 0.316
T 5005 =—— 0.0390 | 0.0390 -
friction Y Re)” Jex 4320°%
factor
Change in 2
Ju Lo M, 0.274-0.0969-0.00796°
liquid onl P, = — = ) ) i 0.0158 | 0.0159 | kPa
q ¥ ' 2.Dh A’ - p,, -1000 “2.0.00119-0.000189% -1240-1000
pressure o
Change in "2
Jov Leg M, 0.039-0.0969-0.00796°
1 AP, = — = ) ) ) 0.110 | 0.111 kP
vapor only " 2:Dh-A - p,,-1000 " 2.0.00119-0.000189” -25.3-1000 ?
pressure o
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— f;',v ’ pr,l

0.039-1240
2 yal r’ =" 6.96 6.98 -
I"value Ay 0.274-25.3
0.5 0.5
Confinement (GJ [ 0.009090 )
number oo N8 (Pa=p) o, \98:(1240-253) 0.734 | 0734 | -
Dh, 0.00119
Two phase
gy AP =0.0159
Frictional | Ap —ap 457 | 0439 | kPa
Pressure (1+(C-F 1) (Mo (1= )™ x4 1)) (1+(43-696-1)-(0.734-(1-0.95)" 095" +095")
drOp : +( ’ - : conf ( - ) ’ +
Bl B1=1+O.12-(1—Xin)~(ﬁ+iJ Bl=1+0.12-(1—0.920)-(0'920+1_0'92()) 1.00 1.00 | m3kg!
Parameter Pry o 253 1240
0.25 )
B2 B 1~18'(1—Xm)'(g'0'(/0r,1 _pr,v)) oy 118-(1-0920)(98-000909-(1240-253))" | 3¢ 136 s’m!3
Parameter - M?-p% B 0.00796" -1240° kg?
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Void _ Xy o = 0.92 266 265
fraction in " p..-(Bl+B2) " 25.3-(1.00+136) X10°¢ | X106
Al o (1-X, )  (1-0.92) 513 | 516 | .,
Parameter Cpu(1-&,) ~1240-(1-0.000266) X106 | X106 8
X2 2
A2 A= __ 0% 126 | 126 | mkg!
Parameter Prv Ein 25.3-0.000266
1-X : ~0.
B3 B3=1+0.12-(1- X, )| Zou 4 17 Xou B3=1+0.12-(1—0.977)~(@+1 098) 100 | 1.00 | mkg!
Parameter yom o 253 1240
0.25 5
B4 1'18'(1—X0m)'(8'0'(/0r,1 _pr,v)) 1.18-(1-0.977)- (9.8-0.00909 - (1240 - 25.3))" s*m!
B4 = , B4 = . 349 | 391 _2
Parameter M?-p 0.00796 - 1240 kg
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Void _ Xou e = 0.977 1.08 | 1.08
fraction in o Pry” (33 + B4) M 253, (1 00+ 34.9) X103 X103
A3 oo =Xy, ) ~ (1-0.980)° 337 | 323 |
Parameter “ o (1-e) " 1240-(1-0.00108) X10° | X10° 8
X 2
Ad A4 =—>— ___ 0% 35.1 351 | mkg!
Parameter Pry* Eou 25.3-0.00108
2
Acceleration _ AF s = 0:00796-0.001 576 | 786 | o
pressure loss | AP, =M 0.001-((A3+A4)—(Al+ A2)) .((337x10” +1.08x10°)~(5.16x10° +126))| X106 | X10°
Total AP =0.457+-5.76x10°° 0457 | 0457 | kPa

Pressure loss

AP = AP + APr,accel

r r,fric
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Table A-S. Bar plate single phase refrigerant heat transfer and pressure drop calculations. The Garimella et al. [57] heat transfer

correlation, and Churchill [65] friction factor correlation were used.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Refrigerant
channel
W . 1.89 | 1.89
A =W _-FH ——=-FT -FH A =0.075-0.003 - 150x10°° -0.003 ) ) 2
CI:OSS er cr r FPr r r er 941 x 10—6 x X10-4 X10-4 m
sectional
area
Refrigerant W 0.075
Channel Pel’; :2'(W/C’r +FHr)+2' F; F‘I'Ir Perr = 2(0075+0003)+2m0003 0.634 0.634 m
Perimeter ' .
Refrigerant
channel _4-A, 4.1.89x10™ 1.19 1.19
Dhr — h = m
hydraulic Per. ' 0.634 X104 | X104
diameter
Refrigerant .
4-M 4-.0.00796
Reynolds Re = . e, = — 4320 4320 -
Per-u " 0.634-11.6x10
Number r
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16 16

A parameter 42.683 42.683 3.96 3.95
A=|2.2088+2.457 In| === A=|22088+2.457 In| =
in Churchill [ ’ n[ R D ( n(43200-9 D X108 | X101
B parameter 5 _[37530)" 5_(37530)° 1.07 | 105
in Churchill L Re, 4320 X105 | X10'
F 12 1712 112
. t. 12

rietion Feg|| 3] v 1 F =8 ( i j s 1 | | 0105 | 0105

Factor Re,) (A+B)" 4320/ (396x10" +1.07x10")"

Nussel fd | Mo =8235-(1-2.0421-Z+3.0853- Z° | N, =8.235-(1-2.0421-0.04+3.0853-0.04} | _
usse . .
—2.4753-7° +1.0578-2* —0.1861-Z° | —2.4753-0.04° +1.0578-0.04* —0.1861-0.04

5V3 413
Dh 0.00119
0468-—.Re -P 0.468- -4320-0.828
Nussell | wo _| e o w o Nuy =| 7.60° + hoer 9.08 | 9.07
1~ FD 2/3 0.00119
Dh ( ~4320-O.828j -0.165+1
(W'Rer -Prr) -0.165+1 0.963
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Nussel T Nu, =0.012-Re® - Pr’* -(1+ (%)2/3) Nu, =0.012-4320%% .0.828"* -(1 +(%)2’3) 1442 | 14.4
501
Nusselt CXP(M] Nu. =19.08'° + [3609_22320) +14.47 14.19 | 14.19
Number Nu, ={ Nu)’ + 922 > /. Nu;’ AR 9.08 ' ) )
Nu,
Heat
Nu_-K . -6
transfer he=—p = s 13'8;( }60 0.164 | 0.167
Coefficient ! 119010
Refrigerant -6
FT 150x10 2.12 2.12
h 1 =2-W _-L |1-—= =2-0.075-0.0168| | -———— ) )
lf; s Ao =2 W ( FP ] Ao ( 941x10_6] X10° | X10°
Refrigerant A, =2-L_-FH A, =2-0.0168-0.003 101 101
fin area ’ ’ ’ X106 | X10¢
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Refrigerant

-1
W, :
Thermal er{hr-(AbH]rf-Arf- = ﬂ R :|:0.164-(0.00218+0.999-101x106~ 0075 )} 601 602 | KkW-!
. ’ ~ 7 FP ' 941x10°
resistance r
Refri t .
efrigeran F-L, M} 0.105-0.0168-0.00796 521 | 521
Pressure ) = 3 ) = > 3 3 kPa
2-Ac; - p, - Dh,-1000 2-0.0001897-25.0-0.00119-1000 | X107 | X10
Changer
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Table A-6. Bar plate water glycol heat transfer calculations. The Hartnett and Kostic [83] correlation was used.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Water-glycol
channel
L 0.0963 2.31 231
= ot . _ : -6 . .
Clzoss A,=L, FH, - FT,-FH, A, =0.0963-0.003~— == -150x10°-0.003 | o0 | ST m’
sectional &
area
Water-glycol I3 0.0963
Channel Per,=2-(L,, +FH,)+2-—% . FH, Per. =2-(0.0963+0.003)+2- ———-—.0.003 | 0972 | 0972 | m
Perimeter £ 74710
Water-glycol
4-A . -4
channel Dh = - Dh — 4-2.31x10 9.50 9.51 m
hydraulic £ Per, r 0.972 X104 | Xx10*
diameter
Water-glycol .
4-M 4-0.123
vapor Re, = g e = —~ 158 158 -
Reynolds Per- p, © 0 0.972-3.21x10
Number
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Friction

F, =64/ Re F,=64/158 0.406 | 0405 | -
Factor
Nu, =8.235-(1-2.0421-2+3.0853-2°
NN“SS;“ & 3 ( 4 ) 574 | 574 i
umber Nu, =8.235-(1-2.0421- Z +3.0853- 73 —2.4753-2° +1.0578-2" —0.1861-2
—2.4753-7° +1.0578-Z* —0.1861-Z°
Heat
Nl/t ‘K . -6 k 2
transfer hy=—f = p, =212 44010 2.66 | 2.66 ‘;V(‘:’
Coefficient £ 95010
- L
Water-glycol Ay =2-| W, L, ——=-FT,-W,_, A, = 2~(0.025-0.0963— P9 5010 -0.025 385 383 m?
base area : ¢ Fp, ’ ‘ 747 %10 X103 | X103
Water-glycol 150 150
=2-W. -FH =2-0.025-0.003 2
fin area the =2 Weg FH, e x10¢ | x10¢ | ™
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Water-glycol
thermal
resistance

R = [2.66 . (3.83 x107 +0.99-150x10° -

0.0963

747 x10°°

]

24.1

24.1

KkwW-!
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Table A-7. Bar plate thermal resistance network calculations.

(exp(~Cr-NTU[z., jI"" ) -1)

-(exp(-0.0234-0.293"") -1)

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Single Phase 15010
. wal X
wall R,.[z j1= — R, ,[1,1]= 0.263 | 0.262 | KkW!
: Kyar Ll 2, J1- W, 0.159-0.144-0.025
resistance
Single Phase , 1 1 3.25 3.25
UAlz, jl1= , , , UA[L1] = kWK1
UA R [z, j1+ R,ulz, j1+ R,[z, j] (1] 277 +0.0657 +31.1 X103 | X103
Single Phase - UAlz, j] 3.25x107°
NTU|z, jl=—7F—— NTU|[z, jl=——— 0.293 | 0.293 -
NTU Conl 2. /] SRR TR T
1 NTU[ .]0.22 O 2930.22
. —_— Z, J * .
Single Phase |\ 1 _|_exp| Cr £[1,1]1=1—exp| 0.0234 0.253 | 0.253 -
Effectiveness
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Two Phase

) 0, 6
wall Roulz j1= e R,l3,2]= 15010 0.119 | 0.119 | KkW-!
. Ky - L2, J1-W, 0.159-0.159-0.050
resistance
Two Phase . 1 1 24.6 24.6
UAlz, j]1= ; : ; UA[3,2] = KWK
UA Rlz j1+Rolz /14 R [z )] .21 s 05 0119+156 X10° | X107
Two Ph . UAlz,j . B 51.5 58.2
wo Phase NTU[z j]= [ ]1 NTU[3.2] = 24 6><10_ i . ]
NTU C..lz, j] 422x107° X10 X10
Two Phase . . 3 50.0 56.6
glz, j1=1—-exp(—NTU]| z, 3,2]=1- —51.5x10™ -
Effectiveness 2] p( 2 J]) ¢13.2] exp( 8 ) X103 | X103
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Table A-8. Bar plate results calculations.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
j=4 z=3 j=4
DLW+ D D LI 1 W,
Weighted j1 =2 1
. 0.796-0.025+1.15-0.05+1.74-0.075
Average +§§L [1, j1-W, " 00,025+ 2-0.050+5-0.075 0415 1 0416 | m
Width FM:IC,J s -0.025+2-0.050+5-0.
T LW 2 W, 5 W,
Core
Pressure AR, . =AR, +AP, ., +AF,, AP . =5.72+0.61+3.63 9.96 9.96 kPa
drop
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A.2. Plate Frame heat exchanger model hand calculations

Table A-9. Input parameters used in plate frame heat exchanger hand calculation.

Refrigerant fluid parameters

Parameter Name Parameter Symbol Value Units
Change in Pressure AP; 2.15 kPa
Inlet enthalpy Irin ir[21] 71.4 kJ kg'!
Inlet Pressure Prin Pe[21] 485 kPa
Inlet Temp Tiin Tx[21] 14.2 °C
Mass Flow Rate per i 0.00114 ke 1
channel
Outlet Enthalpy iroir[1] 259 kJ kg'!
Outlet Temp TioTo[1] 14.75 °C
]S;tt‘;;z;eyd Liquid sl 71.9 KJ kg'!
;‘;‘;‘;‘:;Leyd Vapor ey 259 k] kg’
Water-Glycol Fluid parameters
Parameter Name Parameter Symbol Value Units
Inlet Temp Tgin Tg[1] 159 °C
Mass Flow Rate Mg 0.293 kg s!
Outlet Temp Teo Tg[21] 15.75 °C
Specific Heat Cpe 3.84 kJ kg''K'!
Heat Exchanger Geometric parameters
Parameter Name Parameter Symbol Value Units
Plate Spacing Ps 2.57 X 107 m
Chevron Angle S /3 Rad
Saturated liquid )
coordinate Jd > )
Saturated Vapor .
coordinate I 3 )
Plate width w 0.43 m
Total Coordinates Jh 20 -
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Table A-10. Plate frame property distribution.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Sub-cooled . .
M, (i, —i[21]) 0.00114-(71.9~71.23) 154 154
eat transfer qljl ey q120] 20-15 X10¢ | X10-¢ W
rate
Boiling heat M (i, i 0.00114-(259-71.9
transfer rate qljl= # q[15]= ( ) 0.0177 | 0.0178 | kW
-]sl ]sv 15 - 3
Superheated (s .
M, -(il1l-i,) 0.00114-(258.9-258.6) 19 | 119
h f 1= ” — k
eat transfer qlJjl - qll] 3 X10° | X106 W
rate Y
effectiveness : gl j] 0.0177
eljl= g[15] = -
Con (T L1-T.[j+1]) 1>l 1.12-(15.8-14.7) 0.0146 | 0.0144
Refrigerant .
- I 0.0178
Enthalpy L[j+1=6iljl- M i[5]=259- 243 243 | kJ kg!
m, 0.00114
Change
Water-glycol .
. ) 0.0178
T + 1 = T +—— = B — o
temperature g[] ] g[]] Mg -Cpg Tg[5] 159+ 0.293.3.84 15.9 159 C
Change

161




Table A-11. Plate frame refrigerant two phase heat transfer coefficient calculation. The Cooper [32] correlation was used.

EES. Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Cross
. _ _ 1.11 1.11
Sectional A,=W-PS A, =0.43-0.00257 X102 X102 m?
Area
Wetted Per =2-(W + PS) Per;, =2-(0.43+0.00257) 0.865 | 0.865 | m
Perimeter ’
Hydraulic by = A 4-1.11x107 5.12 5.12
r = m
Diameter Per,, r 0.865 X103 | X103
Heat 0.12 —0.55 -0.55
h =0.0055-Pr.. " -(-log( Pr h =0.0055-0.109"'2 .(—loe (0.1
Transfer r o (log(Pry)  =0.0055-0.109*(~log (0.109)) 0.607 | 0.607 | kwmeK:
Coefficient .Mv‘/r—o.S A q 10.67 . 102—0.5 . 16400.67
Refrigerant 1 1
Th 1 R=——— R = 13.27 13.3 | KkW!
erma h-L-W " 0.607-0.144-0.43
Resistance
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Table A-12. Plate frame refrigerant two phase pressure drop calculation. The Huang et al. [19] correlation was used.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Two phase P e TA=X)- 5 o 200834 (1200830 2 | 459 | 459
viscosity Px (%_%F# ° 0.0834 (51 — 15 ) + 120 X10¢ | X106
Refrigerant M 0.00646
G =—— G, = 584 | 582 |kgm?s!
Mass Flux A, *0.00111 sms
Equivalent
G, -Dh, . -3
Reynolds Reeq,r = e, = 5.84 512><_})0 651 651 )
Hep ¢ 459x10
Number
FR 2 2
FR :0.183-(£j —0.275-(£j+1.1 FR :O.ISS-(QJ —0.275-(@j+1.1 1.28 1.28 -
Constant 30 30 30 30
Two Phase F= 38100- FR 38100-1.28
Fl’iction 0.9 Py 0.16 = 0.9 0.16 74.9 74.8 -
Factor Reeg- (T) 6517 (%)
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Two Phase

) B 1 1 1 _ 1 . 1 4.60 4.60 )
Specific w=X (P =p)+ P V,, =0.834-(21.6" —1250" ) +1250 <10° | xy00 | mke’
Volume

Frictional 5 3
Pressure _2 L Ap  _2749:0.132:584”-4.6x10 606 606 IPa
M 5.12x107 -1000 X107 | X10°
Drop
Acceleration 1 AP, = 5.84~i~ 11 .0.001 119 119 KPa
Pressure loss : 13 (21.6 1250 X10°¢ | X10
itati 9.8-0.132
Gravitational 0.281 0.281 kPa

Pressure loss

f)r rav -3
* 4.6x107-1000
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Table A-13. Plate frame refrigerant single phase heat transfer coefficient and pressure drop calculations. The Maslov and Kovalencko

[35] correlation was used.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Cross
) _ _ 1.11 1.11
Sectional A,=W-PS A, =0.43-0.00257 x10° | x10° m?
Area
Wetted Per=2-(W +PS) Per,, =2-(0.43+0.00257) 0.865 | 0.865 | m
Perimeter ’
Hydraulic DH. - 4 A, o4 L11x107 512 | 5.12 .
Diameter Per,, r 0.865 X103 | X103
Refrigerant M 0.00114
G =— = . . kgms!
Mass Flux T A, *0.00111 1031 102 ) kgms
Refrigerant .
4-M . -3
Per. - 11, 0.865-222x10~
Number




Refrigerant

Nusselt Nu_=0.78-Re" - Pr"” Nu, =0.78-23.7°7.3.48'" 5.75 5.75 -
Number
Heat
Nu_-K . -6
Transfer h. = l;h - ] _275 828‘31X130 0.0992 | 0.0992 | kWmK'
Coefficient f 5.12x10
Thermal 1 1
L = R = 3390 | 3390 | KkW-!
Resistance h-L -W-2 " 0.0992-0.00348-0.43-2
Single Phase
Friction f=0.6857-Re,*'” f =0.6857-23.7""" 0.398 | 0.398 -
Factor
Frictional 2
b 2-f-L -G 2-0.398-0.00348-1.027 4.57 445 P
ressure L — .= a
Drop e = Dh, -1000 " = 1250.5.12x10 " -1000 X107 | X10°
Gravitational p.- gL, 1250-9.8-0.00348
p,=f° = AP =
Pressure loss e = 1000 ) eray 1000 0.0424 | 0.0426 | kPa
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Table A-14. Plate frame water-glycol heat transfer coefficient calculations. The Muley [39] correlation was used.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Cross
. _ _ 1.11 1.11
Se;:t;z:al A,=W-PS A., =0.43-0.00257 x10% | x10° m?
pg:,::fer Per=2-(W+PS) Per,, =2-(0.43+0.00257) 0.865 | 0.865 m
Hydraulic by = A _4-1.11x107 5.12 5.12 .
Diameter " Per, T 0.865 X103 | X103
Water-glycol 4. M
: 4-0.293
Reynold Re, = : - 375 375 -
Noebor £ Per, -, 7 0.865-3.61x10°
N l t 0.38 1. 0.38
e Nu, =044 S8 Rets . pyr Nu, =044 ELON T 37505 3168 | 351 | 351 i
Number & T & & g T
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Heat

Nu_-K . -6
Coefficient & 5.12x10
Thermal _ 1 R - 1 112 112 1
Resistance ¢ hL-W-2 " 3.00-0.00348-0.43-2 KEW
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Table A-15. Plate frame thermal resistance network calculation.

EES. Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Single Phase Ax10™
wall Ryljl=——d— R_[20]= . 177 | 177 | KkW!
. A WIR 0.0151-0.00348-0.43
resistance
Single Phase , 1 1 103 103
UA[ j] = ; ; ; UA[20] = kWK1
UA RJ1+ R [J1+R,[]] [20] 9485+17.7 +223 X10° | X10-
. . 6
Single Phase NTU[ j]= UA[J} NTULj] = 103x10 654 | 656 ]
NTU CoinlJ] 1.57x107 X103 | X103
Single Phase Al 1—exp(—-NTU[j1-(1-Cr)) 01— 1-exp(-65.4x107-(1-1.40x10”)) 63.3 63.3
Effectiveness 1-Cr-exp(-NTU[ j1-(1-Cr)) 1-1.40x10" -exp(-65.4x10" -(1-140x10")) X103 | X107
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Two Phase

7] 5wa]] 4 X 10_4 -1
wall R.aljl= , R, ,[15]= 0.815 | 0.816 | KkW
. Ky " LLJ1-W 0.0151-0.0755-0.43
resistance
Two Phase . 1 1 16.7 16.7
UA[j]= 5 X : UA[15] = kWK1
UA R[j1+ R[]+ R,[]] 1] 48.9+0.815+10.3 X103 | X103
Two Ph - UALj . B 14. 14.
wo Phase NTU[ j]= [J? NTU[2] = 16.7x10 9_3 9_’3 ]
NTU C...lj] 1.12 X10 X10
Two Phase ) . 3 14.6 14.8
=1- -NTU 15]=1- —-14.9x10™ -
Effectiveness el exp( []]) el15] exp( 8 ) X103 | X103
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Table A-16. Plate frame results calculation.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
L, =(429+398+0+51.9+54.2+56.0
Predi Zh +57.84+59.6+61.5+63.5+65.5+67.7
redicted L =) L[] 7.84 7.81 m
length = +70.0+72.5+75.5+4.70+4.32+4.00
+3.72+3.48)x10™
Core
Pressure rore = Af;ﬁc + APaccel + APgraV AP(:ore =0.481+0.0001+1.67 2.15 2.15 kPa
drop
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A.3. Vapor compression cycle hand calculation for the bar plate evaporator in counter
flow at 3 kpa pressure drop

Table A-17. Input parameters use in the vapor compression cycle hand calculation.

Refrigerant fluid parameters

Parameter Name Parameter Symbol Value Units
Evaporator Water- .
My eva 16.0 kg s
Glycol mass flow B &%
Condenser Water- .
M con 11. kg s
Glycol mass flow geond ? &%
Water-Glycol Specific A
C 3.82 kJ kg'K
heat Pe 8
Compressor Efficiency Hcom 0.675 -
ComPressor Outlet il1] 234 KJ ke
Refrigerant Enthalpy
Conden.ser Refrigerant e 270 K ke
Saturation Enthalpy
Condenser Outlet
[2 104 kJ kg'!
Refrigerant Enthalpy wl2] 8
Evalforator Inlet i3] 104 K ke
Refrigerant Enthalpy
Evaporator outlet . 1
4 254 kJ k
Refrigerant Enthalpy w4l 8
Isentropic Compressor , 1
rsl 1 275 kJ k
Outlet Enthalpy irsl1] 8
Evaporator Inlet
T,[4 12 °C
Water-glycol Temp el4]
Evaporator Outlet T3] 7 °C
Water-glycol Temp
Inl
Condenser Inlet Toin 29 °C
Water-Glycol Temp
Evaporator
eva 0.800 -
Effectiveness Covap
Refrigerant Specific
heat, Superheated Cp: 1.06 kJ kg'K!
Condenser
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Table A-18. Thermodynamic standard vapor compression cycle.

EES. | Hand
Parameter Equation Evaluated Calc. Calc. Units
Value | Value
Evaporator o _
Heat duty Gevp =My CPgorap '(Tg[4] _Tg[3]) Gevp =16-3.82-(12-7) 306 306 kW
Inlet Geway 306
refrigerant T3]1=T,[4]—— T[(B31=12-———— 5.74 5.74 °C
vevap " CPy * €eva 16-3.82-0.800
temperature gevap T P
Refrigerator Gevap : 306
mass flow M =—— M, =——- 2.05 2.04 Kgs'!
i[4]1-6[3] 254-104
rate
Compressor : .
: i 11-i[4] . 272-254
Outlet i[1]=———+i[4] i[1]=——+254 284 284 kJkg!
Enthalpy com
Convlvr;iissor W, = M, -(i,[11-i[4]) W, =2.05-(284-254) 612 | 615 | kW
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Superheated

Condenser qcond,sh = Mr : (lr [1] - ir,sv ) qcond,sh = 205 : (284 - 270) 27°7 27'9 kW
duty
Superheated Geonar 277
= cond,s] & = ° . B
Condenser € ond;sh M -Cp (T[]-T. cond,sh 1.99-1.06-( 49, 6—29) 0.619 0.637
. r pr r g,in
Effectiveness
Mid
condenser T, =T, eondsh T, =29+ 27.7 20.6 20.6 oC
water-glycol ’ - Cp,-M,, ’ 3.82:11.9
temp
Two Phase _
condenser Geonasp =M, -(im — ir[2]) Geonasp = 2-05+ (270— 104) 339 340 kKW
duty
Two Phase Gy 339
— cond,tp e — )
Condenser Eeond,tp IV cp -(T T ) i =17 9.3 82. (37.2_29. 6) 0.980 0.981
Effectiveness § g \nsvo oem
Coefficient
¢ cop = Jew_ cop=3% 5 5 i
° 2 61.2
Performance omp
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